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PREFACE 


With this issue, The American Society of Lubrication Engineers initiates the publication 
of ASLE Transactions, a new publication devoted to the rapidly growing field of 
lubrication. The Transactions is the outgrowth of the expanding volume of lubrication 
papers which has resulted from an increasing appreciation of the benefits to be gained by 
a scientific approach to the lubrication problems of industry. 

The Transactions will complement the Society’s Journal, Lubrication Engineering, thus 
permitting the Society to better aid and encourage the pursuit and dissemination of the 
basic technical information necessary for solving industry’s problems. 

Initially, The Transactions will be published on a semi-annual basis. This should make 
it possible to provide prompt publication to papers presented at the Annual Meeting 
and the Lubrication Conference. 
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New Retainer Materials for Aircraft Gas Turbine Bearings 


By F. C. WAGNER? and J. T. BURWELL, Jr.’ 


A study of the wear behavior of several classes of potential cage materials for aircraft gas 
turbine bearings was conducted, using a special wear-testing machine to approximate the 


projected service conditions of such bearings. 
It was found that: 


1, Several heterogeneous alloys containing silver as a soft, low shear strength phase showed 
superior wear properties to presently used silicon-containing nickel—copper alloy (‘‘S”’ monel) 
and iron-silicon bronze, even when silver-plated. The latter alloys were used as reference 


cage materials. 


2. The hard, load-supporting phase showing the most promise was a nickel base with 


additives of silicon or a silicide. 


3. The materials showing the best wear properties were most efficiently fabricated by powder 
metallurgy techniques, utilizing the infiltration method for adding the silver. 


Introduction 


THE purpose of this research was to develop improved 
materials for use as retainers or cages in the rolling contact 
bearings used to support the rotors in modern military 
aircraft gas turbines. While it is understood that generally 
the present materials used for such cages are satisfactory, 
the evidence indicates that they are operating at their very 
upper temperature limits with no margin of safety. The 
most satisfactory cage materials now in use are silver- 
plated iron-silicon bronze and _ silver-plated silicon- 
containing nickel-copper alloy (“S” monel). A wide 
variety of other metallic materials have been tested in the 
past, such as brass, bronze, nickel base-alloys, and various 
types of cast irons. Te cloth impregnated plastics which 
have been useful in conventional applications of roller and 
ball bearings are ruled out by the high ambient temperatures 
to which the cages are exposed. 

Johnson, Swikert and Bisson (1) have investigated the 
wear and friction properties of a variety of materials suitable 
for cages of high speed rolling contact bearings in labora- 
tory apparatus designed to apply quite reproducible test 
conditions, some of which had the same magnitude as 
prevail in the actual bearing, to wear specimens of simple 
geometry. Although it is somewhat difficult to translate the 
results obtained on their machine to actual retainer service, 
they found on the basis of comparative performance that 
of the materials tested, cast nickel-chromium-iron alloy 
and nodular chromium-nickel cast iron showed the greatest 
promise. 
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While the mechanism of cage failures is not understood 
exactly, the available evidence indicates that adhesive 
metal transfer between the cage and race materials plays 
a major role in the process. The resulting clearance altera- 
tions can then lead to failure in several different ways. It is, 
therefore, evident that a major criterion in the selection of a 
retainer material is its frictional characteristic and surface 
stability against the hardened alloy steel of the races and 
rolling elements. A consideration of the mechanism of 
adhesive friction and wear, as it is presently understood, 
suggested the use of a two-phase system for the friction 
surfaces of the cage or retainer. This two-phase system would 
consist essentially of a hard phase which would limit the 
size of the true contact area while contributing the desired 
bulk strength properties and a soft, low shear strength 
phase which would act as a metallic film lubricant. 

This philosophy permitted a wide variety of material 
combinations to be considered, both metallic and non- 
metallic. The purpose of this paper is to present the results 
of simulated service tests of those material combinations 
that were considered promising for use in retainers operat- 
ing at high temperature. 

On the assumption that the primary problem is galling or 
metal transfer, one must consider the factors that are 
responsible for it. The modern theory of friction as de- 
veloped by Holm (2), Merchant (3), and Bowden and Tabor 
(4) ascribes its origin almost entirely to minute adhesions 
or welds between the solid surfaces. Based on this model, 
one is able to predict semi-quantitatively the conditions for 
low adhesion and for low friction. The conditions for low 
adhesion are essentially that the true area of contact be as 
small as possible or in other words that both surfaces be 
hard, and that the materials of the rubbing surfaces be as 
chemically dissimilar as possible. 

At low rubbing speeds, even though the friction will not 
necessarily be low, these conditions are usually sufficient to 
prevent adhesion. However, at high rubbing speeds, the 
friction itself, although it does not necessarily result directly 
in much adhesive transfer of material, does have an im- 
portant indirect effect. This is the frictional heat evolved 
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which produces appreciable softening of the surfaces thus 
increasing the true contact area and also accentuates any 


tendency to weld. Therefore, it is: most‘ important to ‘keep °' 


the friction as low as possible. 
It can be shown that the friction coefficient may be ex- 


pressed in terms of the plastic properties of the rubbing 
surface materials as follows: 


\ Boat [1] 


where s is the average shear strength of the welds formed and 
p is the flow pressure of the softer material. The important 
conclusion from this equation is that the lowest friction will 
only be achieved in a duplex type of structure consisting of 
a hard substrate covered with a thin layer of material which 
forms a very weak bond with the other surface. 

A weak bond in turn is achieved primarily through 
chemical dissimilarity between the two surfaces, resulting 
in low adhesion. This has been shown by Machlin and 
Yankee (5) to depend on the mutual solid solubility for the 
other surface, or tendency to solid-phase weld. However, 
experiments using radioactive tracers have demonstrated 
that even between the most dissimilar materials, such as 
steel and glass (6) and using the best boundary lubricant (7), 
some adhesion and transfer of material still remains. It is, 
therefore, further required for a weak bonding layer that it 
consist of a material that is also inherently weak itself, i.e., 
it should be soft at the temperature of operation, and have 
a melting point not much above this temperature, so that 
any frictional heating will produce a locally liquid surface 
layer and restrict any further temperature rise. 

The basic mechanism underlying adhesive wear is not 
understood in as much detail as that of friction. However, 
the work of Holm (8), and that of Burwell and Strang (9) 
indicate that it also depends on the true.area of contact as 
well as the load and distance of travel. It has been shown 
that for homogeneous materials, at least, the character of 
the wear changes markedly above a critical load, becoming 
self-accelerating, catastrophic and completely destroying the 
surfaces. This critical load was found to equal approxi- 
mately the product of the nominal or apparent contact 
area times one third of the indentation hardness. Below this 
critical value the wear is mild, steady, and may be predicted 
from.the following equation: 


WL 
V =kh— 2 
? [2] 


where V is the volume of material worn off, W is the load, 
L the distance of travel, p the flow pressure of the softer 
metal, and k an empirical constant depending on the pair 
of materials, their mutual adhesive tendency and the 
operating conditions. For a given geometry, this imposes 
additional conditions on the choice of the bearing material 
components. 

It appears rather certain from the above considerations 
that a successful material for the present application must 
possess a duplex surface structure. It is very doubtful 
whether any single material will have all of the requisite 
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properties. On the other hand, a duplex or two-phase 
material offers a double range of choice of material proper- 


‘ties for obtaining a successful result.’ This is in fact the situa- 


tion with all the premium bearing materials for high-speed, 
high-load applications today such as the babbitts, copper— 
lead, lead—indium-coated silver, copper—graphite, silver— 
tungsten, etc. 

The above are the most important requirements for a 
high-performance beari.g material. There are, in addition, 
a number of lesser ones such as conformability, both 
macro- and micro-, chemical and thermal stability, the 
right degree of surface reaction with the lubricant, and 
surface fatigue resistance. Forrester (10) and Lancaster (11) 
especially emphasize the importance of micro-conforma- 
bility in developing microscopic geometric wedges which 
can partially support the load hydrodynamically in the 
presence of a lubricant. Lunn (12) considers the formation 
of an electrically insulating, boundary lubricating film to be 
a prerequisite to this. In the present instance, mechanical 
strength, impact resistance and thermal expansion relative 
to the race material will also be important considerations 
for the bulk material. 

In the light of the above general conditions an experi- 
mental program was instituted to select and screen a num- 
ber of material combinations for improved performance 
ur.der the prescribed operating conditions. 


Experimental procedure 


In choosing a suitable testing procedure for potential cage 
materials, the primary consideration was that of obtaining a 
fair index of wear behavior for different classes o: material 
combinations. Because of the admitted danger of extrapo- 
lating from laboratory test results to actual bearing service, 
a test machine which would simulate projected service 
conditions was indicated. On the other hand, the screening 
of many materials within a reasonable time was necessary, 
so that a relatively simple specimen design and test pro- 
cedure was also required. 

On this premise, a test machine was constructed which 
basically consisted of a rotating disk of about 10 inches in 
diameter, this being of the same size as the inner race land 
of a 200 mm ball bearing (see Fig. 1). This was contacted on 
its periphery by an arc of the material to be tested having the 
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Fic. 1. Sketch showing principal components of wear test machine 
for high temperatures. 
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same radius of curvature as the inner locating surface of the 
retainer used in this size bearing. The disk was belt- 
driven at a linear peripheral speed of about 400 feet per 
second, and was so mounted relative to the test specimen 
that the friction torque could be measured. This was accom- 
plished by attaching the specimen and accessory parts of the 
machine to an inner shaft which was restrained from rotation 
by a load cell, and mounting the disk on a concentric hollow 
outer shaft which was free to rotate about the inner shaft. 
Contact loads of any desired amount could be imposed on 
the specimen, and the assembly was enclosed in a chamber to 
facilitate heating and to confine the lubricant used in testing. 
Heat to the specimen was provided by an electrical resistance 
heater in contact with it, and to the rotating disk by high- 
frequency induction coils located on either side of it. 

The materials of the rotor rubbing surface were SAE 
52100 alloy steel hardened to 45 R, for the lower temperature 
tests (up to 400°F) and AISI-SAE 1'-1 chromium-tungsten- 
vanadium (18-4-1.1%) alloy steel hardened to 61 R, for the 
higher temperature tests (up to 750°F). 

The lubricant used during all tests conformed to MIL- 
L-7808 specifications, and was introduced to the test 
surfaces by jets directed against both sides of the disk at 
the rubbing interface. Specimen temperatures were mea- 
sured by means of a thermocouple imbedded in a drilled 
hole parallel to and about 4 in. beneath the rubbing 
surface of the retainer material specimen. These tempera- 
tures were recorded on a strip-chart instrument with a full 
scale response time of about one second. The output from 
the wire-resistance strain-gage cell was read from a null- 
bridge indicator and the strain reading converted to load by 
means of a conversion chart. 

In conducting a test run, the procedure consisted of 
aligning the specimen in the specimen holder, heating the 
specimen and rotating disk to the desired temperature, 
and then lowering the specimen onto the disk. The load 
was increased until both the temperature reading and the 
visual appearance of the specimen surface indicated that the 
hydrodynamic film support load, which was found to be 
appreciable, had been exceeded and the rubbing surfaces 
were in solid contact. For the present conditions of opera- 
tion this threshold load was 12 to 14 Ib and the operating 
load on the specimen exceeded this by about 10 Ib or a 
total load of 22 Ib. 

The oil was not separately heated, as a sufficient tem- 
perature was imparted to it by the contact with the heated 
disk. The time of test was, in general, determined by the 
behavior of the specimen. In some cases, the machine 
vibration was so severe that less than a minute was required, 
while in other cases, times of one or more hours were re- 
quired. 


Specimen preparation 


The preparation of certain of the specimen materials 
tested was a major part of the overall program. In the 
initial phase of the material screening a number of :com- 
mercially available alloys as well as coated and MoS,- 
impregnated material (see sections A and B of Table 1) 


were tested. As will be seen below, their performance was 
somewhat indifferent. 

However, the analysis given at the beginning of this 
paper suggested that a class of heterogeneous materials 
would be more desirable and these had to be fabricated 
experimentally. These materials consisted of nickel or 
nickel-base alloy skeletons containing various metalloid 
additives. They were made by pressing and sintering appro- 
priate metal powders and additions, and subsequently in- 
filtering these sintered skeletons with silver. Both the 
sintering and infiltration were carried out in an atmosphere 
of dried hydrogen. The compositions of the materials so 
prepared are given in section D of Table 1. 


Results 


Because of the complex nature of galling wear, the evalua- 
tion of test results in a program of this type is not a simple 
problem. Hence, it is felt that there is no single property 
which, when measured on the test machine used neces- 
sarily gives an accurate indication of the susceptibility of 
the material being tested to fail in service. Rather, the 
results of the tests of each material are largely in the nature 
of a collection of observations of one or more characteristics 
which could be detrimental to the performance of the bear- 
ing and tend to lead to trouble in service. In some instances, 
it is excessive wear of the test retainer material; in others it 
is pickup of the retainer material on the rotor, thus leading 
to severe vibration. In still other cases there is either scoring 
of the rotor surface, excessively high friction or excessive 
temperature rise. Obviously, any of these conditions, if 
severe, militate against successful performance under the 
critical conditions imposed by the type of service in jet 
engines. 

The vibration of the specimen holder during a run was 
caused by the diameter variation of the rotor. When this 
variation exceeded a critical limit (approximately 0.001 in.) 
the specimen and specimen holder broke contact with the 
disk and vibration occurred. The most common cause of this 
diameter variation was metal transfer of the cage material 
to the disk during testing. In some cases, scoring of the 
disk was also a cause of vibration. The degree of scoring was 
evaluated both from the appearance of the surface of the 
disk as well as the surface of the wear specimen. 

For those materials which showed a well-defined wear . 
rate, Fig. 2 shows a typical curve of how the instantaneous 
temperature of the specimen varies throughout a run under 
otherwise constant conditions. The specimen temperature 
is seen not to be constant but to vary cyclically during a 
test run. This type of gross temperature fluctuation has 
been observed in other cases of run-in or marginal operation 
of bearings and is generally associated with periodic bearing 
“run-in” and then partial failure. It is probably a function 
of lubricant breakdown at high temperature as well as the 
relative rates of removal and supply of the low shear strength 
phase to the specimen surface. However, for materials that 
run satisfactorily there is a median temperature which 
remains fairly constant after the initial run-in period. This 
temperature was taken as the average operating temperature 
for the test. 
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TABLE 1 
Summary of Materials Tested 





Material 


Composition 


Common name 





A. Coatings 


Iron-silicon copper alloy silver- 
plated 

Iron-silicon copper alloy with 
epoxy coating containing dis- 
persed graphite 

Sintered iron with PTFE coating 


B. Cast and Wrought Materials 


Nodular cast iron 

Nodular nickel cast iron 

Nodular chromium-nickel cast 
iron 

Silicon-containing nickel-copper 
alloy 

Iron-silicon copper alloy 

Nickel-chromium-iron alloy 

Cast nickel—-chromium-iron alloy 

Lead bronze 


C. Miscellaneous Materials 


Copper-aluminum-silver alloy 

Copper-—aluminum-silver alloy 
containing silicon 

Magnesium alloy 

Silver-cadium oxide 

Silver—tungsten carbide 

MoS,-impregnated iron 

MoS,-impregnated chrome-nickel 
alloy 


D. Silver-Infiltered, Sintered 
Materials 

Nickel-copper + 2% silicon } 
matrix 

Nickel-copper + 4% silicon 
matrix 

Nickel-copper + MoSi, matrix 

Nickel-chromium + 2% silicon 
matrix 

Nickel-chromium + 4% silicon 
matrix 

Nickel-chromium + MoSi, 
matrix 

Nickel + 2% silicon matrix 

Nickel + 4% silicon matrix 

Nickel + MoSi, matrix 





95.5% Cu — 1.5% Fe — 3% Si + 0.002 in. Ag plate 


95.5% Cu — 1.5% Fe — 3% Si + epoxy + C coating 


100% Fe + polytetrafluoroethylene coating 


94.0% Fe — 2.4% Si — 3.6% T.C. 
72% Fe — 23% Ni — 2.5% Si — 2.5% T.C. 
57.5% Fe — 30% Ni — 5.0% Cr — 5% Si — 2.5% T.C. 


66% Ni — 30% Cu — 4% Si 


95.5% Cu — 1.5% Fe — 3% Si 

78%, Ni — 15% Cr — 7% Fe 

74% Ni — 16% Cr — 8% Fe — 2% Si 
88.5% Cu — 10% Sn — 1.5% Pb 


32.8% Cu — 7.2% Al — 60.0% Ag 

30.3% Cu — 7.7% Al — 58.0% Ag — 4% Si 
93.5% Mg — 6% Ag — 0.5% Zr 

95% Ag — 5% Cd 0 

35% Ag — 65% WC 


96% Fe — 4% MoS, 
48% Cr — 48% Ni — 4% MoS, 


42.8% Ni — 19.5% Cu — 2.5% Si — 35.2% Ag 
42% Ni — 19% Cu — 4.9% Si — 34.1% Ag 


41.8% Ni — 18.5% Cu — 6.8% MoSi, — 1.3% Si — 32.2% Ag 
25.8% Ni — 25.8% Cr — 2.1% Si — 46.3% Ag 


24.7% Ni — 24.7% Cr — 4.3% Si — 46.3% Ag 
24.3% Ni — 24.3% Cr — 5.4% MoSi, — 46.0% Ag 
64.7% Ni — 2.6% Si — 32.7% Ag 


61.9% Ni — 5.4% Si — 32.7% Ag 
59.8% Ni — 6.7% MoSi, — 33.5% Ag 





Silver-plated iron— 
silicon bronze 
Epoxy-coated iron- 
silicon bronze 


Nodular cast iron 

Nodular Ni-resist 

Nodular chromium 
Ni-resist 

**S” monel 


Iron-silicon bronze 


Inconel 
Cast inconel 


Elkonite G-14 





1 These silicon contents are nominal 


All the materials tested are listed in Table 1 including 
their compositions and common or trade names. For those 
where a relatively definite wear rate could be determined, 
the results are given in Tables 2 and 3. For some of the 
better materials this wear rate is shown as a function of the 
operating temperature in Fig. 3. The results of the several 
categories of specimens are described separately below. 

For reference purposes and to arrive at a standard for 
subsequent tests runs were first made with specimens of 
iron-silicon bronze and silver-plated iron-silicon bronze 
(0.002 in. silver plate) which are presently used in aircraft 


turbine engines. Runs were made with an oil temperature of 
200°F and average specimen temperature of 350°F. Ti: 
results are shown in Table 2. 

The iron-silicon bronze specimens showed breakdown 
below 400°F after an average of 3} minutes’ running with 
galling, wear and pronounced pick-up on the disk although 
the behavior was markedly dependent on temperature (see 
Fig. 3), running satisfactorily at 365°F but galling severely 
at 380°F. Tests on the iron-silicon bronze composition 
were therefore discontinued as it obviously was not suitable 
for a reference material at 500°F. 
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Fic. 2. Typical time vs. wear specimen temperature curve showing 
temperature fluctuation. 


TABLE 2 


Wear Test Results on Presently Used Materials 





































| 
| Specimen | Wear rate 
Material temp. °F in./hr. Remarks 
Nickel—copper alloy 280 0.006 No pick-up on 
containing 4% Si 1 L on rotor 
380 0.027 Some pick-up 
Iron-silicon bronze 210 0.004 Pick-up on 
1 L rotor, leading 
380 0.015 to severe 
vibration 
Iron-silicon bronze, 330 Silver plate worn thru 
silver plated °.002in. < 67 min. 
430 Silver plate worn thru in 
6} min. 
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/ 
a Ni-Cu- Si ae / a 
JPNi- Cr-Fe-Si 
yg 030F a 2 ZA 4 
< Ni~Cu + Mo Si, (Ag infill) 7 Cu-Al-Ag+Si 
s ‘ 2 a 
7 : ‘ 
~ Fe-Si Bronze $7 [wie yevine. 2 
= -020-F P 4 (Ag infilt) 7 
é ne / se 
7 * ° 4 
— re Ni-Cu + Mo Si, 4 
$ (Ag infilt) AA 
O10 a = ° 7 
al oe =e -Ag 
a 7 ern ae 4 
—_— en i 
0 at AE FE RO CE Pe 
0 100 200 300 400 500 600 700 


Temperature °F 


Fic. 3. Wear rates of present and potential retainer materials as a 
function of temperature. 


TABLE 3 
Wear Test Results on Silver-Infiltrated Sintered Materials 




















Specimen | Wear rate 
Material temp °F in./hr. Remarks 
Ni-Cu + 2% 175 0.004 Vibration due to 
Si matrix 1 Jl excessive pick-up 
650 0.042 on disk. High wear 
rate. No scoring. 
Ni-Cu + 4% 395 0.016 Vibration due to 
Si matrix 1 excessive pick-up 
440 0.024 on disk. High wear 
rate. No scoring. 
Ni-Cu + MoSi, 205 0.010 Vibration due to 
matrix excessive pick-up 
510 0.034 on disk. No scoring. 
Ni-Cr + 2% 240 0.004 Some vibration and 
Si matrix ; L L scoring. 
535 0.022 
Ni-Cr + 4% 290 0.008 Severe vibration and 
matrix J scoring. 
490 0.014 
Ni-Cr + MoSi, 205 0.001 Severe vibration and 
matrix J L scoring. 
600 0.010 
Ni + 2% Si 190 0.002 Slight vibration at 
matrix 1 high temperature. 
620 0.019 No scoring. 
Ni + 4% Si 185 0.001 Some vibration at all 
matrix J times and scoring. 
640 0.013 
Ni + MoSi, 310 0.004 Slight vibration at 
matrix k J high temperature. 
640 0.016 No scoring. 
A. Coatings 


Tests on the silver-plated iron-silicon bronze specimens 
indicated that a major improvement was accomplished by 
the presence of silver. As long as the plating was intact the 
friction was low and the vibration was nil, reflecting low 
pick-up and scoring of the disk, but as soon as the plating 
wore through the substrate galled. Hence the only drawback 
of silver-plating under the present testing conditions appears 
to be that it does wear off, thus rendering the material 
ultimately no better than its substrate composition. 

Two materials were drawn from the category of strong 
metallic substrates coated with non-metallic polymer or 
lacquer films. These were iron-silicon bronze coated with an 
epoxy resin in which graphite was dispersed and sintered 
iron coated with polytetrafluoroethylene (PTFE). The latter 
was a proprietary composition which was reported to be 
able to withstand 500°F. In both cases the coatings wore 
off practically immediately and it seemed apparent that 
such organic materials could not stand these severe 
mechanical and thermal conditions. 








This finding, coupled with the limitations of the silver- 
plated specimen as mentioned above made it necessary to 
conclude that under these conditions of operation coatings 
would be valuable only for run-in purposes or if they 
are continually repaired as in the case of an oxide or other 
chemical reaction film. However, if any material is found 
to perform well temporarily as a coating, it would seem 
preferable to disperse it throughout the retainer material 
rather than simply having it on the surface, and this was 
the philosophy that was followed in subsequent designing 
of the retainer material structure (see section D below). 
In particular it was concluded from the results obtained up 
to this point with coatings that silver might have consider- 
able merit as a dispersed soft phase. This is further sup- 
ported by study of the iron-silver phase diagram which 
shows no solid or even liquid mutual solubility and also 
by the friction results of Machlin and Yankee (5). 


B. Cast and wrought materials 


1. Iron Base—This group of materials may be considered 
together since they all performed quite similarly, namely 
nodular nickel and chromium nickel cast irons. 

Johnson, Swikert and Bisson (1) found rather good per- 
formance for certain of these materials under somewhat 
different experimental conditions, so they were investigated 
next in this program. In these tests they were characterized 
by unusually high friction as well as both scoring and pick- 
up on the disk. This is not surprising considering their 
ferrous base which would be expected to gall or weld to a 
ferrous disk surface and apparently the presence of graphite 
was not adequate to overcome this tendency. This high 
friction may explain the finding of Anderson, Macks and 
Nemeth (13) that nodular iron in the retainer of an experi- 
mental roller bearing gave greater cage slip meaning higher 
drag by the rollers than did bronze. 


2. Nickel and Copper Base Alloys—Specimens for wear tests 
were prepared from several wrought and cast nickel-base 
alloys commercially used for high temperature applications. 
Similarly, two copper-base alloys were tested, the iron- 
silicon bronze already mentioned, but without any coating, 
and a lead-bearing bronze. 

The results of wear tests on a silicon-containing nickel— 
copper alloy (see Table 2) at various temperatures were in 
some respects superior to those obtained with iron-silicon 
bronze discussed above. Although the former showed a 
greater increase in wear rate with increasing temperature 
above 300°F than the latter, there was less metal transfer 
and consequent vibration. The relative wear rates of both 
these materials as a function of temperature are shown in 
Fig. 3. Since they are both standard cage materials in present 
day bearings, the better materials tested in this program are 
compared with them. 

A specimen of nickel-chromium-iron alloy was tested at 
a nominal temperature of 380°F. This test resulted in a 
severely scored disk and considerable metal transfer to it in 
a short running time. 

A specimen of cast nickel-chromium-—iron alloy containing 
about 2% silicon was tested at a nominal temperature of 
450°F and was found to be far superior to the same wrought 
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alloy without the silicon in its wear behavior. This was 
characterized by no vibration, low wear rate, which agrees 
with the finding of Johnson, Swikert and Bisson (1), no 
scoring of the rotor and very little metal transfer to the disk. 
The wear rate for this single run is plotted for comparison 
with other materials, in Fig. 3 and appears to be comparable 
to iron-silicon bronze. 

A few tests were conducted with a lead-bearing bronze 
containing about 1—}4%, lead. The results obtained indicated 
that this material was of little potential value at higher 
temperatures, so it was not investigated further. 


C. Miscellaneous alloys 


The next material tested was a copper-aluminum-— 
silver alloy. This was an attempt to reproduce a babbitt type 
of structure in a higher temperature matrix material. In this 
case the tin or lead matrix was replaced with silver in which 
were dispersed hard crystals of the intermetallic copper— 
aluminum compound. The operating temperature of this 
test was 280°F. Initially, it performed very smoothly but 
the wear rate was high, and at the end of five minutes 
severe vibration, due to metal pick-up on the rotor, ter- 
minated the test. 

Because of the previously noted effects of silicon on the 
wear behavior of one or two alloys, a second alloy of the 
above type with an addition of 4% silicon was induction 
melted and cast. Three phases were evident and consisted 
of a silver-rich phase, a copper-aluminium phase, and a 
silicon-rich phase. The performance of this specimen in a 
single wear test at 650°F was better than that of the first 
alloy with no silicon. The wear rate was about 0.026 in. 
per hour which compared favorably at this temperature 
with other promising compositions (see Fig. 3). Tne was 
not available for more extensive tests of this material, but 
continued investigation of it would seem most desirable. 

A magnesium-base alloy containing 6.0% silver and 0.5°%, 
zirconium was tested at 535°F. The material ran fairly 
smoothly against the disk, but a wear rate of about 0.180 
in./hr was obtained, which greatly exceeded the wear rate 
of other materials tested. 

A silver-base alloy containing cadmium oxide was tested 
and wore at a low rate but caused severe vibration and 
scoring of the rotor. 

An electrical contact alloy was tested which contained 
about 65°, tungsten—carbide and 35% silver. This speci- 
men, which was tested at 615°F, showed a very low wear 
rate of 0.009 in. per hour and no vibration or scoring of the 
disk. Time was not available for additional tests of this 
alloy but this performance looked promising. 

Two sintered specimens impregnated with MoS, were 
tested next. The first consisted of a sintered iron base and 
the wear test run on this specimen was characterized by 
unusually high friction, as well as scoring and pick-up on 
the disk. The results of this test were similar to those ob- 
tained with the cast irons. Like the graphite the MoS, was 
not adequate as a lubricant under these conditions to over- 
come the galling or welding tendency of the ferrous matrix. 

Since the sintered iron specimen impregnated with MoS, 
showed high friction, possibly due to the iron base, a 
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sintered 50%, Cr-50% Ni compact was prepared and im- 
pregnated with MoS,. This test was stopped in less than 
two minutes due to severe vibration. ‘i‘here was consider- 
able pick-up and scoring on the disk. Here, again, the bulk 
mechanical properties were not adequate for the severe 
test conditions and apparently the MoS, was not able to 
overcome the difficulty. 


D. Infiltered sintered materials 

Most of the compositions discussed above were tested 
because either they were in service today or they were 
recommended from the research work of others. However, 
their lack of significant improvement in most cases over the 
presently used materials suggested that a more radical 
departure from conventional materials would be required. 
In attempting to design a more promising composition the 
considerations given in the introductory section as well as 
the experimental results above were applied. The first 
conclusion from these considerations was that silver should 
be an effective soft constituent in a duplex structure run- 
ning against a steel in this temperature range. The second 
was that the duplex structure should have the soft phase 
dispersed through the hard matrix rather than coated on 
its surface so that it can be replenished as it is worn. The 
third was that since the silicon-containing nickel—copper 
alloy performed fairly well for a single phase material and 
is currently used in service, it should prove a promising 
material for the matrix. The fourth was that the presence of 
small percentages of silicon generally seemed to improve 
the performance of those alloys where it was present. 

On this basis, three groups of materials were made up 
consisting of various nickel or nickel-base alloy matrices 
containing silicon or molybdenum disilicide contents and 
infiiltrated with silver, prepared by the powder metallurgy 
technique described above. These were nickel—-chromium 
base, nickel-copper base and plain nickel base. The speci- 
men compositions are shown in section D of Table 1 
and the wear results are given in Table 3. The wear rates of 
the best composition in each group are also shown as a 
function of operating temperature in Fig. 3. 

The first series of compositions contained a nickel- 
copper-base material having the same original proportions of 
nickel and copper as that of the standard material presently 
in service use but with silicon or MoSi, additions to the 
final compositions when infiltrated, as shown in Table 1. 
(The first composition listed, containing 2.5% silicon, has 
the same composition of matrix as the standard silicon- 
containing nickel—copper alloy (“S” monel). The lower final 
silicon percentage is due to the oxidation of the silicon.) 
All three compositions behaved similarly in the wear test. 
While wearing more at the lower temperatures, they were 
significantly better above 400°F than the base matrix 
composition alone which is presently being used but they 
were not as good as the other two nickel-base groups of 
compositions described below. The wear rate versus mean 
base temperature for the material containing 6.8% MoSi, 
+ 1.3% Si,® is also shown in Fig. 3. 





8 This somewhat complicated composition is due to the fact that 
the alloy powder to which the MoSi, was added already contained 
4% silicon. 


In considering possible improvements on the above 
composition, it was decided to try a nickel-chromium alloy 
base because of the known good high temperature perform- 
ance of materials of this composition. Again two levels of 
silicon content and one of MoSi, were made up and tested 
(When finally completed, this series turned out to have a 
significantly higher silver content, see Table 1.) The speci- 
men containing 5.4°%% MoSi, showed the lowest wear rate 
(see Fig. 3) of the three, and in fact of all the compositions 
tested, but there was very severe vibration due to heavy 
scoring throughout the temperature range. The specimen 
having the lower silicon content was better in this respect 
although its wear rate was somewhat higher. It is softer 
(see Table 4) than the other two so that there is probably 
a compromise here between a higher specimen hardness 
giving less wear of itself but more scoring of the rotor. 
Possibly with harder rotors the harder specimen composition 
would give less vibration. 


TABLE 4 
Mechanical Properties of Retainer Materials Tested 








Tensile Rockwell 
strength % —_ 
Material psi Elongation | hardness 

Ni-Cu + 2% Si matrix, | 53,990 5.75 52 
Ag infilt. 

Ni-Cu + 4% Si matrix, | 34,360 | 1,53 69 
Ag infilt. 

Ni-—Cu + MoSi, matrix, | 65,190 3.15 88 
Ag infilt. 

Ni-Cr + 2% Si matrix, | 15,620 1.00 48 
Ag infilt. 

Ni-Cr + 4% Si matrix, 9,950 0.71 57 
Ag infilt. 

Ni-Cr + MoSi, matrix, | 16,290 0.12 60 
Ag infilt. | 

Ni + 2% Si matrix, 22,100 — 14 
Ag infilt. 

Ni + 4% Si matrix, 28,570 3.42 19 
Ag infilt. 

Ni + MoSi, matrix, 18,670 2.70 45 
Ag infilt. 

Silicon-containing 105 
nickel—copper alloy 

Iron-silicon copper alloy 71 

Nickel-chromium-iron 86 
alloy 

Cast nickel-chromium— 74 
iron alloy 

Magnesium alloy 25 

Copper—aluminum-silver 101 

alloy containing silicon 
Silver-tungsten carbide 109 
Silver-cadmium oxide (Rg) 37 














Since both the above nickel-base alloys showed such sig- 
nificant improvement in wear performance over presently 
used materials it was decided to try a plain nickel matrix 
with various additions. The wear results are shown in 
Table 3. It was found that with respect to combined lack 
of scoring and vibration and a low wear rate this group of 
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materials showed the best performance of all. There was no 
scoring or pick-up other than a thin film of silver on the 
rotor. The wear rates alone were not quite as low as that 
of the MoSi,-containing nickel-chromium matrix but the 
severe scoring of the rotor by the latter would be a distinct 
disadvantage. In this connection it should be noted that the 
plain nickel-base compositions are all softer than the corre- 
sponding alloy-base compositions (see Table 4). 


E. Mechanical properties 


Some of the experimental materials were considered of 
sufficient interest due to their performance to warrant deter- 
mination of their mechanical properties of hardness, tensile 
strength and elongation in the hope of relating them to the 
wear behaviour. The average hardness only of the hetero- 
geneous materials was measured on the Rockwell B scale. 
The results are shown in Table 4. 

While there does not appear to be any overall correlation 
between wear rate and indentation hardness (which is re- 
lated to flow pressure) as Equation [2] would suggest, yet 
among the group of infiltered sintered materials the wear 
rate does scem generally to decrease with increasing Rock- 
well hardness. However, this is not entirely an unmixed 
blessing since as pointed out previously the harder compo- 
sitions score the rotor to a greater extent with consequent 
severe vibration and this could be a distinct drawback in an 
actual bearing. Possibly with harder rotor materials at 
operating temperatures of 500° to 750°F one could usefully 
employ the harder sintered material compositions without 
this attendant objection. 


Discussion 


From these results the first point of interest to note is that 
in all cases the wear rate increases with temperature and 
further that there appears to be a well defined temperature 
above which it increases much more rapidly. Visual 
observation indicates a difference in the nature of the wear, 
changing from a mild and steady type in which the surface 
remains relatively smooth to one in which the wear is 
heavy, erratic and the roughened appearance of the surface 
suggests that the material is being removed as relatively 
gross particles. Also the material pickup on the rotor 
becomes appreciable. These observations all suggest that at 
this temperature the galling mechanism is becoming self- 
accelerating and as a result sets a practical limit to the use- 
fulness of the material. 

The existence of such a critical temperature in the ad- 
hesive wear process has been demonstrated by Sata (14) 
who found in experiments at different sliding velocities 
and therefore at different self-generated surface tempera- 
tures, that there was a constant self-generated plus ambient 
temperature where the wear rate increases rapidly. (Inci- 
dentally, at a still higher temperature the wear rate was 
found to gradually decrease again.) Presumably Johnson et 
al. (1) in their tests did not find this sharp increase in wear 
rate at recorded temperatures below 1000°F because, 
owing to much lower sliding velocities (about 130 ft/sec), 
the self-generated contribution to the surface temperature 
was much less. 


Secondly, the results indicate that both in the nickel-base 
matrices investigated here and in the presently used iron— 
silicon—bronze and nickel—copper alloy the presence of a 
certain amount of silicon, added in either elemental or 
compound form, is highly effective in reducing the wear 
rate and material transfer. The reason for this has not been 
demonstrated conclusively. However, Machlin, Yankee, 
Duncan and Gensamer (15) found that additions of small 
amounts (0.5-1.0%) of silicon to copper significantly 
lowered the friction coefficients against zinc independently 
of the effect on the hardness of the copper, and addition of 
lead to silver also did the same. They concluded from the 
reduction in the surface tension of the silver in the latter 
case that the silicon and lead were preferentially adsorbed 
in the surface layers of the copper and silver respectively 
and thus contributed their own lower friction properties to 
the alloy out of proportion to their average concentration. 
Presumably the effect of the silicon would be due to its 
tendency to form an anti-welding oxide film and that of the 
lead to its low shear strength. This hypothesis of selective 
surface adsorption would bear further investigation. 

Thirdly, there seems to be evidence that among this 
family of compositions, increasing silicon content increases 
the Rockwell hardness as well as decreasing the wear rate 
but this greater hardness scores the rotor surface. With a 
harder rotor surface one could possibly take advantage of 
the harder, lower wear compositions. 


Conclusions 


From the results of the large number of comparative 
wear tests conducted on this program, the following con- 
clusions can be drawn. 

1. Several alloy compositions have been developed which 
have superior elevated temperature wear resistance com- 
pared with standard bearing cage alloys such as silicon- 
containing nickel-copper alloy (“S” monel) and iron- 
silicon bronze. All of the promising materials contain silver 
as a major alloying element. 

2. It has been established that the addition of from 2 to 
4%, silicon in either elemental form or as MoSi, to the 
nickel-base phase is distinctly beneficial to the wear pro- 
perties of several classes of metallic alloys, whether cast or 
fabricated by powder metallurgy techniques. 

3. It has been shown that the alloy composition can be 
varied considerably with respect to the strong, load-sup- 
porting phase as long as silver is contained in the soft 
matrix. For instance, promising results have been obtained 
with nickel-base alloys formed by powder metallurgy 
techniques, with cast alloys containing copper and alu- 
minum, and with tungsten carbide, all containing silver as 
a major alloying element. 
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Grease Lubrication of Ultra-High Speed Rolling Contact Bearings 


By J. B. ACCINELLI? 


The failure mechanisms of grease lubricated ball bearings operating in the DN range from 
1.0 x 10° to 2.0 x 10° was studied. A new rig capable of controlled operation of 20 and 25 mm 
ball bearings at speeds up to 100,000 rpm is described. Ball separator design seems to be a very 
important factor and a lightweight single piece machines outer ring controlled ball separator 
appeared to give the best results. In general, mechanical factors such as vibration, bearing 
design, bearing fit and tolerances, dynamic balance, load alignment, etc., have more influence 
on the performance of the bearings studied than gross grease variables. Under ideal conditions 
it is indicated that adequate lubrication with grease is possible for periods over 100 hours. 
However, under the test conditions generally in existence in the ultra high speed rigs grease 
lubrication was only adequate for very short periods. 

Grease compositional factors leading to better performance are smooth texture and hard 
consistency. At the temperature investigated diester type oil was slightly superior to mineral 

oil and greatly superior to silicone oil. 





introduction 


Tue problem of generating high energy output with units 
of small physical size is usually solved by drastic increases 
in rotative speeds. It is not uncommon today to find units 
weighing only a few pounds generating up to 20 horsepower 
or higher and with shafts rotating from 50,000 rpm to 
150,000 rpm, representing DN values from 1.0 x 10® to 
2.0 x 10® DN. These very high speeds caused bearing 
lubrication problems which were ultimately solved with 
reasonable success by better bearing and equipment de- 
sign, and proper application of liquid lubricants. Attempts 
to lubricate these bearings with grease were largely un- 
successful and discouraged work in this direction. However, 
successful application of grease in this ultra high speed field 
would, in many instances, greatly simplify the mechanical 
design and reduce the maintenance problems accompany- 
ing the use of liquid lubricants. Hence WADC sponsored 
furth€r work on this subject which is reported at this time. 
Specifically the contract work did not involve formulating 
a new grease for use in ultra high speed bearings, but 
rather it specified a broad look at the problem at speeds up 
to 2.0 x 10° DN and an evaluation of the effects of the 
grease and mechanical factors involved. Naturally, in the 
course of this work a suitable bearing rig with good flexi- 
bility with respect to speed, load, and temperature had to 
be designed and constructed. A brief description of this 
rig follows. 


Apparatus 


Figure 1 shows a cross-section of the rig built for the 
Air Force Contract. It employs a 20 mm ball bearing and 
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consists of an air turbine driven test unit mounted on a 
suitable base within a soundproof cell. Instruments are 
provided to neasure, control, and record bearing speed, 
load, and t-.aperature. 


(B) 





Fic. 1. Cross-sectional view of ultra-high speed rig. 
(A) Magnetic speed pickup. (F) Heaters. 
(B) Turbine wheel. (G) Heating block. 
(C) Test bearings. (H) Loading device. 
(D) Shaft. (J) Alnico magnetic washer. 
(E) Bearing thermocouples. (K) Oiling system. 


The test unit itself consists of a supporting block equipped | 
with 8 heaters, an air operated diaphragm for axial loading 
of the bearing, and a rotor assembly. The test and support 
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bearings are mounted on a common shaft and are separated 
by a spacer. The lower bearing is the test bearing and the 
upper bearing the support bearing. The washer and the 
lock nuts clamp the bearings in position against the shaft 
shoulder. The adapter plate is located between the support 
bearing and the turbine wheel which is clamped in position 
by the magnetic washer and upper lock nuts. 

The rotor is held in position in the support block by the 
adaptor plate, which in turn resists the load imposed on 
the bearings by the air diaphragm. The nozzie ring sur- 
rounding the turbine wheel is clamped in place by the tur- 
bine air case, thus completing the geometry of the nozzles 
and providing an annular space open to each individual 
nozzle. 

Bearing temperature measurements are made with iron- 
constantan thermocouples by direct contact at the outer 
raceways. The temperature control operates off of a 
recording potentiometer. Manually controlled auxiliary 
heaters can be used éo realize higher temperature levels. 

Load on the test bearing is applied axially by means of an 
air operated flexible diaphragm type valve actuator modified 
to exert a force against a loading cup through a steel ball. Air 
pressure to the valve is accurately controlled by an air 
pressure regulator and choice of load is easily made on a 
large pressure gage. 

Bearing speed is changed by varying the air pressure 
across the turbine wheel. Speed indication is given by an 
electronic tachometer which converts a signal from a 
magnetic pick-up into rpm. This instrument sends a 
proportional signal to a recording potentiometer which 
records the speed indications on a sircular time chart. 
Control of speed can be either manual or automatic. 

The rig is provided with an emergency shut down circuit 
which can be employed manually or automatically if 
bearing distress is sufficiently severe. The automatic 
system operates through a pressure sensitive switch. If 
bearing friction is high enough to require considerable more 
driving torque to maintain speed, then turbine inlet pres- 
sure will rise. The pressure switch will automatically shut- 
down the rig at the desired preset value of pressure by 
interrupting the electrical circuit to the solenoid valve on 
the driving air line and also the electrical circuit to the 
heaters. Choice of limiting pressure setting is left to the 
discretion of the operator and may vary from test to test 
depending on lubricant and operating conditions. 

The 25 mm rig used in the early studies is basically of the 
same de-ign. A larger turbine wheel for power and a bearing 
housing of heavier wall thickness constitute the main 
differences. 


Evaluation of bearings 


The evaluation of lubricant properties relative to their 
effect on bearing performance at ultra high speeds makes it 
mandatory that the bearing be eliminated as a test variable. 
The choice of bearing for lubricant evaluation is not a simple 
task at normal speeds and is even more difficult at very high 
speeds. A brief portion of our work was therefore spent in 
short exploratory runs with a lithium-mineral oil grease of 
No. 3 grade consistency in the 25 mm rig with several 


types of ball bearings operating at 1.0 x 10® to 1.5 x 
10° DN. 

In general the results obtained may be summarized as 
follows: 

1. Separator damage appears to be the limiting factor. 

2. Pressed steel ball-controlled separators, two-piece 
machined outer-ring controlled iron-silicon bronze 
separators, or inner-race controlled phenolic separa- 
tors are not satisfactory. 

3. Light weight single-piece machined separators with 
outer-ring control appear to perform most satis- 
factorily. 

4. With respect to bearing internal clearance, 0.0009 
to 0.0014 inches seems most desirable. 

Because of results obtained in these tests Bearing F for 
the 25 mm rig and Bearing I for the 20 mm rig were chosen 
as the test bearings for these studies. Both bearings are of 
the type shown in Fig. 2. It is the feeling that these bearings, 





Fic. 2. Test bearing. 


designed for ultra high speed operation with oil lubrication, 
do not necessarily represent the best design for grease 
lubrication but they were the best performers at the time of 
choice. 


Calibration of the 20 mm rig with oil-air mist 
lubrication 


Before work with grease was initiated in the 20 mm rigs 
it was decided to run the rigs with oil-air mist lubrication 
at 1.2 x 10® DN (60,000 rpm) and 12 Ib axial load, in order 
to obtain a reference of good performance under more ideal 
lubrication. The oils used in these 100-hour tests were an 
SAE 1010 mineral oil meeting specification MIL-0-6081 
and a synthetic oil meeting specification MIL-L-6085A. 

After a number of minor mechanical adjustments and 
incorporation of a dynamic balancing procedure for the 
assembled rotor, the rigs were able to be operated at this 
high DN value for the full 100 hours with no failure and 
little wear of the bearing components. Figure 3 shows the 
condition of a bearing from a typical calibration test. As 
will be discussed in the following sections, these calibration 
tests also served to demonstrate the importance of rotor 
dynamic balance, and to give some insight into the minimum 
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oil requirements of a ball bearing operating at ultra-high 
speeds. 

With respect to dynamic unbalance of the rotor the curves 
in Fig. 4 show the temperature-time relation for three 





Fic. 3. Condition of bearing components after successful 100-hour 
test with oil-air mist lubrication at 1.2 x 10° DN. 
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Fic. 4. Effect of dynamic unbalance on bearing operation. Oil-air 
mist lubrication. 

Bearing I. 

Load 12 Ib axial. 

Oil-air mist lubrication. 

Using an SAE 1010 mineral oil. 

(Spec. MIL-O-6081). 


tests operating with no rotor balancing, “‘coarse’’ balancing, 
and micro-balancing. These curves point out the important 
deleterious effect of dynamic unbalance. In fact the effect 
of dynamic unbalance may be the most important mechani- 


cal factor involved. The unbalance forces cause severe 
separator damage and make effective lubrication difficult 
to achieve regardless of lubricant or method of lubricant 
application. In order to be able to operate at all, even with 
oil-air mist lubrication, it was necessary to resort to pre- 
cision dynamic balancing of the assembled rotor before each 
test. Figure 5 shows the effect on ball path geometry and 
intensity for various degrees of unbalance. 


— 


0° 360° 
Heavy Dynamic Unbalance 2} Hours at 1.2 x 10° DN 





b f 
“‘ Coarse” Dynamic Balancing of Rotor 100 Hours at 1.2 x 10° DN 





c 
Micro Balancing of Rotor 58 Hours at 1.2 x 10° DN 


Fic. 5. Effect of dynamic unbalance on inner raceway wear track. 


Bearing manufacturers and consumers are now becoming 
fully aware of the importance of precision dynamic balanc- 
ing of assemblies rotating at ultra high speeds. Some 
bearing manufacturers, for example, are doing research in 
bearing design for ultra high speed operation in an effort 
to specifically make the bearing less sensitive to dynamic 
unbalance. In the long run we feel that work of this type 
may give the lubricant researcher considerable leeway in 
formulating a satisfactory lubricant for ultra-high speed 
bearing applications. 


Lubricant requirements of ultra high-speed bearings 


As stated previously, in the course of the air-oil mist 
calibration tests it was possible to gain some insight into 
the oil requirement of anti-friction bearings operating at 
ultra-high speeds. At very high speeds the action of centri- 
fugal force on the various bearing components appears to 
strip the lubricant film from the surface. This factor may be 
the main difference between bearing performance at low 
and very high speeds, a difference which may be entirely 
dependent on the minimum oil film available to the bearing. 
Booser and Wilcock (1) performed some interesting experi- 
ments on the minimum oil requirements of ball bearings 
operating at various speeds. Among their conclusions were 
the following: 

1. Medium size ball bearings can operate for very long 
periods of time at moderate loads and speeds with 
one drop of petroleum oil. 
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2. Oil films of less thickness than that required to 
cover the surface roughness of the bearing parts 
provide poor operation and very short life. 

_ We agree with the first conclusion and can now expand on 
it with respect to the very high speed ranges. Results of the 
reference are plotted in Fig. 6 which shows the life at 
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Fic. 6. Bearing life as a function of DN for a given quantity of 
oil in the bearing. 





various DN values of a bearing lubricated with 10 mgs 
of MIL-O-6081 SAE 1010 petroleum oil. If we extrapolate 
to 1.0 x 10° DN the expected operating life is infinitely 
small which means that with 10 mgs of oil, bearing opera- 
tion at 1.0 x 10® DN is actually impossible. Confirmation 
of the rapid loss of lubrication at 1.0 x 10 DN was 
obtained in some early work in the 20 mm rigs with a 
bearing having a two-piece machined ball separator. In 
this experiment the lubricant was applied to the bearing in 
5 ml injections at 5-minute intervals (about 4.5 gm of oil 
per injection which is 450 times the amount placed in the 
bearing in the Booser and Wilcock studies). After equili- 
brium speed and temperature had been achieved, the 
injections were discontinued while maintaining driving air 
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Fic. 7. Effect of discontinuous supply of lubricant on bearing 
performance. 


pressure constant. Figure 7 shows the results of this inter- 
ruption in lubrication with respect to its effct eon speed and 
bearing temperature. Just beyond the normal injection 
there was a sharp dip in speed accompanied by a moderate 


rise in temperature which continued until lubrication was 
again restored. This rapid loss of lubrication suggests a 
severe stripping action by centrifugal force which quickly 
reduces the film thickness to the critical value cited in the 
second conclusion of the reference. 

More recent tests at 1.2 x 10® DN, using air-oil mist 
lubrication (MIL-O-6081), gave similar results. In this 
case the amount of oil in the air stream which was injected 
into the bearing compartment was varied and the effect on 
bearing speed and temperature noted. Figure 8 shows a 
portion of the actual speed chart of this experiment which 
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Fic. 8. Effect of reducing lubricant concentration in oil-air mist 
stream on bearing performance, 1.2 x 10® DN. 


demonstrates the erratic speed of the bearings when total 
lubricant flow rate is reduced from 0.47 to 0.28 gm/min, 
indicating the latter oil rate to be critical with respect to the 
minimum requirements of the bearings. The oil rates 
given are rates into the bearing compartment only. The 
actual quantity of oil into the test or support bearing, is 
not known since the air-oil mist distribution within the 
compartment is not well defined. The absolute minimum 
oil requirement of the bearing is probably considerably 
less than supplied. Exactly what happens to the oil in the 
bearing is not known but it is believed that centrifugal 
forces on the various surfaces literally strip the active oil 
films and cause the bulk of the oil to be rejected. There 
seems to be no deterioration of the oil itself since there 
exists no evidence of the expected deterioration products, 
even after prolonged operation. 


Bearing life tests in the 20 mm rigs with grease 


The first few tests with grease in the 20 mm rigs at 1.0 x 
10° DN and 12 Ib axial load showed that grease lubrication 
of the 20 mm bearing was a very difficult problem. We 
learned soon that grease lubrication must be significantly 
poorer than oil-air mist lubrication because the rigs which 
were capable of operating 100 hours without failure with 
oil—air mist lubrication at 1.2 x 10® DN, failed to operate 
more than 10 hours at 1.0 x 10* DN with grease lubrica- 
tion. Figure 9 compares the operating temperatures for the 
same bearing assembly when lubricated with oil—air mist 
and grease. Inspection of the grease lubricated bearing 
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indicated a very definite lack of lubrication at the critical 
sliding surfaces (ball-to-separator pocket interface and 
separator control surface). 
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Fic. 9 Oil-air mist lubrication vs. grease lubrication. 


In these grease tests it was standard procedure to micro- 
balance each rotor at 20,000 rpm and to check each assembly 
with oil-air mist lubrication at 1.2 x 10° DN for 2 hours 
prior to running with grease. An assembly which did not 
show a low equilibrium temperature (130-170°F) was 
considered unsuitable for a grease test. Even with this 
checking procedure, numerous runs at 1.0 x 10® DN with 
various greases representing various grease properties such 
as oil viscosity, oil type, and gelling agents did not give 
sufficiently long life to allow evaluation of the influence of 
these properties. However, one run was obtained which 
indicated that operation with grease for extended periods 
was not impossible. In this run a MIL-G-3278 grease 
finished to a No. 4 grade consistency operated very satis- 
factorily for 106 hours at 1.0 x 10® DN and 18 lb axial 
load. At the 106 hour point, incipient bearing failure 
occurred which progressed to complete failure by 109 hours 
due to excessive bearing friction. Several attempts to 
duplicate this run were unsuccessful. One can merely con- 
clude that a fortunate combination of various factors made 
operating conditions less severe and hence allowed satis- 
factory lubrication to exist for a very much longer time. 
These factors are probably mechanical ones and most likely 
those - associated with rotor, or ball separator dynamic 
balance. In this connection it was noticeable during this 
run that the assembly was very smooth running, consider- 
ably better than previous or subsequent grease runs in these 
rigs at 1.0.x 10°DN.. -- , 

The problem of lubricating ultra high speed bearings, 
1.0 x 10° DN and higher, with grease appears to be one of 
maintaining a lubricating film in place between contacting 
components moving at very high relative sliding velocities 
against the action of centrifugal and vibratory forces. As 
already discussed the ultra high speed bearing requires a 
continuously replenished supply of lubricant. Also, at 
these extremely high speeds, the severity of the operating 
conditions appear to depend primarily on the overall 
mechanical condition of the rig assembly. The encouraging 
109-hour run with grease at 1.0 x 10° DN confirms the 
fact that conditions exist which will allow a bearing to 


operate at ultra high speed with grease lubrication. One is 
led to believe that an assembly which is mechanically 
extremely precise with respect to dimensional tolerances, 
fits, load alignment, and dynamic balance of the rotor and 
ball separator should show good performance with grease 
lubrication. Evidence indicates that overall mechanical 
condition of the rig is more important to good operation 
with grease than the properties of the grease, within limits. 
Relative to maintaining a film of lubricant at the critical 
sliding surfaces an experiment was made in which a thin 
film of grease (MIL-G-3278) was “‘plated” on the bearing 
surfaces by dipping the bearing in a solution made by dis- 
persing the grease in solvents. Oven drying of the bearing 
left an evenly distributed grease film on the working surfaces 
of the bearing which was subsequently operated at 1.0 x 
10® DN and 18 Ib axial load. Figure 10 shows a portion of 
the time-speed chart for this run and demonstrates the 
life span of such a film. Adequate lubrication was obtained 
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Fic. 10 Speed-time chart showing short lubricating life of grease 
film. 


for about 30 minutes, followed by several short distress 
periods and then one large dip in speed which was accom- 
panied by a rise in temperature. At this point a’ short 
injection (20 secs) of oil—air mist into the bearing compart- 
ment immediately restored speed and dropped temperature. 
After about 5 minutes of smooth operation a second dip in 
speed was obtained which was again overcome by a second 
injection of oil—air mist for one minute. A third large dip 
in speed occurred after about 8 minutes which was elimi- 
nated by oil-air mist injection. Continuous injections of 
oil-air mist gave good operation for several hours with no 
additional distress periods. 


Effect of grease variables 


While the mechanical problems of the 20 mm rigs were 
being worked out, the less severe 25 mm rig was used to 
investigate the effect of grease variables upon bearing 
performance. Operation was at 1.0 x 10° DN with two 
different angular contact ball bearings, one equipped with 
a phenolic separator and a second with a lightweight single 
piece machined separator. The studies performed were 
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strictly of an exploratory nature and limited to 6 hours 
duration. The bearing was lightly loaded (12 lb axial) and 


packed with two grams of grease. Grease retainers on either 


side of the bearings were left vacant so that grease from 
the bearings could clear into them. No external heat was 
applied as it was of interest to note the self-induced 
equilibrium temperature of the bearings. 
The grease variables considered in these initial tests were 

the following: 

(a) Grease consistency 

(b) Viscosity of the oil in the grease 

(c) Oil type 

(d) Gelling agents. 


(a) Grease Consistency—The effect of grease consistency 
was found to be most noticeable during initial start-up. 
Movement of the grease from the bearing offers strong 
resistance to motion and prevents the bearing from acceler- 
ating quickly to the desired speed. If the bearing is forced 
to accelerate rapidly, then the resulting severe churning 
of the grease causes the bearing temperature to increase at a 
runaway rate. It was observed that churning is more severe 
with a soft grease tha. a hard grease. Table 1 shows some 


TABLE 1 
Effect of Grease Consistency on Duration of Breakaway 
Period 
Quantity of grease in bearing: 2 gm 
Test load: 6 Ibs axial 
Final equilibrium DN value: 0.75 + 10° 





| Breakaway 








Consistency period, 
Grease Basic composition ASTM pen. mins. 
A Soda soap 204 3 
550 SUS/100°F oil Grade 4 
B Lithium 12-OH Stearate 240 30 
550 SUS/100°F oil Grade 3 
Cc Lithium 12-OH Stearate 325 50 
750 SUS/100°F oil | Grade 1 











data: illustrating the effect of grease consistency on the 
duration of the breakaway period for the No. 4 and the No. 
1 grade grease. The breakaway period is that period just 
after start-up, during which grease movement and resistance 
to bearing motion is the greatest. During equilibrium 
operation at the desired speed there was no significant 
difference in bearing operation by changing grease con- 
sistency in the range 2 to 4 grade. 


(b) Oil Viscosity—A series of tests was made at DN 
values of i.0 x 108, 1.25 x 10%, and 1.5 x 10° with two 
greases containing mineral oils of widely different viscosity, 
500 SUS at 100°F and 400 SUS at 100°F viscosity. The 
grease with the lighter oil was gelled with a lithium hy- 
droxystearate soap and the other with a sodium benzoate- 
beeswax soap. Figure 11 shows the effect on bearing tem- 
perature of oil viscosity for the three different speeds 


employed. The heavy viscosity oil is most effective at the 
highest DN values where the low viscosity oil allowed severe 
bearing failure to occur in about two hours. In contrast, 
the bearing running with the higher viscosity oil had 
reached, during this same period, a reasonably low and 
stable equilibrium temperature. 
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Fic. 11. Effect of oil viscosity on bearing performance. 


These data suggest that oils of high viscosity resist 
rapid breakdown of the lubricant film probably due to the 
very high ball loading induced by the high centrifugal 
force at these very high DN values, and also by the strip- 
ping action of the centrifugal force on the film itself. 
Viscosity of the oil becomes more significant at the higher 
speeds where ball loading and sliding velocities are higher 
and where the effect of small unbalance in rotating parts is 
greatly magnified. Figure 12 iilustrates the difference 
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4400 SUS 100° F 


Fic. 12. Bearing damage with greases containing low and high 
viscosity mineral oils 1.5 x 10* DN. 
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between bearing damage at very high DN with low vis- 
cosity oil (ball to raceway failures) and high viscosity oil 
(separator only moderately worn). 


(c) Oil Type—The influence of oil type on bearing per- 
formance and running temperature was briefly investi- 
gated at 1.0 x 10° DN using Bearing A with the phenolic 
separator. As shown by Fig. 13 the difference in perform- 
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Fic. 13. Bearing performance as a function of oil type. 


ance between a diester and a mineral oil grease is not large, 
while with the silicone oil grease performance is very 
drastically inferior to both. At 1 x 10® DN the silicone oil 
led to bearing failure in 20 minutes, during which time the 
temperature of the bearing reached 180°F and was rising 
very rapidly. These tests effectively demonstrated the poor 
load-carrying capacity of the silicone’ oil greases under 
high-speed conditions and confirms similar findings by 
other investigators. 


(d) Gelling Agent—As with consistency the most sig- 
nificant effect of the gelling agent was noted during the 
breakaway period. The time-temperature relationship 
during the breakaway period was observed for four greases 
gelled respectively with a lithium hydroxystearate soap, a 
complex soda-beeswax soap, a clay and a silica. The clay 
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Fic. 14. Effect of gelling agents on bearing performance. 





and lithium greases contained identical mineral oil of 500 
SUS/100°F viscosity while the silica and the soda-beeswax 
greases contained identical mineral oils of 4400 SUS/100°F 
viscosity. It is interesting that the relatively smooth 
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textured gelling agents (silica, clay, lithium) regardless of 
the viscosity of the oil gave approximately the same tem- 
perature-time histories for the duration of the entire run. 
On the other hand, the fibrous, “sticky”, soda—beeswax 
grease gave very high temperature rise during a very much 
longer breakaway period and then levelled off to an equi- 
librium temperature a few degrees higher than the other 
greases. Figure 14 shows these temperature-time curves 
for these gelling agents. Prolonged operation such as that 
obtained in the breakaway period with the soda—beeswax 
grease can cause serious bearing damage, particularly to 
the ball separator. Very adhesive or long fibered greases 
should be avoided in very high speed applications. 

As part of this work, considerable information was ob- 
tained as to the effect of centrifugation on greases. Throw- 
off, forced bleeding, and crushing of greases as a function 
of centrifugal force and grease composition and properties 
was studied. Eventually such information will help explain 
grease performance in bearings. At present, the information 
can be used only qualitatively in view of the over-riding 
influence of mechanical factors when operating at 1.0 x 
10® DN with present bearings. 


Conclusions 


From this work come several general conclusions with 
respect to grease lubrication of anti-friction bearings at 
ultra high speeds in the range above 1.0 x 10° DN. 

1. Mechanical factors such as vibration, bearing design, 
bearing fit and tolerances, dynamic balance, load alignment, 
etc., have more influence on the performance of the bearings 
studied than gross grease variables. 

Under ideal conditions, where dynamic unbalance is 
extremely small, vibration negligible, load alignment per- 
fect, and load magnitude small, the studies indicate that 
adequate lubrication with grease is possible for periods over 
100 hours. 

Typically, grease lubrication was only adequate for very 
short periods under the test conditions generally in exist- 
ence in the ultra high speed rigs. 

2. The difficulty of maintaining adequate amounts of 
lubricant against the action of centrifugal force in the 
critical areas explains in part the poor lubrication experi- 
enced with greases. High bleeding may be an advantage in 
a grease. On the other hand, too much or too adhesive a 
grease in the operating areas can lead during start-up to 
excessive heat generation and failure again. 

3. Grease compositional factors leading to better per- 
formance are: 

Smooth texture and hard consistency (NLGI Grade 3 or 
4) compared to sticky fibrous texture or soft consistency. 

At the temperature investigated, synthetic oil of the di- 
ester type was slightly superior to mineral oil and greatly 
superior to silicone oil. 

More viscous oil base was superior to low viscosity base 
oil. 
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A Dynamic Oxidation Test to Evaluate Grease 
Performance at High Temperatures 


By HENRY E. MAHNCKE! and DAVID J. BOES? 


An instrument to evaluate grease or ball bearing performance at high temperatures under 
actual operating conditions has been developed. Operation of the bearing in an oxygen atmo- 
sphere has considerably reduced the total testing time required. By measuring the rate of oxygen 
consumption during a test, data on the chemical changes taking place in the grease are obtained, 
and the time of grease failure can be pinpointed quite accurately and reproducibly. 

Typical oxygen consumption curves of various greases, as well as data which show the effect 
of the internal bearing clearance and the bearing’s ABEC classification on grease life, are 

included. 


Introduction 


HIGH temperature and high speed applications for ball and 
roller bearings are increasing rapidly. As a result, lubricants 
with improved high temperature performance are needed, 
as well as instruments to evaluate their performance under 
actual operating conditions. In 1953 a project was begun 
to develop an instrument which, while evaluating the lubri- 
cating ability of greases at high temperatures, would furnish 
data useful in studying the mechanism of grease failure. 

There are at present various devices supplying useful 
data on high temperature grease performance and life. 
However, the purpose of this project was to build a device 
which would not only provide data of broader application 
but also shorten the total testing time required and im- 
prove the reproducibility of the data. 


Description and apparatus 


The test unit, Fig. 1, consists of an extensively modified 
one horsepower, 220 volt, three phase, class H insulated 
induction motor. The rotor, shaft, and end bells of the 
motor were removed and in their place a thin-walled brass 
tank was made to slide snugly into the stator. 

The outside diameter of the rotor was reduced to ap- 
proximately y in. less than the inside diameter of the 
tank. After removing the motor’s shaft from the rotor, a 
hole was bored through the rotor slightly greater in diameter 
than the outer dimension of a 204 ball bearing. The walls 
of this hole were then plated with nickel until it eventually 
received the bearing with a thumb push fit. A shaft was 
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made to slip into the bore of the bearing. This is locked to 
the bearing’s inner race with a lock nut. 

A three-spring cross-spring pivot system, made up of 
two rings linked together with three flat lengths of spring 
steel (0.017 in. thick), is then slipped into each end of the 
shaft (Fig. 1). At the center and rear of the inner ring of 
each pivot system there is a square rod which slips into a 
square hole broached longitudinally through the shaft. 
Thus the rotor rotates freely on the bearing, is supported 
by the ring assembly, and is centrally located with respect 
to both the stator and the tank. The outer rir_zs are keyed 
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Fic. 1. Cross section view of grease oxidation tester. 
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to the tank to prevent their rotation. This suspension 
system offers three advantages: (1) It prevents displacement 
of the center of rotor rotation, keeping the rotor centered 
with respect to the tank regardless of the number of degrees 
through which the shaft is turned by the running torque 
of the bearing, (2) Since necessity of any supporting bear- 
ings is eliminated, all measurements taken are on one bear- 
ing and the grease it contains and are not complicated by 
the presence of other bearings, and (3) The bearing’s 
running torque can be measured. 








18 
Test method 


The test bearing is thoroughly cleaned with an organic 
solvent. After being dried in a mild stream of dry air, the 
clean bearing .s weighed to the nearest 0.01 gm. Grease is 
then packed as evenly as possible in the bearing with the use 
of a hypodermic syringe until the desired weight of grease 
has been applied. 

After the lubricant has been packed in the bearing, the 
shaft is slipped through the bearing bore and locked to its 
inner race. The bearing is then pressed into the rotor and a 
suspension system inserted in each end of the shaft. The 
bearing assembly (Fig. 2) is then slipped into the tank and 
the entire system made vacuum tight by clamping a glass 
window against an O-ring seal surrounding the open end 
of the tank. The system is evacuated and flushed with oxy- 
gen twice before the test begins. Heating is obtained through 
conduction from the windings and stator of the motor, and 
temperatures up to 250°C at the bearing are possible. 
‘Automatic voltage regulation, controlled with a thermistor 
unit (Fig. 3) inserted in the tank, maintains a temperature 
constant to << + 1°C. A thermocouple inserted in the shaft 
against the inner race of the bearing gives a continuous 
record of bearing temperature. 

During the time that the test chamber and contents are 
being heated to the desired temperature, the rotor is held 
stationary by cutting out one of the phases of the three phase 
line. When temperature is reached, this phase is closed and 
the test begun. A two-foot square plexiglass cage rein- 
forced with 0.040 in. expanded metal completely encloses 
the test unit for safety purposes. 

Through the use of two pressure sensitive switching 
devices (Fig. 3) an oxygen pressure of 840 mm Hg (1.5 
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Fic. 2. Bearing suspension assembly for grease oxidation tester. 
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Fic. 3. Schematic of grease oxidation test. 
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psi gage) is maintained. Each time a 4 mm pressure drop 
due to oxygen consumption is sensed by the pressure switch, 
a solenoid valve is energized, admitting oxygen and re- 
turning the system to test pressure. All such operations are 
automatically registered on the recorder, thereby permitting 
the total amount of oxygen consumed, as well as the rate of 
oxygen consumption, to be measured. 

Grease failure is taken as that time at which the grease has 
lost its ability to lubricate the bearing effectively. This 
point is marked by a sharp break in the oxygen consumption 
curve at which time the bearing components, particularly 
the retainer, begin wearing severely. The rapid oxidation 
of the wear products from the bearing causes the sharp 
increase in oxygen up-take. In most cases, the test is topped 
manually a few hours after wear has begun. As a safety 
precaution, however, a current overload device, built into 
the instrument, will automatically stop the test if failure 
occurs while the apparatus is unattended. 


Results 


Oxygen Absorption Data—In all the runs which are 
reported in this paper, a 204 ball bearing having a steel 
retainer and packed with one gram of grease was used. 
Tests were run continuously under a 12 Ib radial load at 
1750 rpm and 190°C ambient. 

The oxygen consumption data are presented in the form 
of a plot of volume of oxygen consumed versus running 
time of the test. 

Typical results for two types of silicone greases are shown 
in Fig. 4, which also illustrate clearly the point of initial 
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Fic. 4. Oxygen consumption curves of 1 gram of greases ‘“‘A” and 
“B” lubricating a 204 ball bearing at 200°C, 1750 rpm. 


bearing wear—that taken as grease failure. About three to 
four hours before this point is reached, a gradual rise in 
bearing temperature begins as shown by the dotted lines in 
Fig. 4. After approximately one hour this temperature 
begins rising rapidly and in a few minutes reaches its peak 
of 30°C to 40°C above the normal 200°C operating tem- 
perature. At this point the bearing is quite noisy. The 
temperature soon begins dropping, however, at first 
rapidly and then more slowly, until it levels off about 5°C 
above normal. During the remaining portion of the test, the 
bearing holds at this temperature, the noise level drops until 
it becomes a continuous dry, scraping sound and oxygen 
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consumption rises rapidly with the accumulation of wear 
products in the chamber. Analyses, made on these wear 
products collected from the chamber and face plate of the 
instrument, show that over 90% is iron oxide (Fe,O3). 

Results so far indicate that operating the bearing in 
oxygen, instead of air, shortens the length of the test con- 
siderably. This has not yet been proven by comparing the 
life of a grease in air with its life in oxygen on this instru- 
ment. Since an important factor in the cause of grease 
failure is its oxidation, however, it seems reasonable to as- 
sume that grease life is reduced by operating in oxygen 
instead of air. The oxidation of the lubricant causes an 
increase in its viscosity, and the formation of gums and 
varnish. These oxidation products impair the rotation of the 
balls within the cage and reduce the internal clearance 
between the balls and races of the bearing. The results are 
high running torques and increased bearing temperatures, 
which in turn cause further and more rapid grease oxida- 
tion and eventual failure. Life tests on various greases using 
this instrument are approximately five times shorter than 
those run under similar conditions on a conventional unit 
in an air atmosphere. 


Effect of Internal Clearance—Originally this instrument 
was designed to. study grease and its behavior at high 
temperatures. After a few tests were run, however, it be- 
came evident that the bearings themselves were responsible 
for a large proportion of the failures. The results of these 
first few tests showed that although tests were run on the 
same amount of the same grease, under the same conditions 
of temperature and atmosphere, life spans of the grease 
varied from 1.5 to 240 hours. It had been reported in the 
literature that the shaft fit (1) with the new bearing and 
the bearing’s ABEC classification (2) (Annular Bearing 
Engineers Committee) seemed to have a direct effect on the 
life of the grease. Therefore, a program was set up to learn 
what effect the internal clearance, or fit-up and the ABEC 
rating of the bearing had on grease life and test reproduci- 
bility on this instrument. 

The first phase of the program involved running a series 
of tests on a group of bearings all of.the same ABEC rating 
but of different internal clearances. A minimum of two 
tests were made on each internal clearance, and in the 
majority of cases, tests were run in triplicate. The study was 
carried out on both non-heat-stabilized bearings, rated as 
ABEC-5 and bearings stabilized for operation at 450°F 
and rated as ABEC-1. 

The results of these tests are shown in Figs. 5 and 6 in 
the form of a plot of grease life versus the bearing’s internal 
radial clearance. It should be understood that at this point 
too few runs have been made to evaluate the data statistically 
and give a true probability picture. For this to be done, 
many more runs should be made on each fit-up. The 
following paragraphs, therefore, are the authors’ interpre- 
tation of the data which has been gathered so far, and of the 
trend indicated. It is their feeling, however, that if more 
runs were to be made, the data would fall into the same 
general picture. 

The results indicate that the smaller the test bearing’s 
initial internal clearance the shorter the grease life and the 


poorer the test reproducibility. With very low internal 
clearances (—0.0001 to +0.0001 in.) the grease life is 
shortened severely with failure occurring after only five to 
ten hours’ operation. As the internal clearance becomes 
larger the life of the grease is improved, but the repro- 
ducibility of the results is extremely poor with variations of 
over +50% from the average of three runs on the same fit. 
This trend holds up to an initial nominal internal clearance 
of 0.0008 in., at which point the spread between results 
narrows to where they are reproducible to +6% from the 
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Fic. 5. Curve showing effect of ball bearing internal clearance on 
grease life and test reproducibility at 190°C ambient. 
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Fic. 6. Curve showing effect of ball bearing internal clearance on 
grease life and test reproducibility at 190°C ambient. 


average of three runs. Beyond this point, an additional in- 
crease in the test bearing’s internal clearance does not im- 
prove test reproducibility. Grease life, however, continues 
to improve at high internal clearances—with good test 
reproducibility—auntil it finally reaches a plateau at an 
internal clearance of about 0.0012 in. 

In short, two separate factors are aiding in improving 
test reproducibility and grease life as the initial internal 
clearance is increased. These are, first, improvement in test 
reproducibility as the internal clearance increases from 0 to 
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0.0008 in., gradually eliminating the danger of bearing 
seizure due to a tight bearing and permitting the grease to 
lubricate the bearing for the lubricants entire useful life; 
the second, improved grease life from 0.0008 to 0.0013 in. 
initial internal clearance—with consistent, good reproduci- 
bility—as the bearing’s running temperature drops due to 
the increased clearance, thus allowing the grease to run 
cooler and therefore last longer. This improvement in 
grease performance continues until a plateau is reached 
where no further improvement can be gained because the 
bearing temperature has finally dropped to a point where it 
is very close to the ambient temperature of the test. 

The first factor affecting test reproducibility and grease 
life (Fig. 6) can be explained in the following way. As the 
grease is oxidized, varnish and gums are formed which 
accumulate on the bearing components, such as the race 
shoulders, the balls, and even the sides of the ball race 
itself. Eventually a piece of dried grease falls into the ball 
path. The lack of sufficient clearance between the balls and 
races of the bearing then prevents or delays the balls from 
wiping this obstruction out of their path. This results in a 
subsequent rise in the operating temperature of the bearing 
and further and more rapid oxidation, which in turn causes 
increased running torque, an additional rise in temperature 
and further accumulation of oxidized grease. 

This accelerating process continues until a severe and 
rapid temperature rise occurs due to a very tight bearing. 
Complete breakdown of the grease then takes place and 
wear begins. It can be seen that the point at which the first 
bit of dried grease or foreign material gets into the ball 
track will not always occur at the same time for each test. 
Nor does there seem any justification for believing that this 
time will even be reasonably reproducible, since the grease 
at this point is still in fairly good shape as shown by com- 
parison of its infrared spectra with that of the new grease. 
When this uncertainty in the life of the test is augmer.ted by 
the fact that the internal clearances of any group of bearings 
with the same fit-up are not all identical but have a toler- 
ance of +0.0003 in. from the nominal, the cause for the 
inconsistency of the results is apparent. For example, in 
run No. 13, Table 1, the grease life was 83 hr. For run No, 
12, grease life was only 39 hr although it was made under 
the same conditions with a bearing of the same “‘nominal’”’ 
internal clearance. It is the authors’ contention that in the 
shorter run the internal clearance of the bearing was on the 
low side of the tolerance, or approximately 0.0001 in. while 
for the longer run the bearing used was on the high side 
of the ‘tolerance or 0.0007 in. This extra clearance in the 
bearing allowed it to clear the ball track more easily and 
rapidly when an obstruction entered it keeping the bearing’s 
running torque and temperature lower and thereby in- 
creasing the life of the grease. 

The consistent and improved test reproducibility with the 
use of larger internal clearance bearings (No. 8 fit), how- 
ever, indicates that the conditions present in tight bearings 
which cause poor agreement in test results and short grease 
life no longer exist. Therefore, it is necessary to search for 
some other effect which enters the picture when bearings 
having greater than a No. 8 fit are used, causing the con- 
tinued improvement in grease life with good reproduci- 


bility. This is found if one studies the inner race temperature 
for bearings of various initial internal clearances, remember- 
ing that in this instrument the “ambient” temperature is 
controlled rather than the bearing temperature. It can be 
seen clearly in Table 3 that the bearing’s running tempera- 
ture continues to drop as the nominal internal clearance 
rises above a No. 8 fit corresponding to 0.0008 in. This, 
then, is the point at which the second factor comes into 
play resulting in the continued improvement in grease life. 
At this point, increasing the internal clearance results in 


TABLE 1 


Effect of Ball Bearing* Internal Clearance on Grease Life and 
Test Reproducibility at 190°C Ambient 











Bore Outside 
Internal Initial diameter, in. diameter, in. 

Run |clearance,t} wear, 

No. in. hr Before | After | Before After 
15 0.0000 6 .7872 | .7872 | 1.8501 | 1.8494 
16 0.0000 9 .7872 | .7874 1.8501 1.8494 
17 0.0000 4 .7870 | .7872 | 1.8503 | 1.8496 
12 0.0004 39 .7872 | .7872 | 1.8504 | 1.8494 
13 0.0004 83 .7872 | .7872 | 1.8502 | 1.8496 
14 0.0004 53 .7871 | .7872 | 1.8503 | 1.8496 
18 0.0008 52 .7871 | .7872 | 1.8501 | 1.8499 
19 0.0008 55 .7870 | .7872 | 1.8501 | 1.8500 
20 0.0008 58 .7870 | .7869 | 1.8501 | 1.8497 
60 0.0014 110 — a — | — 
61 0.0014 94 — _ es aes atrgee 
21 0.0026 107 .7871 | .7873 | 1.8503 | 1.8500 
22 0.0026 87 .7870 | .7872 | 1.8503 | 1.8500 
23 0.0026 .. 87 .7871 | .7872 | 1.8502 | 1.8500 























* Bearings heat stabilized to 450°F — ABEC-1 
¢ Tolerance = + .0003 


TABLE 2 


Effect of Ball Bearing* Internal Clearance on Grease Life and 
Test Reproducibility at 190°C Ambient 








Bore Outside 
Internal Initial diameter, in. diameter, in. 
clearance,{| wear, 
in. hr. Before ; After Before After 





.0002 
.0002 
.0002 
.0002 


71 .7872 -7879 1.8503 1,8504 

67 -7872 -7876 1.8503 1.8505 

91 -7872 -7874 1,8503 1.8500 

92 -7872 .7873 1.8504 1.8502 

.0010 91 -7872 -7873 1.8504 1.8503 

.0010 83 -7873 -7873 1.8503 1.8498 

.0010 107 -7873 -7872 1.8503 1.8500 

.0014 85 -7872 -7873 1.8503 1.8497 

.0014 87 -7871 7876 1.8504 1.8497 
.0020 86 
90 


.0020 7872 -7866 1.8505 1.8502 




















* Non-heat stabilized bearings — ABEC-5 
¢ Tolerance = 0.0002 
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effectively lowering the running temperature of the bearing, 
thereby causing an additional improvement in grease life. 
This improvement continues until the bearing temperature 
has dropped to the ambient test temperature, at which time 
no further improvement can be gained. 

It is interesting to note that this argument is supported 
by the chemical rule of thumb stating that the rate of a 
chemical reaction doubles with every 10°C rise in tempera- 
ture. In those runs on No. 5 fit bearings, with a bearing 
temperature of 201°C the tests lasted an average of 58 hr 
before failure. In those runs on No. i1 fit bearings, with a 
bearing temperature of 192°C, the tests lasted 102 hr, or 
almost twice as long. 

It may be also interesting to note the change in bore and 
outside diameters of the test bearings. These were mea- 
sured before and after the test and are listed in Table 1. As 
was expected, the unstabilized bearings suffered a perma- 
nent thermal distortion of both bore and outer race dimen- 
sions at this temperature. In measuring the outside diameter 
of the heat stabilized bearings, however, it was found that 
in almost every case the bearing’s outer dimension was 
reduced. This reduction varied from 0.4 to 1.0 mil. In 
practically every case the bore diameter after the test was 
the same as the original dimension. It would seem that this 
reduction in the outer dimension of the bearing, if reflected 
internally as a further loss in internal clearance, is an addi- 
tional reason for the poor agreement in test data obtained 
with bearings of small internal clearance. 


TABLE 3 


Inner Race Bearing Temperature For Various Fits at 190°C 
Ambient Test Temperature 

















Fit No. Bearing temperature, °C Life, hr* 

4 204 6 
5 201 58 
8 199 55 

11 192 102 

17 191 94 

* Average of three runs 
Effect of ABEC rating 


The second phase of the program consisted of a series of 
three tests each on bearings of the four ABEC ratings, all 
bearings having the same nominal internal clearance. The 
nominal internal clearance selected for these tests was 
0.0007 in. The tolerance for the ABEC-1 and ABEC-3 
bearings was +0.0003 in. from nominal, while that for 
ABEC-5 and ABEC-7 bearings was +0.0002 in. from 
nominal. All bearings were stabilized for operation at 
450°F and had a steel retainer. The results of this experi- 
ment are shown in Fig. 7 as a plot of grease life versus the 
bearing’s ABEC classification. 

As can be seen from this curve, it appears as though the 
ABEC classification of the test bearings has a marked effect 
on the life of the grease. In fact, the grease life was doubled 


—from an average of 55 hr to 108 hr—when bearings rated 
as ABEC-7 were used instead of those rated as ABEC-1. 
The authors again realize that the amount of data which 
had been collected on this subject at the time this paper was 
written is not enough to be conclusive. For it to be so, they 
must be supplemented by many more runs along these same 
lines of investigation. It is felt, however, that the data which 
has been collected thus far does indicate a trend which cannot 
be ignored; it being that an appreciable improvement in 
grease life is obtained with higher precision bearings. 
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Fic. 7. Curve showing effect of ABEC rating on performance of | 
gram of grease in 204 bearing, 1750 rpm., 200°C in oxygen. 


In tests run in an ambient temperature of 190°C, inner 
race bearing temperatures ranged from 201°C to 202°C for 
the ABEC-1 and ABEC-3 bearings, and from 199°C to 
200°C for the ABEC-5 and ABEC-7 bearings. The explana- 
tion offered by the authors for the improvement in grease 
life with ABEC rating is two-fold. The small but definite 
drop in precision bearing temperature will tend to increase 
the grease life to a certain extent in these bearings. However, 
the difference in lubricant requirements between precision 
bearings and standard bearings, due perhaps to the closer 
tolerances to which precision bearings are held, has a much 
more pronounced effect on the life of the grease. These 
include closer tolerances on radial run-out, groove paral- 
lelism with sides, side run-out, and surface finish. Although 
this improvement in the life of a grease in precision bearings 
is nullified if the internal clearance of the ABEC-1 bearing 
is increased to 0.0013 in. as against 0.0007 in. for the 
ABEC-7 bearing it is believed that larger internal clearances 
in the precision bearing would also result in longer grease 
life. 

This series of tests also tends to strengthen the argument 
against using bearings of small internal clearances for test 
purposes. The largest deviation in test results took place 
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with the ABEC-5 group of bearings and was approximately 
+6% from the average of the four runs made. For the 
remaining three groups of tests, this deviation dropped to 
+5%, +3% and +2% for ABEC-1, ABEC-3, and 
ABEC-7 bearings respectively. 


Conclusions 


The writers are convinced that the instrument described 
in the preceding pages has reached the point where it can 
be a useful tool in grease and ball bearing research. It can 
be used for studying the rate of grease oxidation and the 
mechanism of grease failure over a wide temperature range 
(70°C to 250°C). Furthermore, it can be used to measure 
what effect changes in bearing design or material has on the 
life of the grease. The studies may be made in oxygen, air 
or other atmospheres if desired. The testing procedure is 
easily learned, and the instrument is sturdy enough to allow 
its use in plant facilities where simple screening tests could 
be made on new or standard greases about five times faster 
than with units now in use. a 

The careful selection and control of internal clearances 
in test bearings has been shown to be of extreme importance 
for any grease evaluation program. A nominal internal 
clearance of no less than 0.0007 in. and preferably larger 
should be specified for any bearings to be used for test 
purposes. 

Results indicate that there are two separate and distinctive 
effects obtained as the initial nominal internal clearance of 
the test bearing is increased. The first results in both im- 
proved test reproducibility and grease life until an internal 
clearance of 0.0008 in. is reached. As the internal clearance is 
increased, an additional improvement in grease life is 
obtained as the operating temperature of the bearing con- 
tinues to drop. Test reproducibility remains essentially 
constant during this period. With the proper care and 
consistency in selecting these test bearings, results obtained 


on grease life with this instrument have been repro- 
ducible to within +6% of the mean. 

Experiments with this instrument have strongly indicated 
that the ABEC rating of the test bearing is also an important 
factor controlling the life of a grease; the grease life being 
approximately doubled when precision bearings (ABEC-7) 
are used instead of standard bearings (ABEC-1). 

It is the writers’ opinion that it is fruitless to compare 
with certainty life test data on greases lubricating ball 
bearings at 200°C or higher, if test bearings are selected 
with no regard for initial internal clearance or ABEC 
classification. In short, the test bearing’s ABEC rating and 
nominal internal clearance should be listed side by side in 
importance with test temperatures, load, and type and 
amount of grease. This statement must be restricted here to 
silicone greases, since those were the only ones investigated 
in this program. The results would probably be similar with 
petroleum oil, metal soap type greases, but the trend is 
difficult to pick up because of the very short running times 
obtained with these greases at 200°C. 
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Investigation of Factors Governing Fatigue Life with 
the Rolling-Contact Fatigue Spin Rig 


By T. L. CARTER’, R. H. BUTLER?, H. R. BEAR® and W. J. ANDERSON* 


A simple bench test for evaluating materials and lubricants under actual rolling-contact stresses 
is described. Stress-life relationships for mineral-oil lubricated SAE 52100 balls and AISI 
M-50 (MV-1I) tool steel cylinders compared favorably with those obtained in full-scale 
bearings. Most failures originated in subsurface shear and closely resembled those obtained in 


bearings. 


A study of the effect of fiber orientation on fatigue strength revealed that the polar (or end 
grain) area was weaker in fatigue than the non-polar area. Structure changes were found in the 
highly stressed regions of both SAE 52100 and AISI M-1 tool steel. Inclusions, structure 

change, and directionalism are believed to adversely affect fatigue life. 


Introduction 


The application of rolling-contact bearings in aircraft 
gas-turbine engines has created a complex of problems that 
is commonly referred to as the high-temperature-bearing 
problem (1, 2). Rolling-contact bearings, if properly de- 
signed, installed, and lubricated, do not wear out by abra- 
sion, but fail by fatigue of the races and rolling elements. 
Ball failures account for 40 to 60 percent of bearing com- 
ponent failures (3). A thorough investigation of factors 
governing fatigue life in rolling-contact bearings is of major 
importance to the successful solution of this problem. 

Hot hardness and dimensional stability, as well as 
satisfactory fatigue strength, are the most important 
criteria for selecting a high-temperature bearing steel. The 
standard bearing steel, SAE 52100, is limited to temperatures 
below 400°F owing to loss in hardness, so that new materials 
are needed if bearings are to operate above this temperature 
level (4). In the tool steels is a large group of commonly 
used alloys possessing hot hardness and dimensional 
stability. Although little is known about the rolling-contact 
fatigue strength of these steels, some of them are very 
promising for high-temperature aircraft-bearing applica- 
tions. Fatigue data are needed to evaluate the more pro- 
mising steels, and basic investigations of the mechanism of 
rolling-contact fatigue are required for guidance in future 
development and specifications of bearing materials. 
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Material fatigue is known to be statistical in nature. Be- 
cause of the wide scatter in fatigue data, large groups of 
specimens must be tested under identical conditions of 
stress and environment to obtain conclusive results. The 
present method of running complete bearings to determine 
rolling-contact fatigue life is both time-consuming and 
expensive. A desirable solution would be a simpler test 
that has fewer variables, each of which could be more 
accurately controlled. The most expedient alternative in the 
selection of a simplified test would be the use of standard 
fatigue testing machines that apply cyclic tensile, compres- 
sive, or torsional stresses to a specimen (5). However, these 
tests do not correlate with rolling-contact fatigue tests. For 
this reason, ordinary fatigue machines are not useful in the 
evaluation of materials for rolling-contact bearings. A bench 
test that maintains specimens in rolling contact would 
duplicate the stress pattern found in normal bearing opera- 
tion. 

The purposes of this investigation were: (a) to evaluate 
the rolling-contact fatigue spin rig as a tool for use in 
basic rolling-contact fatigue studies; (b) to examine the 
influence of fiber orientation on ball fatigue life; and (c) 
to study causes of failure. The results are based on work 
reported in references (6, 7 and 8). 


Apparatus 


Figure 1 is a cutaway view of the rig used for the rolling- 
contact fatigue studies. The rig design is fully described in 
(9). In this rig two balls are driven by air jets around the 
bore of a cylindrical race. The balls assume a fixed axis of 
rotation so all stress is applied to one circular track. Loads 
are provided by centrifugal force and changed by adjusting 
speed. Speed and temperature are controlled automatically. 
A failure detection and automatic shutdown system is pro- 
vided. Controlled lubricant flow is introduced through a 
capillary drip tube. A complete description of the instru- 
mentation and lubrication system for the rig is given in (6). 
In addition to a normal stress pattern, the spin rig has these 
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advantages: (a) accelerated failure time, (b) greater control 
of each variable, and (c) fewer variables than are encoun- 
tered in full-scale bearing tests. For, the metallographer, the 
restricted location and small size of the stressed volume is a 
great advantage in studying the effect of various metallur- 
gical factors on rolling-contact fatigue life. Both races and 
balls may be tested in the rolling-contact fatigue rig. This 
test apparatus is a simplified method of evaluating the per- 
formance of materials in rolling-contact fatigue. 





NOZZLE 
ASSEMBLY 


Fic. 1. Rolling-contact fatigue spin rig. 
(a) Cutaway view. (b) Schematic diagram. 
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Results and discussion 
Validity of Test Apparatus 


In order to prove that the data secured from this rig are 
reliable, it is necessary to show that the stress-life relation- 
ship and general failure type are the same as observed in 
full-scale bearing tests (6). A standard material and standard 
lubricant were chosen. SAE 52100 bearing steel balls were 
run at maximum Hertz stress levels of 600,000, 675,000, 
and 750,000 psi. 

Stress-life Relationship—For each group of balls, the life 
in stress cycles at which 90% of the specimens survived 
was determined from standard Weibull plots and this life 
plotted as a function of stress. The results are shown in 
Fig. 2. The life in stress cycles varies inversely as the 10.4 
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Fic. 2, Variation of ball life with applied stress. Balls, grade 1, 
#-in. SAE 52100 steel; room temperature; lubrication, SAE 10 
mineral oil at 5 ml per hour. 
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power of stress, which is in general agreement with industrv - 
accepted values of 9 to 10 for full-scale bearings. 

Failure Type—Fig. 3 is a comparison of failures obtained 
in a full-scale bearing (Fig. 3a, b, c) and in bench test speci- 
mens (Figs. 3d, e, f, and g). They are both characterized 
by being localized in nature (Fig. 3a vs. 3d) and limited in 
depth of spalling (Fig 3b vs. 3e). Matrix cracking of sub- 
surface origin occurs near the plane of maximum shear 
stress (Fig. 3c vs. 3f). More detail was observed in ball 
failures from this rig than in a bearing failure because failure 
progression can usually be stopped at an earlier stage. This 
is of great advantage in studying failure causes. 

Similar results were obtained for the AISI M-50 (MV-1) 
tool steel race specimens tested. Stress-life relationship and 
failure appearance compared favorably with full-scale 
bearing experience. A more thorough analysis of these data 
is given in (6). 

It is felt that this bench test apparatus produces the same 
test conditions as in full-scale bearings with the added 
advantages mentioned previously. Basic research into the 
mechanism and causes of rolling-contact fatigue failure can 
be carried out together with a program evaluating materials 
at the temperatures anticipated in future gas-turbine bearing 
applications. 
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Fic. 3. Comparison of failures of bearing inner race and balls tested in rolling-contact fatigue spin rig. 


(a) Small spall on inner race of M-1 (222) bearing. 

(b) Section view of same spall. 

(c) Incipient failure near point of maximum shear stress. 
(g) Section view of early failure on rig-tested ball. 


Fiber Orientation Studies 

The surface of a bearing ball is not homogeneous over its 
entirety (7). Aside from random effects, this non-homo- 
geneity is caused by fabrication methods. Balls are formed 
from bar stock by upset forging between hemispherical 
dies. The resulting rough ball is then heat-treated and rough 
and finished ground. This results in a characteristic pattern 
of fiber flow lines, as shown in Fig. 4. The two regions cor- 
responding to the ends of the bar stock have the least defor- 
mation and have the fibers oriented perpendicular to the 
surface. These regions have definite boundaries and are 
referred to as poles. Over the remainder of the ball surface, 
the fibers are approximately parallel to the surface. 

Preliminary tests indicated that the polar areas were 
substantially weaker in fatigue strength. This was evident 
from a pronounced tendency for failures to occur in the 
polar area. A homogeneous ball surface would show no 
preferential weakness. The spin rig proved to be an excel- 
lent device for further investigation of this phenomenon. 
The stress application was confined to a single great-circle 
track where stress cycles could be easily counted, and the 
orientation of this track relative to the fiber flow lines of the 


(d) Typical spall on rig-tested ball: 
(e) Section view of same spall. 
(f) Incipient failure near point of maximum shear stress. 


ball could easily be fixed by establishing an axis about which 
the moment of inertia was maximum. This was done either 
by drilling a hole in or grinding two parallel flats on the ball. 
Groups of balls were tested with track orientation directly 
over the pole, coincident with the equator, or at random. 

Table 1 is a summary of results for 13, 4-in. SAE 52100 
balls. Each ball had a hole drilled in the plane of the 
equator so that the track passed directly over the poles 
(i.e., at an angle of 90° to the equator). All but one of the 
balls (92%) failed in the polar area, although the portion 
of the track within the polar areas (probability of failure in 
the polar area for a homogeneous material) was only about 
42%, of the total track length. The incidence of polar fail- 
ures was more ihan twice that to be expected if the polar 
areas were of the same fatigue strength as the remainder of 
the ball. ; 

Twenty-one }-in. SAE 52100 balls were tested with holes 
drilled perpendicular to the plane of the equator so that the 
track was coincident with the equator. Since the track was 
entirely within one characteristic surface area, no direct 
comparison could be made with the polar areas. However, 
as shown in Fig. 5b, most of these balls (16 out of 21) were 
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Fic. 4. Fiber orientation on SAE 52100 balls (macroetched). 


(a) Fiber orientation. (b) Poles and equator. 
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Fic. 5. Comparison of tests in which balls ran on equator and 

across poles. Room temperature; }-in. balls with 0.050-in. hole 

drilled through ; lubricant flow rate, 5 milliliters per hour; lubricant, 
synthetic sebacate. 


(a) SAE 52100 balls run across poles. Maximum Hertz stress, 























TABLE 1 
Distribution of Failures in Balls Oriented to Run Directly 
over Pole 
Experimental results Ratio of 
Theoretical | experimental 
Location | Number | Fraction fraction of to 
of of of failures, failures, theoretical 
failures failures percent percent results 
Polar area 12 92 42.2 2.17 — 
Outside 1 8 57.8 0.14 
polar 
area 

















1 For a homogeneous material. 


unfailed after the number of stress cycles during which all 
the balls running over the poles failed (Fig. 5a). 

A group of 150 SAE 52100 #-in.-diameter balls were 
given randomly chosen track orientations by grinding two 
parallel flats in a random manner. Twenty-nine of these 
balls were run to failure in the stress-life determination. To 
establish whether the tracks were randomly oriented, the 
150 balls were etched to bring out the fiber orientation. A 
comparison of the actual orientation distribution with the 
theoretical (derived in ref. 7) is shown in Table 2. The 
group can therefore be considered randomly oriented with 
respect to characteristic area of ball geometry ,and a random 
failure pattern should have been produced if the balls were 
of uniform fatigue strength over the entire surface area. 


714,000 psi. 
(b) SAE 52100 balls run on equator. Maximum Hertz stress, 
714,000 psi. 
TABLE 2 
Experimental and Theoretical Distributions of Track 
Orientation 
Experimental results 
Theoretical 
Fraction of fraction of 
Number of tracks, tracks, 
Track location tracks percent percent 
| 
Through polar 85 56.7 64 
areas 62.4 1 
Polar boundary 17 11.3 — 
ne 
Entirely out of 48 32 37.6 36 
polar areas 














1 Value includes one-half of polar boundary tracks. 


Table 3 compares the actual location of all 29 failures in 
the 150-ball sample with the theoretical for a homogeneous 
ball. Approximately twice as many failures occurred in the 
polar area as predicted theoretically. Table 4 compares the 
actual results for location of the 16 balls out of the 29 in 
Table 3 which ran over the poles. If the balls were of uni- 
form fatigue strength, the portion of failures occurring in 
the poles would be proportional to the average track length 
occurring within the poles (23.4%). The actual result (44° 
was almost twice that number. 

From these observations it is apparent that the end grain 
(polar) areas of the test balls are substantially weaker in 
rolling-contact fatigue strength. When any given area of the 
ball receives the same number of stress cycles as any other 
equal area, one would expect the failure density to be con- 
stant for a homogeneous material. 
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TABLE 3 


Experimental and Theoretical Failure Location Distributions 
for all Failures in Randomly Oriented Balls 











Experimental results Ratio of 
Theoretical | experimental 
Location | Number | Fraction fraction of to 
of of failures, failures, } theoretical 
failures failures percent percent results 
Polar area 7 24.1 229.3 15.3 1.92 
Polar-area 3 10.3 — — 
boundary 
Outside 19 65.6 b70.7 84.7 0.83 
polar 
areas 

















1 For a homogeneous material. 


2 This value includes one-half of polar boundary failures. 


TABLE 4 


Distribution of Failures in Randomly Oriented Balls which 
ran over Poles 














Experimental results Ratio of 
Theoretical | experimental 
Location | Number | Fraction fraction of to 
of of of failures,| failures, 1 theoretical 
failures | failures percent percent results 
Polar area 7 44 23.4 1.88 
Outside 9 56 76.6 0.73 
polar 
areas 

















1 For a homogeneous material. 


Figure 6, which is a plot of failure density as a function of 
location on the ball surface, demonstrates the large differ- 
ence in fatigue strength between polar and non-polar areas. 
This investigation shows that the non-homogeneity of 
fiber orientation on the ball surface resulting from fabrica- 
tion techniques produces a susceptibility to failure in the 
regions where end grain exists. Variations in bending fatigue 
strength in the transverse and longitudinal directions are 
reported in (10). 


POLAR AREA 
90 





Fic. 6. Failure density plotted against ball latitude, with cross 
section showing grain flow. ~-in. SAE 52100 balls. 


Nonconclusive results were obtained on the effect of end 
grain in the equatorial area. From surface examination, 
however, a large portion of the non-polar failures have some 
pronounced imperfections that have a consistent orientation 
to the equator. Of the 18 balls failing other than at the 
equator or in a polar area, 9 had a crack or open inclusion 
perpendicular to the ball equator and passing through or 
co-linear with a fault line in the fatigue pit. Figure 7 is an 





Fic. 7. Typical failure-causing inclusions perpendicular to 
equator and coincident with failure fault line. 


example of this condition. These imperfections follow the 
fiber lines that, in the non-polar regions, are parallel to the 
surface and perpendicular to the equator. They also are 
discontinuous at the equator, as are fiber flow lines, due to 
the removal of flashing at the die parting line. 

No quantitative comparison can be made between lives 
in polar and non-polar areas aside from the results of Fig. 
5. However, it was observed that the earliest failures tended 
to be in the end-grain area or directly attributable to fiber- 
flow orientation. 


Metallographic Studies 


Owing to confinement of the test area to one great-circle 
band on the ball surface and the variety of possible test con- 
ditions, this apparatus provides an excellent source of 
specimens for metallographic study of the effect of rolling- 
contact stressing of bearing materials. A preliminary study 
was made of subsurface structural changes in the stressed 
region as well as failure origin and progression (8). 

SAE 52100 balls run for 2 x 10°® stress cycles at ambient 
temperature showed no structural change. However, at 
250°F significant changes were observed. This condition, 
shown in Fig. 8, was first reported in (11). The changes in 
structure are the result of additional tempering to a stage 
called troostite. A combination ox thermal and strain energy 
in the maximum-shear-stress regions of the ball is believed 
to cause this change. The change apparently begins soon 
after test initiation and progresses in concentration and 
extent with continued stress application. The hardness in 
this area decreased slightly but not to the extent one would 
expect from structural changes. 

The structural changes observed in SAE 52100 at 250°F 
were anticipated from previous work in this field. Sensitivity 
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Fic. 4. Fiber orientation on SAE 52100 balls (macroetched). 
(a) Fiber orientation. (b) Poles and equator. 














TABLE 1 
Distribution of Failures in Balls Oriented to Run Directly 
over Pole 
Experimental results Ratio of 
Theoretical | experimental 
Location | Number | Fraction fraction of to 
of of of failures, failures, theoretical 
failures failures percent percent results 
Polar area 12 92 42.2 2.17 
Outside 1 8 57.8 0.14 
polar 
area 

















1 For a homogeneous material. 


unfailed after the number of stress cycles during which all 
the balls running over the poles failed (Fig. 5a). 

A group of 150 SAE 52100 -in.-diameter balls were 
given randomly chosen track orientations by grinding two 
parallel flats in a random manner. Twenty-nine of these 
balls were run to failure in the stress-life determination. To 
establish whether the tracks were randomly oriented, the 
150 balls were etched to bring out the fiber orientation. A 
comparison of the actual orientation distribution with the 
theoretical (derived in ref. 7) is shown in Table 2. The 
group can therefore be considered randomly oriented with 
respect to characteristic area of ball geometry ,and a random 
failure pattern should have been produced if the balls were 
of uniform fatigue strength over the entire surface area. 
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Fic. 5. Comparison of tests in which balls ran on equator and 

across poles. Room temperature; }-in. balls with 0.050-in. hole 

drilled through; lubricant flow rate, 5 milliliters per hour; lubricant, 
synthetic sebacate. 


(a) SAE 52100 balls run across poles. Maximum Hertz stress, 











714,000 psi. 
(b) SAE 52100 balls run on equator. Maximum Hertz stress, 
714,000 psi. 
TABLE 2 
Experimental and Theoretical Distributions of Track 
Orientation 
| Experimental results 
Theoretical 
Fraction of fraction of 
Number of tracks, tracks, 
Track location tracks percent percent 
Through polar 85 56.7 | 64 
areas 62.4 1 
Polar boundary 17 11.3 — 
a: 
Entirely out of 48 32 37.6 36 
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1 Value includes one-half of polar boundary tracks. 


Table 3 compares the actual location of all 29 failures in 
the 150-ball sample with the theoretical for a homogeneous 
ball. Approximately twice as many failures occurred in the 
polar area as predicted theoretically. Table 4 compares the 
actual results for location of the 16 balls out of the 29 in 
Table 3 which ran over the poles. If the balls were of uni- 
form fatigue strength, the portion of failures occurring in 
the poles would be proportional to the average track length 
occurring within the poles (23.4°%/). The actual result (44% 
was almost twice that number. 

From these observations it is apparent that the end grain 
(polar) areas of the test balls are substantially weaker in 
rolling-contact fatigue strength. When any given area of the 
ball receives the same number of stress cycles as any other 
equal area, one would expect the failure density to be con- 
stant for a homogeneous material. 
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Experimental and Theoretical Failure Location Distributions 
for all Failures in Randomly Oriented Balls 
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Figure 6, which is a plot of failure density as a function of 
location on the ball surface, demonstrates the large differ- 
ence in fatigue strength between polar and non-polar areas. 
This investigation shows that the non-homogeneity of 
fiber orientation on the ball surface resulting from fabrica- 
tion techniques produces a susceptibility to failure in the 
regions where end grain exists. Variations in bending fatigue 
strength in the transverse and longitudinal directions are 
reported in (10). 
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Fic. 6. Failure density plotted against ball latitude, with cross 
section showing grain flow. ~-in. SAE 52100 balls. 


Nonconclusive results were obtained on the effect of end 
grain in the equatorial area. From surface examination, 
however, a large portion of the non-polar failures have some 
pronounced imperfections that have a consistent orientation 
to the equator. Of the 18 balls failing other than at the 
equator or in a polar area, 9 had a crack or open inclusion 
perpendicular to the ball equator and passing through or 
co-linear with a fault line in the fatigue pit. Figure 7 is an 





Fic. 7. Typical failure-causing inclusions perpendicular to 
equator and coincident with failure fault line. 


example of this condition. These imperfections follow the 
fiber lines that, in the non-polar regions, are parallel to the 
surface and perpendicular to the equator. They also are 
discontinuous at the equator, as are fiber flow lines, due to 
the removal of flashing at the die parting line. 

No quantitative comparison can be made between lives 
in polar and non-polar areas aside from the results of Fig. 
5. However, it was observed that the earliest failures tended 
to be in the end-grain area or directly attributable to fiber- 
flow orientation. 


Metallographic Studies 


Owing to confinement of the test area to one great-circle 
band on the ball surface and the variety of possible test con- 
ditions, this apparatus provides an excellent source of 
specimens for metallographic study of the effect of rolling- 
contact stressing of bearing materials. A preliminary study 
was made of subsurface structural changes in the stressed 
region as well as failure origin and progression (8). 

SAE 52100 balls run for 2 x 10°® stress cycles at ambient 
temperature showed no structural change. However, at 
250°F significant changes were observed. This condition, 
shown in Fig. 8, was first reported in (11). The changes in 
structure are the result of additional tempering to a stage 
called troostite. A combination of thermal and strain energy 
in the maximum-shear-stress regions of the ball is believed 
to cause this change. The change apparently begins soon 
after test initiation and progresses in concentration and 
extent with continued stress application. The hardness in 
this area decreased slightly but not to the extent one would 
expect from structural changes. 

The structural changes observed in SAE 52100 at 250°F 
were anticipated from previous work in this field. Sensitivity 
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Fic. 8. Structure changes after various testing times in SAE 52100 
balls tested at 250° F. x 112. 
(a) 3 x 107 cycles. (Longitudinal.) 
(b) 10 x 107 cycles. (‘Transverse.) 
(c) 31 x 107 cycles. (Longitudinal.) 


to temperature was not anticipated with AISI M-1 because 
this alloy is double-tempered at 1050°F, and no structural 
changes were expected. Contrary to expectations, structures 
in AISI M-1 balls were unstable in the highly stressed 
region. This instability was slight at room temperature, but 
promiment in balls tested at 200°F. Figure 9 shows these 
subtrack changes. The etching characteristics are reversed 
from those of SAE 52100, but the changed regions are simi- 
lar in size and area, and become more prominent with in- 
creased running time. The AISI M-1 balls also showed 
banding (structure change) characteristics different from 
SAE 52100. In AISI M-1 the changed area did not pene- 
trate so deeply; it originated and progressed more slowly 
with additional stress cycles; and it developed no shear 
cracks as it did in SAE 52100. In short-run balls structural 
changes resembled possible secondary hardening effects. 





However, as these changes developed with increased time, 
a work-hardening or straining of the matrix due to the over- 
stressing in the high-shear-stress region was indicated. 

If the effect of slight testing temperature difference (from 
room temperature to 200° to 250°F) observed here proves 
to be an important criterion for structural stability under 
high stress, and if AISI M-1 tool steel resembles SAE 52100 
in its performance under these conditions, higher bearing 
temperatures may present many additional problems. The 
material selection problem by itself could prove difficult, if 
the instability observed here is accelerated with increasing 
temperature, and if other high-temperature steels show a 
similar instability. 

The sensitive shutoff mechanism of the spin rig provided 
many small incipient failures for examination. Failures are 
not due to a single cause even though there is a similarity 
in appearance and progression (spalling) as noted in the 
macroscopic examination. 

Very early failures (in less than 5 x 10® cycles) are 
believed to be due to the material defects not discernible by 
stringent pre-inspection. Several groups of balls were 
sectioned and examined in the “as received” condition. 
Occasional defects, generally in the pole areas, were found 
such as those shown in Fig. 10. 

This investigation showed that inclusions contribute to 
ball fatigue failures and life scatter. Under the conditions 
of these tests inclusions under the ball track to an average 
depth of 0.028 in. are metallurgical stress raisers that initi- 
ate cracks. These cracks enlarge and propagate under re- 
peated stress, becoming potential failures varying in degree 
as shown in Fig. lla. These are representative inclusions, 
about which the following observations can be made: 

(a) These cracking conditions are the rule rather than the 

exception. 

(b) The angles of cracking generally are approximately 
45° to normal; that is, they are in the maximum shear 
plane. 

(c) When inclusions are segregated, there is a tendency 
toward crack alignment. 

The ball in Fig. 1la had been tested for 41 x 10’ cycles 
without failure, so these defects are not too serious. How- 
ever, Fig. 11b shows the damage that a single medium- 
sized (0.0015-in.-diameter) inclusion can do in approxi- 
mately 8 x 10? cycles, even though it is located appreciably 
deeper (0.015-in. deep) than the maximum-shear-stress 
area (approx. 0.004-in. deep). 

Inclusion composition, as it determines hardness, has a 
significant effect upon the amount of matrix cracking. The 
softer sulfides produced less matrix cracking than the 
harder oxides. Large carbide complexes are even more 
detrimental. All of the=e inclusion types are shown in Fig. 
11(c). Some general observations on inclusion and material 
characteristics can be summarized as follows: 

1 Inclusion location is of primary importance; size and 

orientation are also important. 

2 The oxides and larger carbides are more harmful than 

the softer sulfide inclusions. 

3 A decided decrease in the tendency for cracks to form 

was shown for SAE 52100 with increase in temperature 
for room temperature to 250°F. 
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Fic. 9. Structure changes in AISI M-1 balls tested at 200° F after various testing times. Transverse views; < 110 and x 1500. 
(a) After 4 x 107 cycles. (b) After 20 x 107 cycles. (c) After 111 x 10? cycles. 
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Fic. 10. Defects on “‘as received’”’ AISI M-1 balls unetched. x 250. 
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Fic. 11. Inclusions and incipient failures. 


She ar 


(a) Small matrix cracks caused by inclusions in AISI M-1 ball after 41 x 107 cycles. x 75. 
(b) Matrix damage resulting from medium-size inclusion in AISI M-1 ball after 8 x 107 cycles. x 75. 
(c) Relative matrix cracking caused by carbide, oxide, and sulphide inclusions in SAE 52100. x 500. 


4 In AISI M-1 a slight decrease in crack forming ten- 
dencies was observed at 200°F. However, a decided 
increase in crack propagation tendencies was indicated. 

5 The nature of the incipient failures in AISI M-1 
indicated a more ductile matrix than in SAE 52100. 

6 Inclusions, carbides, and matrix conditions appeared 
slightly less harmful to fatigue in SAE 52100 balls than 
in M-1 balls. 

Some of the incipient-failure regions, as in Fig. 11d, 
were large enough for hardness measurements and showed 
hardness approximately 3 Rockwell C points higher than 
the surrounding matrix. This again indicated severe 
straining. In order to further establish the nature of such 
areas, this specimen was etched with electrolytic chromic 
acid (Fig. lle). This showed that these damaged matrix 


areas are a combination of very fine cracks and amorphous 
metal. Segregated carbide streaks and large carbides also 
caused severe local straining and matrix damage. 

The weakness of the polar areas where the fiber direction 
is perpendicular to the surface was previously discussed. 
In this region chemical segregation has greater continuity 
and is oriented parallel to the high compressive stress. Such 
structure inhomogeneity can result in changes in elastic 
modulus, or act as a metallurgical stress raiser. A typical 
result of such a condition is shown in Fig. 12. It is believed 
that secondary tensile stresses normal to the chemical 
segregation were sufficient to cause the fatigue crack indi- 
cated by arrow A. Arrows B show shear cracks progressing 
from the original fatigue crack. 

The stress raisers and the resulting deterioration of the 
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Fic. 11. Concluded. Inclusions and incipient failures. 
(d) AISI M-1 damaged matrix (white) showing no cracking with 
picral-HCl etch. x 500. 

(e). Same as (d) after additional etching with chromic acid (electro- 

lytically); shows small cracks and amorphous structure. 


> ae : ae ; 
Fic. 12. A typical early failure stage in a region of structure 


inhomogeneity in an SAE 52100 ball. x 100. 


material result in incipient cracking of the matrix, usually 
in a plane 45° to the surface, that is, the maximum-shear 
plane. These incipient cracks propagate to the surface and 
result in the open spall that is characteristic of rolling- 
contact fatigue failures. Unfortunately, this spalling re- 
moves material that usually includes the region in which 
failure originated and from which incipient cracking pro- 
gressed. Therefore, it is usually not possible to trace a 
given failure to its original cause. However, in the balls 
that were stopped just short of failure, many examples were 
observed that would have eventually produced an open 
spalling condition if testing had continued. It is felt that 
metallurgical discontinuities in the plane of greatest shear 
stress acted as stress raisers and contributed significantly 
to rolling-contact fatigue failure. 


Summary of results 


A rolling-contact fatigue rig for evaluating materials in a 
simplified bench test under actual rolling-contact stresses, 
and the validity of comparing data obtained from this 
apparatus with full-scale bearing tests are described. The 
results of two research programs conducted in this ap- 
paratus are discussed. 

Groups of SAE 52100 balls ~,-in. in diameter were tested 
with a mineral oil at maximum Hertz stresses of 600,000, 
675,000, and 750,000 Ib per square inch. The exponent for 
life as a function of stress for these balls and also for AISI 
M-50 (MV-1) tool steel races correlates with industry- 
accepted values for full-scale bearing tests. Failures closely 
resembled those found in full-scale bearings. 

The effect of fiber orientation in the balls relative to the 
contact surface was studied in balls modified to run: (a) 
directly over the polar areas (fibers perpendicular to 
surface), (b) completely outside the polar area, and (c) at 
random. The frequency of failure in the polar areas was 
found to be about twice as great as that expected from a 
material of homogeneous strength. The average life to 
failure was shorter for the polar failures than for the non- 
polar failures. 

Metallographic studies indicated that most failures ori- 
ginated in subsurface shear. It is believed that inclusions, 
structure changes, and directionalism adversely affected 
ball fatigue life. The harder inclusions were the most harm- 
ful. Structures in the highly stressed region of both SAE 
52100 and AISI M-1 were stable at room temperature and 
unstable at 200° to 250°F. 
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The Effect of Aircraft Gas Turbine Oils on Roller Bearing Fatigue Life 


By MARK E. OTTERBEIN? 


A series of fatigue life tests on aircraft gear box size (45 mm bore) roller bearings were con- 
ducted with various aircraft gas turbine lubricants and with specific reference to Mil-L-7808 and 
variations thereof. It is shown that the 7808 lubricants generally cause a marked reduction in 
fatigue life as compared to that obtained with a medium viscosity mineral oil. It is also shown 
that lubricant bulk viscosity is a major factor in life. Subsequent testing demonstrated that the 
addition of thickeners to 7808 lubricants and formulations of this lubricani for a high Ryder 
Gear Rating are not effective in raising the fatigue life. It also appears that the SOD lead 
corrosion test is not pertinent in bearing life. Suggestion is made that the 7808 specification be 
relaxed to allow of higher viscosity for heavily loaded bearings as in gear boxes. 


THE primary requirements for aircraft gas turbine oils are 
low temperature fluidity, high temperature stability, and an 
adequate lubricating film for the protection of gears and 
bearings. Insofar as bearings are concerned, in nearly all 
cases these are ball and roller bearings and the lubrication 
requirements of such bearings and of gears are very 
similar. 

At present, the only widely used oil conforms to the 
military specification L-7808. Because of the low tem- 
perature starting requirements at —65°F, it follows that 
the lubricant viscosity at engine operating temperature is 
very low. Furthermore, with the increases in operating 
temperature forthcoming in the newer engines, the operat- 
ing viscosity will be still lower. 

This viscosity is not generally a problem in lightly loaded 
accessory gears and bearings. Likewise, there is no general 
problem with mainshaft roller bearings which also operate 
under light loads. However, in the turboprop engine, the 
reduction gears and supporting bearings are heavily loaded 
and there have been indications that the low viscosity of the 
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Mil-L-7808 lubricant is detrimental to bearing life. As a 
result, a series of tests have been conducted to determine the 
effect of aircraft gas turbine lubricants and specifically their 
viscosity on roller bearing fatigue life. 

The effect of lubricant viscosity on ball bearing fatigue 
life has been the subject of some investigation in the past. 
Figure 1 is extrapolated from a test by Barnes and Ryder on 
100 mm ball bearings (1). Although the authors point out 
that the test was not of sufficient scope to justify the straight 
line relationship shown here, it would appear that there is a 
loss of life at low viscosity. Tests on low viscosity hydraulic 
fluids operating with 7217 ball bearings by Cordiano show 
the same general trend (2). Therefore, evidence of the effect 
of viscosity on ball bearing performance has been obtained, 
and it might be surmised that roller bearings would be 
affected similarly. However, as far as is known, this is the 
first intensive investigation of this type on roller bearings. 


Procedure 


For the purposes of this test, a 309 (45 mm) aircraft 
roller bearing, which is a typical aircraft gear box size was 
selected. This bearing has 14 rollers of 0.526 in. diameter 
by 0.550 in. effective length, and a pitch diameter of 2.861 
in. Based upon past experience, it was decided that a test 
of 12 bearings with a given lubricant would provide a 
satisfactory index of the fatigue life performance. The con- 
ditions of tests simulated those in the application with a 
radial load of 6500 lb at a speed of 3475 rpm. The bearings 
were lubricated with a jet of oil at the rate of 1.3 lb per 
minute with the oil inlet temperature maintained at 185°F. 

Inasmuch as various sizes of bearing fatigue life testing 
machines were available, a typical unit, which is termed the 
12,000 lb Radial Testing Machine, was chosen for this test. 
As commonly used, the bearings in this machine operate 
in an oil bath. However, in order to satisfy the circulating 
oil requirements, the unit was fitted with manifolds (Fig. 2) 
and with the necessary piping to circulate the oil through the 
bearings. As shown here, the oil enters through the two 
inlet pipes at either side and is distributed by means of a 
manifold to the outboard bearings at the top and to the in- 
board or load housing bearings at the bottom, in each case, 
the point of distribution of the oil being at the center of the 
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Fic. 2. Bearing test machine. 


load zone of the bearing. Also, as indicated, bayonet type 
thermocouples were inserted into the machine and the 
temperatures of the outboard outer races in the load zone 
were recorded. The lubricant was circulated through the 
system by a small gear pump and raised to the required 
inlet temperature in a heat exchanger before entering the 
test machine. Figure 3 is a photograph of the apparatus less 
the pump which is located underneath the test stand. The 
test machine proper is seen at the left where, it will be noted, 
thermocouples are inserted into the oil lines at the point of 





entry into the machine. These thermocouples were used in 
conjunction with a recording controller to maintain the inlet 
temperature. Oil flow was controlled with a relief valve at 
the pump and a needle valve at the machine, and the flow 
was measured with an electronic flowmeter which is shown 
almost directly in the center of the photograph. 


Description of lubricants 


The lubricants tested in the initial phase of this investiga- 
tion fall into various classifications as follows: 


1. SAE 30 motor oil, which is utilized as the basic lubri- 
cant in the author’s laboratory for fatigue testing of 
roller bearings in connection with determination of 
capacities and the like, was used to establish the bench- 
mark of performance for the lubricants evaluated. 

2. Mil-L-7808 lubricants, all of which were dibasic acid 
esters and there were five tested representing four 
different manufacturers. 

3. A dibasic acid ester of viscosity approximating that of 
SAE 30 at the operating temperature. 

4. An SAE 10W motor oil having the approximate 
viscosity of the Mil-L-7808 lubricants at the operating 
temperature. 

5. A silicone oil. 


The high viscosity synthetic and the SAE 10W oil were 
tested to determine whether the basic nature of a synthetic 
or the viscosity was the controlling factor. The silicone 
fluid was tested as a matter of general interest. This par- 
ticular composition was brought out in 1953 and seemed to 
have considerable lubricating merit based on tests by other 
laboratories. 


Fic. 3. Test apparatus. 
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Table 1 shows the viscosities of the various lubricants 
together with an arbitrary code designation which was set 
up jointly with a companion investigation of gear tooth 
fatigue (3). 











TABLE 1 
Description of Lubricants 
Viscosity 
Classification | Code Description (C.S.) at 
inlet temp. 
185°F 
1 R-1 | SAE 30—Motor Oil 15.0 
Mineral Oil 
2 T-2 | Mil-L-7808 Dibasic 4.5 
Acid Ester 
T-5 | Mil-L-7808 Dibasic 4,2 
Acid Ester 
T-6 | Mil-L-7808 6.3 
Acid Ester 
T-7 | Mil-L-7808 Dibasic 4,2 
Acid Ester 
S-61| Mil-L-7808 Dibasic 4.5 
Acid Ester 
3 S-2 | High Vis. Synthetic— 10.3 
Dibasic Acid Ester 
4 R-3 | SAE 10W Motor Oii— 7.2 
Mineral Oil 
5 | S-9 | Synthetic—Silicone 19.0 











1 Not certified due to foaming but basically a 7808 type 
lubricant. 


Following this initial phase, a number of other lubricants 
were tested in an attempt to trace certain factors or to effect 
better fatigue life by various means. This subsequent 
testing falls into the following categories: 

1. Increase of viscosity by means of a chemical thickener. 

2. Increase in viscosity by reducing operating tempera- 

ture. 

3. Improvement in lubricant by providing a higher Ryder 

Gear Rating. 

4. Determination of the physical effect of a high lead 

corrosion rating. 


Results 


Fatigue testing of any type presents a problem in evalua- 
tion of the results due to the life dispersion which is inherent 
in all products. In the author’s laboratory, life performance is 
appraised by comparing arithmetic values for each group 
of test bearings expressed in terms of a “fatigue index”. 
The fatigue index is an empirical laboratory device which 
permits the calculation of the life expectancy for a quantity 
of bearings based on the test results for that two-thirds of 
the bearings showing the earliest failures. It is determined 
by averaging the life of bearings towards the lower end of 
the dispersion curve and multiplying this average life by a 
constant related to the dispersion curve as a whole. The 
fatigue index thus gives a somewhat arbitrary measure of 
the average life of a group of bearings based upon their 


early failures and makes it unnecessary to run out the longer 
lived bearings in a series to failure. A statistical analysis of 
the results based on the Weibull distribution was also made 
and is given in the appendix. 

The results of the initial tests are shown in Fig. 4 where 
the life, in terms of the aforementioned fatigue index and 
using the life with SAE 30 oil as a base of 100, is plotted 
against the kinematic viscosity at 185°F. The silicone oil 
results are incomplete since time did not allow the running 
of the normal complement of bearings with this lubricant 
and the relative life of 200 is a somewhat rough but con- 
servative approximation of the performance with this oil. 

As shown in the generalized results (Fig. 4), there seems 
to be approximately a straight line relationship between 
viscosity and life, and it would appear that this relationship 
holds true both for petroleum oils and synthetics. 
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Fic. 4. Summary of results. 


Insofar as the silicone oil is concerned, it is well known 
that these fluids have very unusual properties and any 
constant relationship with other synthetics or with petro- 
leum oils might not be expected. With regard to the Mil- 
L-7808 lubricants, it will be seen that all of these show a 
reduced life apparently due to their low viscosity. However, 
it is also evident that there is an even greater range of life 
in these oils as produced by various manufacturers, or 
sometimes by the same manufacturer. As recorded on this 
chart, for example, the Mil-L-7808 lubricants gave a life 
ranging from 10% to 65% of that with SAE 30, or a range 
of some 6 to 1. 

Many of the failures resulting from operation with Mil-L- 
7808 lubricants had the appearance of typical fatigue pitting 
as shown in Fig. 5. On the other hand, a certain proportion 
of the failures were due to a phenomenon termed superficial 
pitting which appears to be a removal of a very shallow 
surface layer of material over scattered areas. A typical 
example is shown in Fig. 6. This pitting seems to spread in 
operation and eventually degenerates into deeper pitting— 
or results in a surface condition which causes excessive 
vibration, so that effectively the bearing must be considered 
a failure. It was thought at first that some property of the 
synthetics other than viscosity might be the primary factor 
causing this type of pitting; however, later tests with SAE 
10W motor oil also evidenced superficial pitting. On the 
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Fic. 5. Fatigue pitting. 


other hand, the degree of this damage varies with different 
formulations of Mil-L-7808 just as does the life and, in 
general, those lubricants showing the poorer life also show 
the most superficial pitting. 

As mentioned previously after the testing to determine 
viscosity effect, a number of special lubricants were tested 
in order to investigate various factors or effect improvements 
in fatigue life. The results of these tests will be discussed 
here under the headings conforming to the categories 
previously mentioned. 


1. Increase in Viscosity by Addition of a Thickener 
For this test, a lubricant designated S-7 and formulated 


from the 7808 type S-6 with the addition of an acryloid 
HF-829 was used. The resultant viscosity at 185°F was 
some 7 cs as compared to the 4.5 cs for S-6. The results 
indicated no improvement whatsoever in fatigue life. 


2. Increase in Viscosity by Reducing Operating Temperature 
For this test, a 7808 lubricant basically the same as T-2 
but of a different batch was used. This oil was designated 
T-3. Two tests were run. In the first, the batch was tested 
at 185°F at which point the viscosity was some 4.5 cs. 
In the second test, the operating temperature was re- 
duced to 130°F to give a viscosity of 10 cs. At 185°F the 
relative life was 80°, and at 130°F it was 94%. This 





Fic. 6. Superficial pitting. 
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improvement in life was considered too small to be 
significant. 

An interesting sidelight here was the performance of this 
lubricant at 185°F, which was higher than that of any 
other 7808 tested and, in fact, quite comparable to that 
with SAE 30. It may be that the optimum life was reached 
with this lubricant so that no further improvement 
could be gained by increase in viscosity. As a result, it 
does not seem safe to arrive at a definite conclusion on the 
basic question of viscosity increase by reduced tem- 
perature. 


. Improvement in Ryder Gear Rating 


For this test a lubricant designated U-1, having a Ryder 
Rating of 4750 ppi and conforming to Mil-L-25336, was 
used. The relative life was 41° which is in the mean range 
of the 7808 lubricants. In the earlier phase of the investi- 
gation, the plotting of Ryder Ratings for the various oils 
tested showed no relationship to fatigue life where the 
ratings were in a lower range than with lubricant U-1. 
It would appear quite conclusively that the Ryder Rating 
is not a major factor as far as bearing fatigue life is con- 
cerned. This is not entirely an unexpected conclusion 
since the Ryder Rating is a measure of scuff resistance 
and is not a measure of fatigue. 


. High Lead Corrosion (SOD) Rating 


This test was conducted with a 7808 lubricant T-1S, 
basically the same as T-2, but from a batch which 
became “‘stale”’ in storage to the extent that it had an SOD 
rating of 223 (mg per sq. in.). The present 7808 specifica- 
tion calls for a maximum SOD rating of 6. 

The performance was 50%, or just about in the mean 
range of the other 7808 lubricants tested. There was no 


evidence of the superficial pitting mentioned previously. 
Furthermore, there was no apparent effect on the lead— 
indium plating used on the bearing separators. It would 
seem, therefore, that the SOD rating has no effect on 
bearing performance under the moderate temperature 
conditions used here. 


Another lubricant tested which does not fall directly in 
any of the various categories is a high viscosity synthetic 
somewhat similar to Mil-L-25336, and designated S-8. 
The viscosity at 185°F is some 10 cs and in that respect it 
compares to lubricant S-2. However, the relative life of 
66%, although in the high range of the 7808 results, shows 
no marked superiority for this oil. Testing is also nearly 
completed on a mineral oil with a high additive content to 
provide high temperature properties. This oil has a medium 
viscosity amounting to 8 cs at 185°F but the results to date 
would indicate that the performance was equal to that with 
SAE 30. 

Table 2 shows the results of all tests with pertinent data 
on the lubricants. 

It might be well to mention at this point that the bearing 
temperatures as measured on the outer races ranged from 
190°F to 210°F, a range which was generally independent 
of the lubricant and probably represented slight variations in 
test bearings, test machines and the like. Table 3 gives the 
detailed test results with bearing life listed in order of 
failure. 


Conclusions 
The conclusions reached in this test may be summarized 
as follows: 
1. In general, low visocsity lubricants have a detrimental 
effect on the life of roller bearings. However, it appears 
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TABLE 2 
General Summary of Results 
Vis. at Ryder rating Relative 
Code Description 185°F (ppi) life Remarks 
R-1 | SAE 30 Motor Oil—for baseline performance 15 1400 100 
R-2 Mil-L-6082 Grade 1100—reference oil 40 3000 _ 
R-3 SAE 10W Low Vis. Mineral Oil 7 a= 55 
T-1S Mil-L-7808 ‘‘Stale’’ Oil—High SOD test 5.1 2880 53 SOD 220 mg./sq. in. 
T-2 Mil-L-7808 4.5 _ 30 
T-3 Mil-L-7808 5.1 3000 80 
T-3S Mil-L-7808 Oil T-3 at 130°F 10 3000 94 Vis. at 130°F 
T-5 Mil-L-7808 4.2 2000 11 
T-6 Mil-L-7808 6.9 2610 56 
T-7 Mil-L-7808 4.2 — 39 
U-1 Mil-L-25336 H 4.8 4750 41 
S-2 High Vis. Synthetic ee. 3580 103 
8-3 High Temp. Mineral Oil 8 4100 * 
S-6 Mil-L-7808 4.5 3500 65 
S-7 S-6 + Acryloid Thickener 7 3500 65 
S-8 High Vis. and High Ryder Synthetic 10.6 2800 66 
S-9 Silicone 19.0 2400 200 























* Data incomplete. Would appear to be 100 +. 
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TaBLe 3 
Detailed Results 
Bearing lives in hours in order of failure. 





Code: R-l R-2 R-3 T-1S T-2 T-3 T-3S T-5 


T6 T-7 U-1 S-2 8-3 S-6 S-7 8-8 s-9 





305 20 105* 35 75 210 # £70 
380 235 175 35 100 330 7 
510* 335 235 110 260 405 7 
530 745 265 180 420 550 #70 
590 475 = 280~—Ss«:195 480 690 85 
740 475 280* 280 630 690* 100 
940 475* 330 280 795 980 190 
1055 480 420* 380 815 1500* 190 
1110 760 440 380* 935 1500* 190 
1280 900* 520 320* 1100 1500* ~— 
1350* 940 580 330 1250* 1500* 
1430* 1185 585 400 1250* 
— 595 510* 1285 
610 580 
635 580 
580 
580 


370 40 240 725 70 225 180 1025 

370 70 510 825 70* 235 210 1290* 
370 =: 130 510* 870 80* 260 340* 1290* 
370 180 615 890 90 320 420 1290* 
776 «63200 645-——iéi00s'i‘i‘éwkzdC350S—s«*S*)—s:14500* 
770 «63300 «645—i«iéd1x10—i<wsi‘i4O—C(i90'—«dSD——«éd45SO* 


490 1080 1205 490 480* 540 1450* 
570 1225 1330 810 495* 580 
640* 1225 1500* 875 495 750 
765 1360 1500* 950* 565 800 


185 

315 

240 

310 

T35* 

480 

550 470 450 910 1170* 475 470* 540 1450* 
550 0 
&30 

660 

780 

870 


940 1530* 1300 850 1400 
1430* 1380 860 1410 
905 
1000 
1020 





* Denotes suspension without failure. Underscore indicates failure due to superficial pitting. 


that there are other undetermined properties in lubri- 
cants which are also factors in bearing life. 

2. Some low viscosity lubricants tend to produce shallow 
surface pitting which would appear to be a type of 
corrosion fatigue. The cause has not been traced to 
any known chemical property of the oil as yet, but 
does not appear to be related to the SOD lead corro- 
sion test. 

3. Additives in the way of viscosity improvers or thicken- 
ers do not seem to be effective in increasing the life 
with low viscosity base oils. 

4. The Ryder Gear Rating for a given lubricant does not 
serve as a measure for predicting roller bearing fatigue 
performance. 

Insofar as aircraft gas turbine oils are concerned, it would 
appear that a relaxation in the Mil-L-7808 requirements to 
provide a somewhat higher viscosity at the expense of low 
temperature properties would be of advantage for those 
bearings which are heavily loaded as in gear boxes. From 
the results of these tests, a viscosity of some 10 cs at the 
gear box temperature should provide the desired results. As 
a sidelight on this viscosity effect, it has been noticed in 
scattered tests in the past, that increased viscosity beyond a 
given point is of no particular value as far as fatigue life is 
concerned. This is to be checked later in this investigation 
by running with a very high viscosity lubricant Mil-L- 
6082, Grade 1100, which is used as a reference lubricant for 
the Ryder Test and which has a viscosity some twice as 
great as that of the base SAE 30 used here. 
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APPENDIX 


In view of recent developments in statistical analysis“ of 
fatigue test data based on the Weibull distribution, the 
results of tests on all the lubricants were evaluated accord- 
ingly and are given in Table 4. The method used in this 
evaluation was developed by Johnson (4) and involves the 
plotting of life against median rank. Space does not allow 











TABLE 4 
Statistical Analysis of Results 
Relative 
life Confi- Confi- 
Code |(Fatigue| Relative* | dence of | Relative* | dence of 
No. fndex) | mean life | mean life | B-10 life | B-10 life 
R-1 100 100 —_ 100 — 
R-2 
R-3 55 59 98% 53 79% 
T-1S 53 52 99% 55 80% 
T-2 30 38 99%, 29 94%, 
T-3 80 84 73% 48 77% 
T-3S 94 99 53% 81 61% 
T-5 11 11 99% 16 99%, 
T-6 56 57 99% 51 81% 
T-7 39 40 99% 95 54% 
U-1 41 54 98% 26 94%, 
S$-2 103 101 53% 92 54% 
S-3 
S-6 65 75 90% 52 79% 
S-7 65 66 97% 65 71% 
S-8 66 70 95% 74 64%, 
s-9 200 Data not complete 

















* Based on mean life of 1020 nours and B-10 life of 325 hours 
for SAE-30 (R-1). 
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of even a rudimentary explanation of the method. However, 
some explanation of the results obtained is in order. 

The first column lists, for reference purposes, the rela- 
tive life with the life of SAE 30 as 100, and based upon 
fatigue index as given previously. The second column lists 
the relative mean life based upon the Weibull chart results. 
It will be seen that there is good agreement in all cases 
between the two methods. It is felt, therefore, that the 
conclusions of this investigation were valid as based on 
fatigue index. 

The third column lists the degree of confidence for the 
mean life—that is the probability that the life with a given 
lubricant is better or worse than that with SAE 30. It will 
readily be seen that these confidence numbers also show good 
agreement with the conclusions. 

The fourth and fifth columns treat of the B-10 life (that 
life which will be exceeded by 90% of the bearings) in the 
same manner. It will be noted here that, with a few excep- 
tions, une relative B-10 life is close to that of mean life. In 


general, the degrees of confidence are also satisfactory, 
considering the fact that the probable life scatter is pro- 
gressively larger at lower life values and corresponding lower 
values of percentage failed. 
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The Effect of Lubricants on Gear Tooth Surface Fatigue 
By T. F. DAVIDSON! and P. M. KU? 


This paper presents some of the results of a recent investigation on the effect of lubricants on 
gear tooth surface fatigue (pitting). The work described comprises the development of a labora- 
tory test procedure for exploratory purposes, and the determination of the performance of a 
number of lubricants using this procedure. It was found that bulk lubricant viscosity, as 
measured by the conventional viscometric method, did not have a predominant effect on gear 
tooth surface fatigue. Examination of the development of scuffing and pitting on the gear teeth 
indicates that the initial incidence of scuffing and the initial incidence of pitting were unrelated. 
It was further noted that as pitting became advanced, severe scuffing of the pitted teeth would 
almost invariably result. On the other hand, there was no evidence that severe scuffing would 
lead to gear tooth pitting. 








Introduction 


THIS paper presents some of the results of a recent investi- 
gation on the effect of lubricants on gear tooth surface 
fatigue (pitting). The work described comprises the de- 
velopment of a laboratory test procedure for exploratory 
purposes, and the determination of the performance of a 
number of lubricants using this procedure. These pre- 
liminary results are presented at this time mainly for the 
purpose of stimulating interest in an essentially unexplored 
field. The work is by no means complete, and further studies 
directed towards a better understanding of the effect of 
lubricants on gear tooth surface fatigue is in progress. 

In the interests of minimum weight and minimum energy 
expenditure for cooling, the lubrication system of the 
modern aircraft is obliged to operate at the highest possible 
specific load, speed and temperature. Insofar as gear lubri- 
cation is concerned, it is the function of the lubricant to 
permit gear operation under even the most severe service 
conditions, without causing objectionable scuffing or 
surface fatigue. In the present discussion, the term scuffing 
refers to any form of scratching, scoring, abrasion or wear 
of the gear tooth surface as a result of sliding contact. 
Surface fatigue, or pitting as it is commonly called, refers to 
a failure of the gear tooth surface due to prolonged, re- 
peated applications of load, whereby small particles break 
away from the tooth surface. In severe cases, large areas of 
the surface may be so destroyed. 

Gear tooth scuffing or pitting, if sufficiently severe, 
interferes with the smooth and efficient transmission of 
power through the gear system. Obviously, such conditions 
cannot be tolerated in practice. At the present time, the 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Toronto, Canada, 
October, 1957. 


1 Senior Project Engineer, Fuels and Oils Branch, Propulsion 
Laboratory, Wright Air Development Center, Wright Patterson 
Air Force Base, Ohio. ; 

2 Manager, Lubrication Section, Aviation Dept., Southwest 
Research Institute, 8500 Culebra Road, San Antonio 6, Texas. 


40 


U.S. military specifications for aircraft gas turbine lubri- 
cants (1, 2, 3) contain specific requirements on the scuff 
resistance of the lubricants, and prescribe a definite test 
method for evaluating scuff resistance. There is currently 
no provision in the U.S. military specifications to control 
the quality of aircraft gas turbine lubricants with reference 
to gear tooth surface fatigue. However, this type of failure 
has been found to consitute one of the operational problems 
in some military aircraft powered by turbine engines (4). 
Hence the need for an understanding of the effect of lubri- 
cants on gear tooth surface fatigue, and that for a method 
of evaluating the fatigue resistance of lubricants, are both 
real and pressing. 


Test equipment 


The Ryder gear machine was selected for this program 
because of its wide acceptance in the United States for 
rating the scuff resistance of aircraft gas turbine lubricants 
(1, 2, 3). A description of this device may be found in the 
literature (5). 

Most of the work reported herein was conducted on 
special tip-relieved, 14.5° pressure-angle gears. A limited 
number of the tests were also made on the standard Ryder 
test gears, for purposes of comparison. Table 1 compares 
the essential characteristics of the standard Ryder test 
gears and the special test gears. Note that the two designs 
differ only in the pressure angle and tip relief. The tip 
relief was employed to permit a high tooth load without 
resulting in unrealistically high tooth scuffing. The low 
pressure angle was employed in an effort to increase the 
maximum compressive stress for a given tooth load. 


Test procedures 


Several different test procedures were explored in an 
effort to obtain limiting gear tooth pitting in a conveniently 
short period of time. The term limiting pitting will be 
defined in a later section. Table 2 summarizes the two test 
procedures which have received more attention to date. As 
indicated, Test Procedure “‘A” employed the tip-relieved 
14.5° pressure-angle gears and a speed of 5,000 rpm, while 
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TABLE 1 


Essential Characteristics of Standard Ryder Test Gears and Special Test Gears 
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Standard Ryder test gears 


Special test gears 





Pitch diameter, inch 

Narrow gear tooth width, inch 
Number of teeth 

Diametral pitch 

Pressure angle, degree 

Tip relief, inch 

Material 

Core hardness 

Case hardness 


Surface finish, inch 





3} 

+ 

28 

8 

22.5 

None 

AMS 6260 steel 

Rockwell C 30-40 

Rockwell A 81-85 
(0.025—0.040 in. depth) 

20-35 x 10-* rms 





33 

+ 

28 

8 

14,5 

0.0016 

AMS 6260 steel 

Rockwell C 30-40 

Rockwell A 81-85 
(0.025—0.040 in. depth) 

20-35 x 10-* rms 





TABLE 2 


Comparison of Test Procedures “A” and “C” 





Test Procedure ‘“‘A”’ 


Test Procedure “‘C”’ 





Test gears 


Operating conditions 


Test gear speed, rpm 

Test oil flow rate, ml/min 
Test oil in temperature, °F 
Support oil in temperature, °F 
Support oil pressure, psig 
Tooth load, ppi 


Method of loading 





Tip-relieved 14.5° 
pressure-angle gears 


5,000 + 50 
1,300 + 25 
190 + 5 
190 + 5 
110 + 10 
3.700 


Load oil pressure increased in steps 
of 5 psi of 10-minute duration 
each, until it equals 50.0 psig 
(3,700 ppi tooth load) and there- 
after maintained constant. 





Standard Ryder 
test gears 


10,000 + 100 
1,300 + 25 
165 + 5 

165 +5 

110 + 10 
3,900 


Load oil pressure increased in steps 
of 5 psi of 10-minute duration 
each, until it equals 52.5 psig 
(3,900 ppi tooth load) and there- 
after maintained constant. 





Test Procedure ‘“‘C” employed the standard Ryder test 
gears and a speed of 10,000 rpm. At the tooth loads speci- 
fied in Table 2, the maximum compressive stress was of the 
order of 300,000 psi for Test Procedure “A” and 250,000 
psi for Test Procedure “C”’. The other operating conditions 
did not differ greatly for the two procedures. 

In both procedures, the test gears were lubricated with the 
test oil by means of two identical jets directed at the meshing 
teeth: one on the meshing side and the other on the un- 
meshing side of the teeth. In both instances, the test gears 
were loaded progressively, in steps of 370 ppi tooth load 
(5 psi load oil pressure) of 10-minute duration each, until 
the specified tooth load was obtained. After 10 minutes of 
operation at each tooth load increment, the machine was 
stopped, and the narrow test gear examined visually for 
scuff. The endurance run was then undertaken at the 
constant specified tooth load, until limiting pitting occurred 
on the narrow test gear. The fatigue resistance of the oil was 
measured by the time required to attain limiting pitting, 
reckoned from the start of the endurance run. 

During the endurance run, the machine was stopped every 
two hours to permit examination of the narrow test gear for 


pitting and scuffing. In most tests, photographs were taken of 
all teeth on the narrow test gear at the start of the endurance 
run and also at the time limiting pitting occurred. In some of 
the tests, photographs were taken at more frequent intervals. 


Test lubricants 


A total of 12 lubricants, covering a wide range of vis- 
cosity, Ryder gear rating (scuff-limited load) and corrosivity, 
have been tested in this program to date. A brief descrip- 
tion of these lubricants, to the extent that the proprietary 
interests involved are not compromised, is presented in 
Table 3. The codes used to designate the different lubri- 
cants in this paper are the same as those adopted in a 
paper on the effect of lubricants on roller bearing fatigue 
by M. E. Otterbein (6). A common code system is employed 
in the two papers mainly to facilitate comparison of the 
results from investigations on two closely related subjects. 

The test lubricants fall into four broad classes, as follows: 

Class R—This class designates mineral oils used for 
reference purposes. These oils are not necessarily suitable 
for aircraft gas turbine application. 


om 
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TABLE 3 


Description of Test Lubricants used in Gear Tooth Pitting Program 





Viscosity, cs 





Lead corrosion 














Ryder gear Neutralization Description 
Oil Code| 100°F 210°F rating, ppi | rating, mg/in? | number, mg/g ; 
R-2 237.8 20.3 3010 _ i Grade 1100 mineral oil 
R-4 103.4 11,2 2230 _ — Grade 1065 mineral oil 
T-1 13.9 3.5 2870 — — MIL-L-7808 synthetic oil 
T-1S 14.0 3.5 2880 223.0 2.02 T-1 which became corrosive in storage 
T-4 13.9 3.5 2870 | 3.0 —_ MIL-L-7808 synthetic oil (a different batch 
of T-1) 
U-1 12.9 3.4 4750 3.6 ad | MIL-L-25336 synthetic oil 
S-1 5.2 1,7 2900 | _ a Grade 1005 mineral oil + 1% EP additive 
S-2 30.5 6.6 3580 | 0.6 —_— High viscosity synthetic oil 
S-6 12.8 3.4 3500 _ — High gear load synthetic oil 
S-8 33.1 6.8 2800 ‘i or | High temperture synthetic oil 
S-9 63.6 22.2 2400 — om Silicone oil 
S-10 53.8 18.6 3980 | oes ~ | Silicone oil 











Class S—This class represents special lubricants which 
do not necessarily meet any existing military specifications 
for aircraft gas turbine lubricants. These oils were included 
in the program as a matter of general interest. 

Class T—This class contains two different batches of a 
qualified Mil-L-7808 lubricant, and one of the two batches 
which became corrosive in storage. 





Class U—A qualified Mil-L-25336 lubricant is placed in 
this class. 


Results and discussion 


Nature and Development of Scuffing and Pitting—Figs. | 
and 2 show the details of scuffing and pitting on some of the 
teeth obtained in two separate tests made on the same 


Endurance 
Time, Hr. 


Fic. 1, Enlarged photographs showing details of gear tooth scuffing and pitting, lubricant T-1S, Test Procedure “A” (Test 85). 
14 teeth were pitted after 24 hours of endurance run. 
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Endurance 
Time, Hr. 


8 





12 


= 





Fic. 2, Enlarged photographs showing details of gear tooth scuffing and pitting, lubricant T-1S, Test Procedure “‘A” (Test 90). 
14 teeth were pitted after 12 hours of endurance run. 
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Time, Hr. 
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130 
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Fic. 3. Enlarged photographs showing details of gear tooth scuffing and pitting, Lubricant U-1, Test Procedure “‘A” (‘Test 74). 
14 teeth were pitted after 140 hours of endurance run. 
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lubricant, T-1S, under Test Procedure “A”. Figure 3 
presents similar photographs obtained in one of the tests 
made on lubricant U-1 under Test Procedure “A”. ‘These 
photographs are selected from among all those obtained in 
the course of the present investigation, and may be re- 
garded as typical of the extreme conditions encountered. 

In examining the above photographs, it may be well to 
note that the test gears used are case-hardened and ground. 
The grinding marks are shown as lines running across the 
width of each tooth. The dark area at the root of the tooth 
and also the radial lines in the tip region indicate scuffing. 
The pock marks and craters found in the pitch-line region 
of the tooth indicate pitting. 

The possibility of any interrelationship between scuffing 
and pitting was carefully examined. The patterns of de- 
velopment of scuffing and pitting, such as those presented in 
Figs. 1 to 3, were studied. Polar diagrams were prepared to 
show the variations of scuffing and pitting on all teeth, at 
various stages of the endurance run. From these extensive 
studies, it was concluded that the initial incidence of 
scuffing and the initial incidence of pitting were unrelated. 
In other words, pitting or scuffing could initiate on any 
tooth, independent of the scuffing or pitting patterns exist- 
ing at the time. It was noted that the pitting, whether light 
or advanced, was almost always confined to the pitch-line 
region of the tooth, where the compressive stress was maxi- 
mum. Only in very rare cases, apparently not related to the 
lubricant type or the scuffing pattern, did the pitting ever 
occur outside of the pitch-line region (in which case it 
occurred in the root region). 

It was observed that the root and tip regions of the teeth, 
where the sliding velocity was high, were always more 
prone to scuffing. In cases where the scuff was low, it was 
invariably confined to the root region (because of the tip 
relief on the test gears), and was relatively smooth in 
appearance (Fig. 3, time = 0 hr). Even in instances where 
the scuffing extended beyond the root region, the scuffed 
surface usually maintained a rather smooth appearance as 
long as there was no pitting on the tooth (Fig. 1, time = 0 
hr; Fig. 3, time = 126 hr), or as long as the pitting was not 
severe (Fig. 1, time = 14, 18, 24 hr; Fig. 3, time = 130 hr, 
fourth tooth from the right). However, as the pitting became 
advanced, the scuffing in the tip region of the pitted teeth 
would almost invariably become very severe, and decidedly 
heavy scoring marks, covering the entire tip region, would 
be observed (Fig.s 2 and 3). This severe scuffing was thought 
to be due in part to the change in tooth profile caused by 
progressive pitting, but the heavy scoring marks in the tip 
region appeared to indicate abrasion caused by metal 
particles being thrown out of the pitting area by centrifugal 
action. 

It may be well to emphasize that although the pitting 
was generally confined to the pitch-line region, and in only 
very rare cases extended to the root area, the denseness of the 
craters and the rate at which the craters developed over the 
affected area apparently varied considerably. The results 
obtained to date do not warrant any clear-cut statements as 
regard the factors involved. It appears that the lubricant 
type, though operative, was not necessarily an important 
factor. In this connection it is interesting to refer to the 


two tests illustrated in Figs. 1 and 2, made on the same 
lubricant using an identical test procedure. In Fig. 1, a pit 
(second tooth from the right) spread out only moderately 
after 10 additional hours of operation. On the other hand, 
Fig. 2 shows that pitting extending across the entire width of 
several teeth was obtained in a matter of two hours. 
Another noteworthy point was that the pitting, even in 
the most severe cases, never seemed to penetrate to really 
great depth. In the work described herein, more than 100 
tests, totaling about 5,000 hours, were run. These tests 


- included a variety of lubricants, and covered several test 


procedures. In a number of instances, a pit developed 
earlier in a test was allowed to run for an additional period 
of from 50 to over 100 hours. The maximum depth of the 
craters ever observed was perhaps not more than ¥; inch. 
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Fic. 4. Development of gear tooth pitting and scuffing with time, 
lubricant R-4, Test Procedure “‘A’”’. 


Further, although tooth breakage occurred several times in 
the course of this investigation, not a single case took place 
through the pitted section of the tooth. It appears that the 
chief objection to gear tooth surface fatigue is the excessive 
modification of tooth profile produced by the pitting and the 
ensuing violent scuffing, which interferes with the smooth 
and efficient transmission of power through the gear system. 

Figures 4 to 6 present plots showing the development of 
the severity of pitting and scuffing as a function of time, for 
three different lubricants. The data from two separate tests 
are shown in each figure, to illustrate the dispersion of re- 
sults obtained. In these figures, the severity of pitting is 
expressed in terms of the number of teeth on which pits 
could readily be discerned without employing magnifica- 
tion. The severity of scuffing is described by the percent of 
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Fic. 5. Development of gear tooth pitting and scuffing with time, 
lubricant U-1, Test Procedure “‘A’’. 


working tooth area that was scuffed. The algebraic mean of 
the percent scuff (herein called the mean scuff) on all teeth, 
as well as that on only those teeth that were pitted, are 
shown separately. As might be expected from the remarks 
given above, the mean scuff on the pitted teeth was, without 
exception, higher than the mean scuff on all teeth. It should 
be commented that the condition depicted by Test 72 
(Fig. 4), where the scuff curves did not experience a sharp 
rise, was not typical. In general, it was noted that as pitting 
became more advanced, the scuff curves would eventually 
rise sharply; and the mean scuff on the pitted teeth would, 
under such a circumstance, attain a very high value. The 
development of severe scuffing in the tip region as a result of 
advanced pitting has already been discussed. 

Evaluation of the Pitting Resistance of Lubricants—It was 
desirable to set up a numerical scale for comparing the 
pitting resistance of lubricants, and a number of alternatives 
were explored. The most satisfactory definition for the 
pitting resistance of a lubricant was considered to be the 
time required for the lubricant to produce pitting on three 
non-consecutive teeth of such severity as to be clearly 
discernible without employing any magnification. 

In arriving at the above definition, the size of the pits was 
first examined. It was found that pits that were discernible 
only with an 18-power stereoscopic microscope (standard 
equipment with the Ryder gear machine) but not without 
magnification, were not severe enough to be stable, and 
would often disappear with continued running. In order for 
them. to be sufficiently stable or objectionable, they had to 
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Fic. 6. Development of gear tooth pitting and scuffing with time, 
lubricant S-8, Test Procedure “‘A”’. 


be of such size as to be readily identifiable without magnifi- 
cation. 

The definition of Limiting pitting, i.e., pitting of such 
severity as to constitute lubricant failure, was next con- 
sidered. First the manner by which the pits spread over the 
tooth surface was studied. As discussed previously, the 
manner of spread of the pits over the tooth surface, while 
possibly influenced by lubricant type, was apparently 
affected also by other unidentified factors. Consequently, 
this method could not be used to provide a reliable indica- 
tion of the pitting resistance of the lubricants. 

As a second method of approach, it was thought that the 
number of teeth that were pitted might accelerate with time, 
so that the curve of the number of pitted teeth versus time 
might experience a sharp rise, which could be taken as a 
criterion of pitting failure. However, Figs. 4 to 6 show that 
no definite breaks in curvature could be consistently ob- 
served. Hence this method was also considered as im- 
practical. 

Finally, consideration was given to using the actual num- 
ber of pitted teeth to provide a measure of limiting pitting. 
Three alternative definitions were selected for study, 
namely: 

1. Pitting of any one tooth. 

2. Pitting of any three non-consecutive teeth. 

3. Pitting of any 14 teeth (50% of the total number of 

teeth). 

In order to determine as to which of the three alternatives 
would provide the best criterion for limiting pitting, six 
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TABLE 4 


Comparison of Lubricants with Reference to Gear Tooth Pitting (Test Procedure “A’’) 





| | ‘Time to Ieg 


Mean scuff at time of Itg. pitting, %1 











Mean scuff at start 
Oil code No. of tests pitting, hr? of endurance, %1 On all teeth | On pitted teeth 
R-2 11 22.5 4.7 12.9 26.1 
R-4 10 | 25.2 4.8 20.4 33.0 
T-1 | 11 326+ | 11.1 | 18.7 47.5 
T-1S | 10 14.2 15.3 29.4 49.9 
T-4 10 23.8 | 5.0 aie 16.5 34.2 
U-1 Bai. 5 | 129 + §;1 10.1 29.0 
S-1 4 13.2 3.6 | 15.4 22.5 
S-2 11 33.0 2.9 30.8 | 51.3 
S-6 10 42.6 4.3 22.6 | 66.0 
S-8 | 6 5.7 | 3.0 63.2 81.1 
S-9 1 wis | 37.8 + —_ — 
S-10 3 — | 71.8 + _ _— 


| | 
| 





1 Mean values from a group of tests the number of which is indicated in the second column. 


lubricants were run to 14 pitted teeth, using ‘Jest Pro- 
cedure “A’’. A minimum of ten tests were made on each 
lubricant, in an effort to gather information on the statistical 
nature of the test results. An analysis of the result:; obtained 
is presented in the appendix. Briefly, it was foun: that the 
three alternatives rated the lubricants in essen-ially the 
same order. However, the time to attain three non-con- 
secutive pitted teeth was considered to give the best com- 
promise between the length of the test and the test’s pre- 
cision. This definition for limiting pitting was thu:, adopted, 
and all subsequent tests were carried only to ti:ree non- 
consecutive pitted teeth. : 

Effect of Lubricants—Table 4 piesents a summary of the 
mean results obtained with the 12 lubricants evaluated to 
date. In Fig. 7, the time to limiting pitting is plott:d against 


RYDER PPI (anrRdx)] 
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Fic. 7. Effect of bulk lubricant viscosity on gear tovth pitting, 
Test Procedure “A”’. 


bulk lubricant viscosity for all lubricants having ay: approxi- 
mate Ryder gear rating of 3,000 ppi. The lack of ny organ- 
ized trend appears obvious. In examining the results pre- 
sented in Fig. 7, it may be of interest to note that in experi- 
ments on pitting of gears and cylindrical rollers, :onflicting 
results due to lubricant viscosity have been reported (7, 
8, 9). It is well to emphasize that the mechanism of surface 
fatigue as affected by lubricants is not well understood, and 
the difficulty of properly isolating or even de‘ining the 
controlling variables is ever present. There is, fo; instance, 
no assurance that factors other than viscosity d» not also 
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Fic. 8. Effect of lubricant Ryder gear rating on gear tooth pitting, 
Test Procedure “‘A”’. 


enter into the problem when lubricants of different types or 
compositions are being dealt with. Even with lubricants of 
the same formulation, Fig. 7 shows that two different 
batches of a Mil-L-7808 oil, T-1 and T-4, gave signifi- 
cantly different performance. In the light of data now 
available, the authors do not believe that the effect of lubri- 
cant viscosity, or indeed that of many other variables, can 
be accurately assessed. It is only possible to state that bulk 
lubricant viscosity, as measured by the conventional vis- 
cometric method, did not have a predominant effect on 
gear tooth surface fatigue. 

Figure 8 gives a plot of the time to limiting pitting as a 
function of the Ryder gear rating, for oils having a vis- 
cosity of about 3.5 cs at 210°F. Although an approximate 
trend is indicated, it is believed that the two quantities are 
in all probability not directly related. This conclusion fol- 
lows from the observations on the development of pitting 
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TABLE 5 
Comparison of Results from Test Procedures “‘A’’ and “‘C” 











| j 
Mean scuff at time of Itg. pitting, %1 
Time to Itg. Mean scuff at start | 
Oil code No. of tests pitting, hr! of endurance, %1 | On all teeth On pitted teeth 
Test Procedure ‘“‘A”’ 
R-2 11 22.5 4.7 12.9 26.1 
U-1 5 129 + 5.1 10.1 29.0 
S-8 : 6 5.7 3.0 63.2 81.1 
Test Procedure ‘‘C”’ 
R-2 2 20.5 11,2 24.5 65.6 
U-1 2 108 + 12.7 —_ as 
S-8 2 90 20.6 20.6 20.6 




















1 Mean values from a group of tests the number of which is indicated in the second column. 


and scuffing presented earlier. It is believed entirely possible 
that other characteristics of the lubricants were operative 
in this instance. Further work with high gear load oils of 
different types or formulations would help to clarify the 
situation. 

Table 4 shows that the time to limiting pitting of Mil-L- 
7808 oil (T-1) was reduced by half when the oil became 
corrosive in storage (T-1S). The phenomenon of corrosion 
fatigue of metals has been known for some time (10). The 
present finding indicates that it may be an important factor 
to reckon with in the application of synthetic lubricants. 

In an effort to investigate as to whether possible oil de- 
terioration or additive depletion during the test was a factor 
contributing toward the poor fatigue performance of oils 
S-1 and S-8, tests were conducted on these oils by using 
the oil from a previous test to run the succeeding test. The 
results obtained from such tests showed no significant 
difference from the tests on the unused oils. In addition to 
these tests, the neutralization number and viscosity of 
several oils were checked during endurance testing, and no 
significant changes were observed. It was thus concluded 
that little oil deterioration or additive depletion was involved 
in these tests. 

No pitting data are given in Table 4 on the two silicone 
oils (S-8, S-10) because excessive tooth scuffing was ob- 
tained before it was possible to attain the tooth load speci- 
fied in Test Procedure “A”. The fact that these fluids gave 
excessive scuff at the specified endurance load, quite out 
of line of their respective Ryder gear ratings, is significant. 
In fact, Table 4 shows that the scuff at the start of the en- 
durance run did not bear a consistent relationship with the 
Ryder gear rating of the lubricants evaluated. Variations of 
the scuff rating of synthetic lubricants with test conditions 
have been reported by other investigators (11). 

Test Procedure Using Standard Ryder Test Gears—It 
cannot be denied that the use of the same design of test 
gears in performing both scuffing and pitting tests would, if 
at all possible, be a desirable goal. With this in mind, a 
limited number of tests were made on the standard Ryder 
test gears, in order to explore its potentialities. It was 


decided that, in order to provide a basis for comparison, the 
test procedure using the standard test gears should give 
roughly the same time to limiting pitting as Test Procedure 
“‘A”’ for a reference lubricant, and lubricant R-2 was selected 
for this purpose. After some experimentation, it was found 
that Test Procedure “‘C” would satisfy this requirement, 
although it gave very high scuff at the start of the endurance 
run. Nevertheless, as a matter of general interest, a program 
was undertaken in which two tests were made on three 
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Fic. 9. Correlation of laboratory gear fatigue test using Test 
Procedure “A” with full-scale gear-box fatigue test. 


selected oils of widely different characteristics. The mean 
results from these tests are compared with those obtained 
with Test Procedure “A” in Table 5. It should be noted 
that only very few tests were conducted with Test Pro- 
cedure “‘C’”’. However, on the basis of these tests, it appears 
that lubricants R-2 and U-1 received roughly comparable 
ratings from Test Procedures “A” and “C’’, but lubricant 
S-8 was rated vastly superior by Test Procedure “C” 
than by Test Procedure “A”. 

The fact that the two test procedures gave different 
lubricant ratings is both interesting and important, and 
further work to investigate this discrepancy is indicated. 
One of the pertinent questious is the relative correlation of 
the two procedures with full-scale gear performance. 
This question can only be answered by reference to full- 
scale tests. Figure 9 shows a comparison of the results from 
Test Procedure “A” with limited full-scale gear-box test 
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TABLE 6 


Comparison of Maintenance Intervals of Ryder Gear Machine 
on Test Procedures “A” and “‘C” 





Interva! between major maintenance, hr 


1,100 
460 


Test Procedure ‘A 


Test Procedure “‘C 385 
204 

24 

165 





results available to the authors. Note that a reasonably good 
correlation was obtained. 

It was found that Test Procedure “‘C” required four times 
as much major maintenance on the Ryder gear machine as 
Test Procedure “A”. Table 6 compares the intervals be- 
tween major machine maintenance that were obtained with 
the two procedures. Procedure “‘A’’, at 5,000 rpm and 3,700 
ppi tooth load, gave an average maintenance interval of 800 
hours. In contrast, Procedure “C”, at 10,000 rpm and 
3,900 ppi tooth load, gave an average maintenance interval 
of only 200 hours. The excessive maintenance required was 
largely responsible for the very limited amount of work done 
with Test Procedure “‘C”’ to date. 


Conclusions 


This paper presents some of the results of a recent 
investigationon the effect of lubricants on gear tooth sur- 
face fatigue. An important aspect of this investigation was 
the development of a laboratory test method which would 
produce limiting pitting within a conveniently short time. 


Several criteria for defining limiting pitting were considered. 
The definition found most satisfactory was the incidence 
of pitting on three non-consecutive gear teeth of such se- 
verity as to be clearly discernible without magnification. 
Using this test method, a program was instituted in which 
the performance of 12 lubricants, covering a wide range of 
viscosity, Ryder gear rating (scuff-limited load )and corro- 
sivity, was determined. It was found that bulk lubricant 
viscosity, as measured by the conventional viscometric 
method, did not have a predominant effect on gear tooth 
surface fatigue. Examination of the development of scuffing 
and pitting on the gear teeth indicates that the initial inci- 
dence of scuffing and the initial incidence of pitting were 
unrelated. It was further noted that as pitting became 
advanced, severe scuffing of the pitted teeth would almost 
invariably result. On the other hand, there was no evidence 
that severe scuffing would lead to gear tooth pitting. 

The investigation to date, which has been essentially 
exploratory in nature, has served to show the complex 
mechanism of gear tooth surface fatigue as affected by 
lubricants. The test procedure yielded results in reasonably 
good agreement with limited data from full-scale gear-box 
tests. Further work directed toward a better understanding 
of the effect of lubricants on gear tooth surface fatigue is in 
progress. 
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APPENDIX 


A minimum of ten tests were run on each of six lubricants, 
in an effort to study the statistical nature of the test results, 
and also to provide a basis for selecting the best criterion 
for limiting pitting. Table 7 presents the summary of 
results obtained on lubricant R-4. Note the wide scatter of 
the results. The other five lubricants, viz., R-2, T-1, T-1S, 
S-2 and S-6, gave results of similar dispersion. 

The statistical distribution of the results on the six 
lubricants was studied. In order to reduce all test results to 
a common basis, the time to limiting pitting was converted 
to “relative time’’ by dividing the time in question by the 
mean time to limiting pitting for that particular lubricant 
and that particular definition of limiting pitting. The results 
thus obtained were then collected under the three definitions 
of limiting pitting and plotted in Fig. 10. The fact that the 
points fall approximately on a straight line indicates that 
the results conformed reasonably well to normal probability 
distribution. 

A comparison of the three criteria of limiting pitting is 
presented in Table 8. Note that the three methods rated the 
lubricants essentially similarly. However, the time to three 
non-consecutive pitted teeth was, on the whole, only about 
35% more than that to one pitted tooth, but nearly 60% 
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Fic. 10. Test for normal probability distribution, gear tooth 
pitting investigation, Test Procedure “‘A”’. 
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TABLE 7 
Summary of Gear Tooth Pitting Tests on Lubricant R-4 (Test Procedure ‘‘A’’) 





Time to pit, hr 


Mean scuff on all teeth, % 


Mean scuff on pitted teeth, % 

















1 3N.C. 14 3 N.C. teeth 14 teeth 3 N.C. teeth 14 teeth 
Test No. | tooth teeth teeth | Initial pitted pitted pitted pitted 

64 22 36 Se ee sai 56.0 se 73.0 
ee a 12 14 poe 18.3 33.6 30.7 41.2 
66 30 38 80 | 1.0 31.8 39.2 34.0 44.5 
67 18 62 86 1.0 31.1 67.7 48.4 97.5 
72 12 16 24 11.1 31.8 43.6 42.2 48.0 
73 10 10 16 14.1 25.0 21.6 63.2 78.5 
 allad See 34 52 1.0 1.6 35.2 5.0 53.2 
76 20 20 36 1.0 7.2 57.0 15.0 92.2 
oe tae 14 32 2.5 17.9 61.6 26.0 89.0 
ae 10 16 Pb “ge 18.8 60.2 33.2 73.4 

Mean 16.4 25.2 42.4 4.8 20.4 47.5 33.0 69.1 

Std. Dev. 8.6 16.2 26.0 

S.D./Mean 0.52 0.64 0.61 =| 


‘e 





less than that to 14 pitted teeth. Further, the fractional 
repeatability standard deviation for the case of three non- 
consecutive pitted teeth was about half-way between those 
for the other two cases. Thus considering the time required 
to attain limiting pitting as well as the precision of the test, 
the time to three non-consecutive pitted teeth appeared to 
offer the best compromise for defining limiting pitting. 

It will be observed from Table 8 that the fractional re- 
peatability standard deviation of the test, using the above 
definitions for limiting pitting, was of the order of 0.5. A 
repeatability of this magnitude is indeed poor, but not 
uncommon with gear and bearing fatigue tests. It is, how- 
ever, pertinent to inquire as to the significance of the mean 
results of ten tests in assessing the relative merits of the 


oils. Such an analysis has been made. It was found that the 
probability of significance between the performance of 
lubricants R-2 (22.5 hr) and S-6 (42.6 hr) was 95%. The 
difference in this instance was therefore very significant. On 
the other hand, the difference in performance between, say, 
lubricants R-2 (22.5 hr) and R-4 (25.2 hr), was significant 
only to a probability of 65%, a magnitude hardly sufficient 
to warrant any valid conclusion regarding the relative 
merits of the two lubricants. 

The statistical significance of the test can, of course, be 
improved by increasing the number of tests. With a frac- 
tional repeatability standard deviation of 0.5, 20 tests would 
be required to separate a difference of 5% in mean results 
at a probability of 90%. 











TABLE 8 
Comparison of Three Criteria of Limiting Pitting (Test Procedure ‘‘A’’) 
| Time to Time to 3 Time to 
first pitted tooth non-cons. pitted teeth 14 pitted teeth, 
hr hr hr Ratio of times 
S.D. + S.D. + S.D. + | Ist tooth 14 teeth 
Oil Code| No. of Tests Mean S.D. Mean Mean S,D. Mean Mean S.D. Mean | to 3 teeth to 3 teeth 
R-2 11 17.8 10.3 0.58 22.5 10.9 0.48 40.0 17.3 0.43 0.79 1.78 
R-4 10 16.4 8.6 0.52 25.2 16.2 0.64 42.4 26.0. 0.61 0.65 1.69 
T-1 11 21.8 18.9 0.86 32.6 + 18.3 0.56 50.0 + 19.3 0.39 0.67 1.53 
T-1S 10 10.2 4.5 0.44 14,2 6.8 0.48 21.6 10.0 0.46 0.72 1,52 
S-2 11 20.5 11.7 0.57 33.0 15.7 0.48 | 49.8 22.4 0.45 0.62 1,51 
S-6 10 25.6 14.5 0.57 | 42.6 22.2 0.52 | 646+ 25.0 0.39 0.60 1,52 





























50 


T. F. Davipson AND P. M. Ku 


REFERENCES 


. Military Specification MIL-L-7808, Lubricating Oil, Air- 


craft Turbine Engine, Synthetic Base. 


. Military Specification MIL-L-9236, Lubricating Oil, Air- 


craft Turbine Engine, High Temperature. 


. Military Specification MIL-L-25336. Lubricating Oil, Air- 


craft Turbine Engine, High Film Strength, Synthetic Base. 


. T. F. Davipson and J. H. Way; “Developments in Aircraft 


Turbine Lubricants”, Paper presented at SAE National 
Aeronautic Meeting, New York, April 2—5, 1957. 


. E. A. Ryper; “‘A Test for Aircraft Gear Lubricants”, ASTM 
Bulletin 184, 1952. 


. M. E. Orrersein; “The Effect of Aircraft Gas Turbine Oils 


10, 


a3, 


> Eee, he STs 


. ANON.; 


on Roller Bearing Fatigue Life”, Paper presented at ASLE- 
ASME Lubrication Conference, Toronto, Canada, October 8, 
1957. 

“Lubrication and Load-Carrying Capacity of 
Gears’’, Lubrication Engineering, August, 1952. 


. S. Way; “Pitting Due to Rolling Contact”, ¥. Appl. Mech., 


July, 1935. 

“Testing Gear-Wheel Material’, Brown Boveri 
Review, December, 1939, 

Battelle Memorial Institute Staff, Prevention of the Failure of 
Metals under Repeated Stress, (John Wiley & Sons, 1939). 

V. W. Davin, J. R. HuGues and D. Resce; “‘Some Lubrication 
Problems of Aviation Gas Turbines , ¥. Inst. Petroleum, 
November, 1956. 




















Laboratory Tests with Turboprop Lubricants 


By H. S. WHITE? 


The Modified SAE EP Lubricants Testing Machine and the McKee EP Lubricants Testing 
Machine use two contacting cylindrical test cups which are rotated at different speeds under 
load to give combined rolling and rubbing action typical of gear teeth. With these machines 
methods were developed for evaluating the anti-wear and the load-carrying properties of 
turboprop lubricants. Data are presented for 31 oils tested on the above machines, and for 25 of 
these oils also tested for stability at high temperatures on the McKee Oil Stability Apparatus. 


Introduction 


During the development, for the military services, of 
a standard turboprop lubricant suitable for operation over 
a wide temperature range, several laboratories were engaged 
in evaluating promising lubricants with various laboratory 
machines. In addition to the engine requirements (1, 2, 3) of 
lubricant fluidity at —65°F and stability at +-400°F, in turbo- 
prop engines the lubricant must provide satisfactory lubrica- 
tion »f the high-speed heavily-loaded reduction gears. During 
1950, under the sponsorship of the Burean of Aeronautics, a 
project was initiated at the National Bureau of Standards 
to investigate the possibilities of the Modified SAE EP 
(Extreme Pressure) Lubricants Testing Machine and the 
McKee EP Lubricants Testing Machine for determining 
the anti-wear and the load-carrying properties of turbo- 
prop lubricants. This involved obtaining wear and load- 
carrying data for the lubricants under consideration, using 
various operating techniques with the above machines. 
Also, lubricants were tested for stability at high tempera- 
tures with the McKee Oil Stability Apparatus. 


Apparatus 


With both the SAE and the ).cKee Machine, two con- 
tacting cylindrical test cups are rotated at different speeds 
under load, with the contacting surfaces moving in the 
same direction. This provides a combined rolling and 
rubbing action that is typical of gear teeth, with a line 
contact that is constantly changing with respect to the 
surfaces of both test cups. The test specimens used in ob- 
taining data were Timken cups as ordinarily supplied for 
tests with the SAE machine, with the exception that some 
of these were reground at the NBS shop to obtain the 
desired surface finish. The oxidation stability tests were 
made with the McKee Oil Stability Apparatus. 


Modified SAE EP Lubricants Testing Machine—The 
modifications to the SAE Machine are described in a previ- 
ous publication (4). They were concerned chiefly with 
changes to provide for circulation of the oil sample at a 





Contributed to the American Society of Lubrication Engineers 
by the author. Manuscript received 1 October 1957. 

1 Physicist, Rheology Section, National Bureau of Standards, 
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controlled temperature and to permit long-time operation 
for wear tests. However, this machine requires attention 
when running and hence it was operated during working 
hours only. 


McKee EP Lubricants Testing Machine—The McKee 
Machine is similar to the SAE Machine in the general 
principles of operation, but its design is such that it can be 





Fic. 1. Inner parts of McKee EP lubricants testing machine. 


operated overnight without attention. Views of this machine 
are given in Figures 1, 2, and 3. The shafts with test cups, 
speed-ratio gears, loading blocks, and coupling (Fig. 1) are 
immersed in the test lubricant contained in a steel box 
(center of Fig. 2). This shaft assembly is driven through 
pulleys and belt by a vertically-mounted motor. A hyd- 
raulic jack at the end of the oil box applies the load. The 
box is mounted in a yoke which is pivoted in ball bearings 
coaxial with the power-driven shaft. A torque arm project- 
ing from the yoke is attached to a flexible cable which 
transmits the torque over a pulley to a weight pan, which 
may be used for measuring friction. The arm also actuates 
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a limit switch which shuts down the apparatus under con- 
ditions of excessive friction. 

The oil-bath temperature is maintained by heaters and 
water jackets on the oil box and by a small auxiliary blower. 
A thermocouple immersed in the oil is connected to an 





Fic. 2. Front view of McKee EP lubricants testing machine. 


automatic controller which operates the electric switches 
and water valve to control the temperature; a second 
thermocouple is connected to a recording potentiometer. 

The load on the test cups is adjusted by a screw injector 
in the hydraulic system (near motor in Fig. 3) and is 
measured by a pressure gage. A diaphram loaded by a 
lever and weights (under motor in Fig. 3) is connected to 
the hydraulic system to prevent changes in pressure caused 
by expansion or contraction of the hydraulic oil with 
changes in ambient temperature. 


McKee Oil Stability Apparatus—The McKee Oil 
Stability Apparatus consists essentially of a heated steel 
strip over which oil is circulated in a thin film. It is des- 
cribed more fully in a previous publication (5). 


Lubricants 


Viscosity data and other information for lubricants 
tested during the investigation are given in Table 1. Lubri- 
cants M-1 to M-6 were mineral oils without EP (extreme 
pressure) additives. Lubricants MA-1 to MA-5 were 
mineral oils containing EP additives. Lubricants S-1 and 
S-2 were synthetic oils without EP additives. Lubricants 
SC-1 to SC-7 were experimental synthetic oils from various 


commercial laboratories, and probably all of these con- 
tained additives. Samples SA-1 to SA-11 were synthetic 
oils containing EP additives, with known composition. 
Sample SA-9 contained 5% of a sulfurized EP additive. 
Sample SA-10 contained 7.5% of a sulfo-chloro-compound 
EP additive and 1.0% of tricresyl phosphate. Each of the 
other lubricants in the SA series contained 5.0% of tri- 
cresyl phosphate, which acts as an anti-wear agent and a 
mild EP additive. Samples with PRL numbers (see remarks 
in Table 1) were furnished by the Petroleum Refining 
Laboratory of Pennsylvania State College (6, 7). Sample 
SA-5 (PRL 3161 without VI, viscosity index, improver) 
was the same in composition as the reference oil in the 
original MIL-L-7808 (December 1951) Military Specifi- 
cation for Lubricating Oil, Gas Turbine, Aircraft, namely: 


Di(2-ethylhexyl) sebacate 94.5% 
Tricresyl phosphate 5.0% 
Phenothiazine 0.5% 
Silicone anti-foam 0.001% 





Fic. 3. Side view of McKee EP lubricants testing machine. 


Sample SA-6 (PRL 3312) was similar to SA-5 except that 
it contained 0.5% of an acid phosphate as an additional 
additive. Samples SA-7 and SA-8 (different batches of 
PRL 3151 with VI improver) were similar to SA-5 except 
that each contained about 4% of an acrylic viscosity-index 
improver (methacrylate polymer). Sample SA-11 was 
similar to SA-8 except that it contained about 0.5% of the 
acid phosphate additive and an additional 4% of the acrylic 
VI improver. 
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Values of specific heat, density, and dielectric constants 
for four synthetic oils are given in Table 2. These data 
were obtained with conventional apparatus used for these 
purposes. The densities and the dielectric constants were 
measured at 77° and at 150°F. The specific heats were 
measured between 32° and 268°F, the average temperature 
being 150°F. Some density and specific heat data were 
available from previous research with two of the mineral 
oils, and these have been included in Table 2 for compar- 
ison. For the synthetic oils the values of specific heat 
(cal/g °C) are about the same as those for an SAE 20 motor 
oil, and hence the cooling effects should be about the same 
for a given flow rate on a weight basis. The synthetic oils 
have higher densities than mineral oils of similar viscosity, 
so that the cooling effect with them should be slightly 
better than with light mineral oils for given rates of flow 
on a volume basis. The dielectric constants were obtained 


to furnish information relative to the capacitance-type 
gages used in aircraft for indicating the quantity of oil. 


Tests with the modified SAE machine 


Tests were made with the Modified SAE Machine with 
the high-speed shaft operating at 600 rpm and at 1030 rpm, 
with a speed ratio of 3.4 : 1 for the upper to lower shaft 
(2.4 : 1 slide to roll ratio). The oil was circulated at a rate of 
300 gm/min, and the temperature was controlled at 210°F 
at the oil pipe entering the splash guard which encloses the 
upper test cup. Each test was started with a load of 200 Ib (20 
Ib scale reading), and the load was increased periodically. 

Data are given in Table 3 for operation at 600 rpm 
with the load increased 100 Ib each hour. This method 
of increasing loads requires continuation of the test from 
day to day; the roughness (by Profilometer) and the loss of 
weight of the test cups were determined each day. The 


TABLE 1 


Descriptive Data for Lubricants 











s 1 Viscosity, centistokes 
Ne ‘ Flash Other description 
. at at at at point 
210°F 100°F — 40°F — 65°F °F 

M-1 2.6 10.2 ia — -- AN-0-9a-1010 

M-2 9.9 82.6 os — _ SAE 20 

M-3 11.4 106 — a — AN-0-8-1065 

M-4 20.8 275 — - —- AN-0-8-1100 

M-5 24.6 326 — — —_ AN-0-8-1120 (SAE 60) 

M-6 24.7 367 _ — -- AN-0-8-1120 

MA-1 2.8 11.0 — — — M-1 plus EP additive 

MA-2 2.8 11.3 — — —_ M-1 plus EP additive 

MA-3 3.1 11.8 — — 250 MIL-L-10324 

MA-4 8.3 77.1 — a _- AN-0-3-M 

MA-5 9.0 78.9 a _ — AN-0-3-M 

S-1 2.5 8.0 905 — 270 Polyisopropylene oxide, !— 70°F 

S-2 3.3 12.7 1350 7320 450 Di (2-ethylhexyl) sebacate 

SC-1 2.3 7.1 — = 395 Lab No. 90759a 

SC-2 3.0 11,2 1600 11000 410 Lab No. WS2256, !— 75°F 

SC-3 3.3 13.0 1700 a 400 Lab No. XRL-210A, 1— 65°F 

SC-4 3.4 13,1 1980 _ 365 Lab No. 52279-C, 1— 75°F 

SC-5 3.6 14.0 1735 ~ 440 Lab No. XRL-209A, !— 65°F 

SC-6 5.2 22.3 4300 37000 440 Lab No. WS2237, !— 75°F 

SC-7 6.6 24.5 — -—— 360 Lab No. 52448-1 

SA-1 2.4 8.5 — o 415 Di (2-ethylhexyl) adipate plus 5% 
TCR 

SA-2 2.6 9.0 oa - 320 S-1 plus 5% TCP 

SA-3 3.3 12.7 1570 10050 — S-2 plus 5% TCP 

SA-4 3.3 13.0 — — 405 S-2 plus 5% TCP 

SA-5 3.3 13.0 a oo 470 PRL 3161, without VI improver 

SA-6 3.3 13.0 — — 460 PRL 3312 

SA-7 5.5 21.0 — —- 470 PRL 3161, with VI improver 

SA-8 5.6 22.5 2950 17900 445 PRL 3161, with VI _ improver, 
1_ 90°F 

SA-9 5.5 22.0 * 2940 as 460 PRL 3040, !— 75°F 

SA-10 5.6 22.9 3400 —_ 450 PRL 3059, !— 75°F 

SA-11 10.6 43 — — 435 PRL 3313 























1 Pour points below these temperatures. 
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TABLE 2 
Properties of Typical Lubricants 




















Dielectric Constants Density, Specific Heat, 
Sample at 400 cycles per second gm/ml cal/gm°C 
No. lat 150°F 
at 77°F at 150°F at 77°F at 150°F 
SC-5 4.01 3.70 0.911 0.882 0.498 
SC-7 3.76 3.49 0.927 0.898 0.487 
SA-1 4.44 4.15 0.934 0.902 0.486 
SA-8 4.10 3.81 0.924 0.895 0.490 
M-2 (SAE 20 mineral oil) 0.865 0.840 0.488 
M-5 (SAE 60 mineral oil) 0.876 0.850 _ 














1 Average for temperature range from 32° to 268°F. 


values of wear given in Table 3 are for the total time run 
in each case. In general, under conditions where scuffing 
did not occur, the wear was low, consisting mostly of run-in 
wear. The load-carrying capacities are compared in Fig. 4, 
from data in Table 3. Under these conditions, lubricants 
SC-3, SC-5, SC-7, SA-1, SA-3, SA-4, SA-6, SA-8, and 
SA-11 did not fail in the load range from 200 to 2400 Ib; 
the other lubricants failed by scuffing at loads ranging 
from 700 to 2200 Ib in at least one test (SC-4 did not fail in 
two of three tests). 

Data are given in Table 4 for operation at 600 rpm with 
the load increased 200 Ib each half hour. This method, 
which increases the load four times as fast as the method 
used for the data in Table 3, lowered the load-carrying 
capacity of some lubricants (samples SA-1, SA-3, and 
SA-8) having good anti-wear properties, presumably be- 
cause the fast loading did not provide time for adequate 
wear-in. The excessive wear which occurred with samples 
MA-4, MA-5, SA-9, and SA-10 probably was caused by 
the EP additives in these samples being overactive under 
these test conditions. The load-carrying capacities are 
compared in Fig. 5, from data in Table 4. 


For operation at 1030 rpm, the load was increased 100 
pounds at the end of each half hour. The data obtained 
under these conditions are given in Table 5. This method 
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Fic. 4. Data with modified SAE machine, at 600 rpm, 
increasing load 100 Ib each hour. 
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Laboratory Tests with Turboprop Lubricants 


TABLE 3 
Data with Modified SAE Machine, at 600 rpm, with 3.4 : 1 shaft-speed ratio, 300-g/min oil flow at 210°F inlet, 
starting at 200-lb load and increasing load 100 lb at the end of each hour. 
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Test cups 
Wear, both cups 
Roughness, microinches Actual load, 
Sample Ib, 
No. Year End of run at end Avg mg/hr, 
received Start, —— of run Total, for total 
both cups Fast cup Slow cup mg time run 

M-4 1950 21 12 10 800 15 2.4 
aie ane 1300 Scuffed — 

M-6 1950 22 14 11 800 9 1.3 
13 10 1400 14 1,1 

12 8 2100 16 0.8 

sco oie 2200 Scuffed —_ 

S-1 NBS 19 10 8 800 21 3.0 
—_— — 1400 Scuffed —_— 

SC-1 1951 19 15 12 800 25 3.6 
20 22 1400 62 4.8 

32 32 2000 118 | 6.2 

aa bie 2200 Scuffed —_ 

SC-2 NBS 6 4 4 800 4 0.6 
— — 1400 Scuffed _— 

1950 21 9 9 800 16 2.3 

—_— — 1400 Scuffed — 

NBS 36 — — 700 Scuffed —_ 

SC-3 1950 21 11 11 800 7 1.0 
9 11 1400 12 0.9 

8 10 2000 17 0.9 

8 9 2400 20 0.9 

SC-4 NBS 6 4 4 800 1 0.1 
4 4 1400 2 0.2 

| 4 4 2000 4 0.2 

5 4 2400 6 0.3 

1950 20 11 10 800 11 1.6 

10 10 1400 13 1.0 

| sis ns 1700 Scuffed — 

1942 | 35 20 14 800 7 1.0 

| 15 10 1400 1 0.8 

| 13 10 2000 14 0.7 

| 12 8 2400 18 0.8 

| 

SC-5 1950 21 13 11 800 6 0.9 
11 10 1400 9 Wee, 

i 10 2000 12 0.6 

| 9 5 2400 15 See <; 

SC-6 NBS 6 5 6 800 12 1.7 
5 6 1400 23 1.8 

| 6 9 2000 34 1.8 

6 9 2400 39 1.7 

1950 21 14 9 800 14 2.0 

12 8 1400 26 2.0 

— —_ 1900 Scuffed —_— 

NBS 36 16 13 800 19 2.7 

13 13 1400 31 2.4 

— — 1500 Scuffed _ 

SC-7 NBS 6 4 4 800 8 1,1 
6 8 1400 14 1,1 

6 7 2000 15 0.8 

5 6 2400 16 0.7 
































TABLE 3 (continued) 
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Test cups 
Wear, both cups 
Roughness, microinches Actual load, 
Sample Ib, 
No. Year End of run at end Avg mg/hr, 
received Start, of run Total, for total 
both cups Fast cup Slow cup mg time run 

SC-7 1950 20 12 10 800 11 1.6 
11 9 1400 16 1,2 
10 8 2000 20 1.1 
10 8 2400 24 1.0 
1943 35 16 19 800 12 1.7 
14 18 1400 15 1.2 
12 14 2000 20 1.1 
55 50 2400 598 26.0 
SA-1 1950 19 12 12 800 11 1.6 
11 10 1400 17 1.3 
11 9 2000 22 1.2 
9 8 2400 25 1.1 
SA-2 1951 19 10 9 800 11 1.6 
-- ~~ 900 Scuffed — 
SA-3 1950 24 14 14 800 4 0.6 
12 12 1400 9 0.7 
11 10 2000 15 0.8 
11 10 2400 18 0.8 
SA-4 1950 19 13 11 800 14 2.0 
12 9 1400 24 1.8 
12 9 2000 26 1.4 
11 8 2400 26 1.1 
SA-5 1950 21 _— — 700 Scuffed a 
1951 21 — — 800 Scuffed — 
SA-6 1951 20 14 13 800 4 0.6 
12 12 1400 9 0.7 
12 11 2000 15 0.8 
10 10 2400 20 0.9 
SA-7 1951 20 10 12 800 8 1,1 

10 9 1400 10 
ea as 1500 Scuffed — 
SA-8 NBS 6 4 4 800 2 0.3 
4 4 1400 3 0.2 
4 4 2000 3 0.2 
4 4 2400 4 0.2 
1950 19 12 11 800 7 1.0 
12 10 1400 12 0.9 
13 9 2000 19 1.0 
12 8 2400 22 1.0 
1942 3¢ 22 20 800 6 0.9 
17 12 1400 11 0.8 
15 8 2000 16 0.8 
14 6 2400 18 0.8 
SA-11 1951 20 15 12 800 6 0.9 
15 12 1400 11 0.8 
13 10 2000 15 0.8 
12 10 2400 19 0.8 


























Note: Cups labeled NBS were reground at NBS shop. 
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appears to be too severe for mineral oils without additives, 
evidenced by scuffing at relatively low loads. The ex- 
cessive wear which occurred with samples MA-1, MA-2, 
MA-4, MA-5, SA-9, and SA-10 presumably was caused by 
the EP additives in these samples being overactive under 
these test conditions. With the remaining synthetic-base 


oil samples the rates of wear were relatively low when 
scuffing did not occur. The load-carrying capacities are 
compared in Fig. 6, from data in Table 5. 

The wear in the tests with the SAE Machine consists of 
run-in and wear at several loads and hence the average loss 
of weight for the time run should not be considered as a 











S* scuffed 
We wear > 10mg /hr 





+= weor <1Omg/hr, no scuffing 











3m 


= 









































+ 
+ 
34 


















































Te Re 


4 


=t4 


























: wowwilll | 
qr ww eel s s u| fi 1 
lnaatl U 
Tas 


Fic. 6. Data with modified SAE machine, at 1030 rpm, increasing load 100 Ib each half hour. 


TABLE 4 


Data with Modified SAE Machine, at 600 rpm, with 3.4: 1 shaft-speed ratio, 300-g/min. oil flow at 210°F inlet, 
starting at 200-lb load and increasing load 200 lb at the end of each half hour. 


















































Test cups 
Actual load, Wear, both cups 
Roughness, :nicroinches Ib. = 
Sample at end 
No. Year End of run of pose Avg mg/hr, 
received Start, Total, for total 
both cups Fast cup Slow cup. mg time run 
M-3 NBS 16 11 8 2400 12 2.0 
1944 19 13 9 2400 13 2.2 
1950 25 a — 1800 Scuffed — 
1942 35 — a 800 Scuffed — 
M-4 1950 20 — oo 1400 Scuffed — 
M-6 1950 22 “= ~- 2000 Scuffed — 
MA-1 1942 18 10 9 1200 13 4.3 
9 8 1800 14 3.1 
MA-2 1943 18 8 7 1800 17 3.8 
MA-3 1942 19 12 8 2400 48 8.0 
MA-4 1942 18 7 6 1400 22 6.3 
42 50 2000 314 63 
MA-5 1944 19 40 46 1800 785 174 
1950 25 48 55 1800 410 91 
S-l 1950 19 - —- 2000 Scuffed — 
S-2 1943 24 — 1800 Scuffed _ 
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Test cups 





Roughness, microinches 








Actual load, 


Wear, both cups 




































































lb, 
Sample tend 
No. Year End of run a a Avg mg/hr, 
received Start, Total, for total 
both cups Fast cup Slow cup mg time run 

SC-1 1951 19 15 16 2400 36 6.0 
SC-2 1950 21 — a 600 Scuffed — 
SC-3 1944 24 a — 1600 Scuffed —_— 
1950 24 — — 1400 Scuffed — 
SC-4 1950 20 10> 7 2400 12 2.0 
SC-5 1943 24 14 11 2400 12 2.0 
1950 24 14 12 2400 10 1,7 
SC-6 1950 21 — — 2400 Scuffed _ 
SC-7 1950 20 11 9 2400 18 3.0 
SA-1 1950 19 — _— 1400 Scuffed _— 
SA-2 1951 19 10 10 2400 23 3.8 
SA-3 1942 24 _: — 1200 Scuffed — 
1950 24 —- — 1200 Scuffed _ 
SA-4 1950 19 14 15 400 6 6.0 
11 10 2400 22 3.7 
1944 19 10 8 2400 23 3.8 
SA-5 NBS 6 — — 800 Scuffed — 
1951 21 a — 1200 Scuffed —_— 
NBS 30 —_ — 2000 Scuffed — 
SA-6 NBS 6 6 6 2400 6 1.0 
1951 21 12 12 2400 13 22 
NBS 30 12 10 2400 26 4.3 
SA-7 NBS 6 — — 2000 Scuffed = 
1951 21 — — 1200 Scuffed _— 
NBS 30 a —_— 1200 Scuffed — 
SA-8 1950 19 a a 1600 Scuffed _ 

SA-9 1942 19 63 55 2400 611 105 

SA-10 1943 19 60 52 2400 661 110 
1944 19 7 7 1600 34 8.5 

35 34 2400 200 33 

1950 25 50 49 2400 404 67 
SA-11 NBS 6 6 6 2400 5 0.8 
1951 21 12 11 2400 15 2.5 
NBS 30 14 13 2400 22 3.7 
































Note: Cups labeled NBS were reground at NBS shop. 
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rate of wear at any particular load. In cases involving low 
wear a large percentage of the small loss of weight was 
probably run-in at the lower loads. However, the loss of 
weight per hour distinguishes between those lubricants 
giving rapid wear and those giving almost no wear except 
run-in, even though a range of loads is covered. 


Tests with the McKee machine 

After trying several operating conditions with the McKee 
Machine, a procedure was adopted as being suitable for 
indicating the wear characteristics of both mineral oils and 
synthetic oils, with and without load-carrying additives. 
In this procedure, the temperature of the oil was controlled 
at 210°F and the high-speed shaft was operated at 600 rpm. 
The speed ratio between shafts was 47 : 15 (approximately 


3.1 : 1) which, for the test cups, gives a value of 2.1 : 1 for 
the ratio of slide to roll and 208 fpm for the sliding velocity. 
A test consisted of a series of runs with a given lubricant 
and a pair of weighed test cups. The first run of each series 
was at a 400 Ib load, with an operating period of 18 hours: 
The wear for this period was determine’! by weighing the 
test cups. Likewise, wear was determined for an 18-hour 
period of operation at an 800 Ib load, and then for an 18 
hour period at a 1200 lb load, unless the run was stopped 
because of scuffing or rapid wear. 

Data obtained with the McKee Machine under the 
above operating condiiions are presented in Table 6. The 
rates of wear are based on the total wear of both test cups 
during a run at a given load. The data for the first run in 
each test include run-in wear and hence these values of the 


TABLE 5 


Data with Modified SAE Machine, at 1030 rpm, with 3.4 : 1 shaft-speed ratio, 300-gm|min. oil flow at 210°F inlet, 
starting at 200-lb load and increasing load 100 lb at the end of each half hour. 

































































Test cups 
Actual load Wear, both cups 
Roughness, microinches Ib ; 
Sample ot and - 
No. Year End of run of a Avg mg/hr, 
received Start, Total, for total 
both cups Fast cup Slow cup mg time run 
M-3 NBS 16 8 10 1200 11 2.0 
ald rat —_ 1300 Scuffed _ 
1942 17 —_ — 300 Scuffed _— 
1943 19 — — 200 Scuffed — 
1950 25 — oo 600 Scuffed —_ 
M-4 NBS 6 — — 600 Scuffed — 
1950 20 — — 300 Scuffed —_ 
1942 35 _ _ 500 Scuffed os 
M-6 1943 22 — — 300 Scuffed — 
1950 22 — — 300 Scuffed —_ 
1944 24 _ — 300 Scuffed —_ 
1942 24 — — 400 Scuffed _ 
1944 24 _— — 500 Scuffed —_ 
MA-1 1942 18 19 29 600 200 80 
MA-2 1942 18 18 37 600 256 102 
MA-3 1942 19 8 7 1500 36 5.1 
MA-4 1942 18 60 58 600 221 88 - 
MA-5 1944 19 80 80 800 499 143 
1950 25 50 55 800 502 143 
S-1 1950 19 oo — 200 Scuffed — 
S-2 1942 23 -— — 300 Scuffed —_ 
SC-1 1951 19 16 16 1500 38 5.4 
SC-2 NBS 5 — — 700 Scuffed _ 
1950 21 —_ — 200 Scuffed — 
1950 21 —_ —_ 300 Scuffed — 
NBS 34 _ — 700 Scuffed _ 
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Test cups 
Actual load Wear, both cups 
Roughness, microinches lb, ; 
Sample at end 
No. Year End of run oF van Avg mg/hr, 
received Start, Total, for total 
both cups Fast cup Slow cup mg time run 

SC-3 1944 14 — — 800 Scuffed on 
1943 24 14 13 1500 8 1.1 
es, sis coli 1600 Scuffed —_ 
1942 34 18 16 1700 11 1.4 
eee ‘as we 1800 Scuffed —_— 
SC-4 NBS 6 4 4 1500 2 0.3 
1950 20 10 11 1500 11 1.6 
1942 35 _— — 1500 Scuffed -- 
SC-5 1944 24 11 11 1500 8 1.1 
SC-6 NBS 5 — — 800 Scuffed — 
1950 21 — _ 500 Scuffed —_ 
NBS 34 — _ 400 Scuffed a 
SC-7 NBS 6 4 4 1500 5 0.7 
1950 20 — —- 800 Scuffed a 
1942 35 — — 1200 Scuffed —_ 
SA-1 1950 19 — —_ 200 Scuffed — 
1950 19 _— —_ 200 Scuffed — 
SA-2 1951 19 — — 200 Scuffed — 
1951 19 — — 200 Scuffed a 
SA-3 1942 22 12 10 1600 8 1,1 
ae sate ae 1700 Scuffed — 
SA-5 NBS 5 4 3 1500 2 0.3 
1951 21 —_ — 200 Scuffed —_ 
1951 21 — — 200 Scuffed —_ 
NBS 34 — — 800 Scuffed — 
SA-6 NBS 5 4 4 1500 3 0.4 
1951 21 13 12 1500 8 1.1 
NBS 34 — —_ 1300 Scuffed _ 
SA-7 NBS 5 4 4 1500 3 0.4 
1951 21 _— — 700 Scuffed -- 
NBS 34 16 10 1500 12 1.7 
SA-8 NBS 13 — — 400 Scuffed — 
1950 19 — —_ 800 Scuffed a= 
1950 25 — — 600 Scuffed — 
1942 36 — —_ 1300 Scuffed — 

SA-9 1942 19 32 40 1200 2444 444 

SA-10 1942 19 65 75 1200 1275 232 

1944 19 48 61 800 381 | 109 

1944 19 40 40 600 93 37 

1950 25 99 66 1200 1381 251 
SA-11 NBS 5 4 4 1500 2 0.3 
1951 21 13 12 1500 7 1.0 
NBS 34 14 12 1500 23 3.3 





























Note: Cups labeled NBS were reground at NBS shop. 
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rate of wear (at 400 lb load) are higher than would be ex- 
pected for a second run at the same load. After run-in, the 
rate of wear at a load of 400 Ib would normally be lower 
than at 800 Ib. In order to save one day of operation in a 
given test a second run at 400 lb was omitted. Accordingly, 
the rates of wear given for the higher loads (800 lb and 
1200 Ib) are more significant from the stand-point of Jong- 
time wear. The values of roughness in microinches (rms) 
for the test surfaces were determined with a Profilometer. 


Test cups having an average roughness of 19 to 24 micro- 
inches were used with each of 29 lubricants; with 18 of the 
lubricants a range of roughness was covered. The rough- 
nesses of the cups (on high-speed shaft and on low-speed 
shaft) are given also for the end of each period of operation 
except when scuffing occurred. 

In these tests scuffing occurred with lubricants M-1, 
M-4, S-i, and S-2; and excessive wear occurred with 
lut ricants MA-1, MA-2, MA-4, SA-9, and SA-10. The 











TABLE 6 


Data with McKee EP Lubricants Testing Machine, at 210°F, at 600 rpm, with a shaft-speed ratio of 47 : 15, with 18-hr 
runs at each load. 







































































Test cups 400-Ib load 800-Ib load 1200-Ib load 
Sample Rough- Rate Roughness Rate Roughness Rate Roughness 
No. ness, of of of 
Year micro- wear, Fast Slow wear, Fast Slow wear, Fast Slow 
rec’d inches mg/hr cup cup mg/hr cup cup mg/hr cup cup 
M-1 1941 18 0.56 11 11 0.22 10 9 Scuffed, 1.5 hr 
1950 24 0.50 13 12 0.39 12 11 Scuffed, 0.2 hr 
1943 29 2.94 20 16 0.56 14 10 Scuffed, 0.1 hr 
M-2 NBS 7 0.17 5 5 0.11 5 5 0.17 6 5 
1950 19 0.67 10 11 0.33 10 10 0.94 10 8 
1942 36 0.89 16 12 0.67 15 8 0.78 12 4 
M-3 NBS 12 1,17 7 4 0.67 7 3 0.50 7 4 
1942 18 1.11 13 6 0.50 13 5 0.33 13 5 
1950 24 1.06 14 11 0.61 14 8 0.61 14 8 
1942 35 1.28 16 10 0.61 15 7 0.50 15 7 
M-4 NBS 8 0.33 5 4 0.22 5 3 0.67 5 3 
1950 17 0.50 12 7: 0.78 11 6 0.33 11 6 
1950 20 Scuffed at start 
1950 20 Scuffed at start 
1950 20 0.78 13 7 0.72 12 8 0.78 12 5 
1943 24 0.72 15 9 0.67 14 7 0.67 14 6 
1942 36 0.67 14 10 0.44 12 7 0.39 12 6 
M-5 1950 24 0.39 19 14 0.33 16 11 0.39 16 10 
MA-1 1950 24 3.89 16 13 63.2 36 36 
Run 2.5 hrs 
MA-2 1950 24 1.06 13 13. 2.50 13 12 21.2 24 25 
; Run 4 hrs 
MA-3 1950 24 1.17 13 13 1.11 13 11 0.89 12 12 
MA-4 1950 24 8.33 23 38 15.8 32 47 
MA-5 NBS 12 0.89 6 6 0.39 7 6 19.5 58 58 
1950 24 1,06 14 12 0.33 14 12 2.50 17 16 
S-1 1950 19 7.11 24 23 “ Scuffed 
S-2 1950 23 2.22 16 11 2.28 16 i2 Scuffed, 1.3 hrs 
SC-1 NBS 11 2.00 16 17 4.83 19 21 4.75 16 20 
1950 19 2.39 14 13 3.05 27 30 5.50 28 28 
SC-2 NBS 8 0.89 10 8 6.72 10 12 0.39 8 9 
1950 20 0.67 10 10 0.89 ae 11 0.17 10 10 
1942 37 0.39 30 22 0.33 24 18 0,22 21 12 
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TABLE 6 (continued) 
Test cups 400-Ib load 800-Ib load 1200-lb load 
Sample Rough- Rate Roughness Rate Roughness Rate Roughness 
No. ness, of of of 
Year micro- wear, Fast Slow wear, Fast Slow wear, Fast Slow 
rec’d inches mg/hr cup cup mg/hr cup cup mg/hr cup cup 
SC-3 1950 24 0.39 17 15 0.39 16 12 0.33 16 11 
SC-4 NBS 8 0.17 6 6 0.28 5 4 0.22 5 4 
1950 20 0.61 10 11 0.28 9 10 0.17 8 9 
1942 36 0.33 16 15 0.28 14 13 0.11 14 13 
SC-5 NBS 6 0.11 4 4 0.22 4 4 0.11 4 3 
1951 19 0.28 15 14 0.17 13 11 0.22 12 11 
1950 24 0.28 16 18 0.17 16 15 0.17 16 14 
NBS 36 0.39 15 17 0.33 15 17 0.28 14 16 
SC-6 NBS 8 0.50 7 5 0.72 6 6 3.06 26 22 
1950 20 1.89 14 7 2.44 14 9 —_ a + 
1950 20 2.28 15 7 3.33 13 7 4.17 13 8 
1942 37 2.11 21 7 0.94 20 9 0.78 18 10 
SC-7 NBS 8 0.33 4 4 0.22 4 4 0.22 5 4 
1950 20 0.78 11 10 0.61 11 10 1.61 12 13 
1943 36 0.94 17 17 0.28 17 17 0.33 16 14 
SA-1 NBS 8 0.22 5 5 0.06 4 4 0.33 4 4 
1950 19 0.89 12 12 0.11 11 10 0.50 10 8 
1942 36 1.06 17 16 0.17 12 10 0.06 12 9 
SA-2 1951 19 1,22 12 12 0.39 9 9 0.11 9 9 
SA-3 1950 24 0.50 17 14 0.72 16 11 0.72 16 11 
SA-5 NBS 8 0.28 5 5 0.00 5 5 0.11 5 5 
1950 20 1.33 16 12 0.11 15 10 0.22 13 9 
1942 37 1.17 18 18 0.11 19 15 0.17 15 12 
SA-6 NBS 8 0.17 6 6 0.11 6 6 0.06 6 6 
1950 20 0.28 12 12 0.17 11 11 0.11 11 10 
1942 37 0.22 25 27 0.11 23 26 0.22 21 25 
SA-7 NBS 8 0.17 6 6 0.17 5 6 0.11 6 6 
1951 20 0.22 14 15 0.44 12 12 0.17 12 10 
1943 37 0.33 26 22 0.28 23 19 0.22 19 17 
SA-8 NBS 13 0.17 10 7 0.11 10 8 0.17 9 7 
1950 19 0.56 13 11 0.17 9 10 0.06 12 10 
1950 25 0.17 14 18 0.06 13 16 0.22 12 16 
1942 35 0.28 24 22 0.11 22 21 0.33 19 17 
SA-9 1950 24 6.00 21 24 12.7 28 23 — oo a 
SA-10 NBS 12 1.00 6 6 0.33 7 6 42.9 24 24 
Run 3.5 hrs 
1944 18 0.72 7 8 0.61 6 7 48.4 17 17 
Run 2.5 hrs 
1950 24 0.72 12 11 0.61 11 10 66.3 110 110 
SA-11 NBS 8 0.11 7 7 0.11 6 6 0.06 6 6 
1950 20 0.22 13 13 0.22 12 12 0.17 11 12 
1942 37 0.22 27 26 0.17 26 25 0.28 22 22 






































Note: Cups labeled NBS were reground at NBS shop. 
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rates of wear for the other 20 lubricants at the 1200-pound 
load are compared in Fig. 7, from the data in Table 6 for 
the 19 to 24 microinch original roughness of test cups. 
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Fic. 7. Data with McKee machine, at 600 rpm, 18-hr runs at 
1200-lb load after runs at 400 and 800 Ib. 


With the exceptions of lubricants SC-1 and SC-6 the 
synthetic-type lubricants in this figure compare favorably 
with the mineral oils with regard to wear resistance. 





Fic. 8. Representative surfaces of specimens after tests. 
Key: 

McKee machine, lubricant SA-10, 210°F, 600 rpm, 47 : 15 
ratio, 1200-Ib load, (last test with SA-10 in Table VI). 

SAE machine, lubricant SA-10, 210°F inlet, 600 rpm, 3.4 : 1 
ratio, 2400-Ib load, (first test with SA-10 in Table IV). 
SAE machine, lubricant SA-10, 210°F inlet, 1030 rpm, 3.4 : 1 
ratio, 1200-Ib load, (first test with SA-10 in Table V). 

SAE machine, lubricant SC-5, 210°F inlet, 600 rpm, 3.4 : 1 
ratio, 2400-Ib load, (first test with SC-5 in Table IV). 

SAE machine, lubricant M-6, 210°F inlet, 600 rpm, 3.4 : 1 
ratio, 2000-Ib load, (first test with M-6 in Table IV). 
. SAE machine, lubricant MA-5, 210°F inlet, 600 rpm, 3.4 : 1 

ratio, 1800-lb load, (second test with MA-5 in Table IV). 


sm 0 9 » > 


Surface of test cups 


In the tables giving the test data, the year during which 
the test cups were received is given for each test. Those 
marked NBS were reground at the NBS shop to get de- 
sired roughnesses. There was a difference in the appearance 
of the original grinding marks on test cups received during 
the period of 1941 to 1946 and those received during 1950 
and 1951. The earlier cups have a definite spiral or “thread- 
like” appearance in the ground surface that was not observed 
on the cups received more recently and those reground at the 
NBS shop. Representative surfaces of cups after testing 
are shown in Fig. 8. In part D of Fig. 8 the wear was so 
small that these spirals of the original grinding are obser- 
vable even after operation at a 2400-lb load. However, the 
data do not show any significant variation due to the 
different types of grinding, for a given roughness. 


Hertz stresses with Timken test cups 

For comparison with tooth stresses in the Ryder Gear 
Test Machine (2) and in the reduction gears of turboprop 
engines, calculations were made to estimate the stresses 
in the test cups over the range of loads covered. 

To determine the maximum pressure between two 
cylinders which are the same in size and composition, the 
Hertz equation may be simplified to the form 


W 


am WRG — m) 
aL, / ( aLE 
= maximum pressure, psi 
= actual load, lb 
= length of contact surface, in. 
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W 
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R = radius of cylinders, in. 
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where 


= Poisson’s ratio 
= modulus of elasticity. 





8 
q 





‘STRESSES IN GEAR TEETH 








NT RANGE OF HERTZ 7 
STRESSES IN GEAR TEETH 


ra) 
re) 
q 
1 


MAXIMUM PRESSURE, !000 PSI 
t T 











te) a ae ae ee See 1 Ne ee eee 


° 1000 2000 3000 
ACTUAL LOAD, POUNDS 


Fic. 9. Maximum pressure at contact (Hertz stress) vs. actual 
load, for Timken test cups. 


The relation between maximum pressure and load for 
Timken test cups is shown in Fig. 9. In this figure, the 
present and future estimated ranges of Hertz stresses in 
turboprop gears are indicated. Due to the elasticity of gear 











teeth, the greatest loads occur at and near the pitch line 
where the sliding velocity is low, and the loads are less 
near the ends of the teeth where the sliding velocity is 
greater. Theoretically, if the maximum stress on a gear 
tooth is 200,000 psi at a point where the sliding velocity 
corresponds to operation at 600 rpm (215 fpm sliding) on 
the Modified SAE Machine, the stress at a point corres- 
ponding to 1030 rpm (370 fpm sliding) will be considerably 
less than 200,000 psi. Accordingly, load-carrying capacities 
of 2000 pounds (200,000 psi) at 600 rpm and 1200 pounds 
(155,000 psi) at 1030 rpm on this machine are believed to be 
high enough to insure adequate load-carrying ability with 
turbo-prop lubricants. However, imperfections in the form 
of some of the teeth in a given gear may give abnormal 
loads near the ends of these teeth where the sliding velocity 
is high, and cause failure of these teeth at much lower trans- 
mitted loads than those carried by the more perfect teeth 
(2). This may explain why a few teeth may fail at very low 
loads on a gear testing machine while the remaining teeth 
carry relatively high loads without failure. A long-time run- 
in, especially with lubricants having exceptionally good 
anti-wear properties, might be helpful in decreasing failures 
at low loads with imperfect gear teeth. 

Military Specification MIL-L-7808C specifies a minimum 
load requirements of 1870 pounds per inch of tooth width 
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when tested on the Ryder Gear Testing Machine; and the 
corresponding Hertz stress of about 170,000 psi is obtained 
with about 1400 pounds with Timken test cups. 


Tests with the McKee oil stability apparatus 


The stability tests were run to give some indication of the 
deposit-forming characteristics of the oils at elevated 
temperatures. The method of test was essentially as des- 
cribed in the paper previously cited (5). In this method, the 
oil is circulated in a thin film over a steel strip which is 
heated to a controlled temperature. After running for a 
specified time, the deposits adhering to the strip are freed 
of oil and the weight is determined. 

Generally, each test was made with 18 hours of continu- 
ous running at 400°F, which was considered to be about 
the order of magnitude of the maximum temperatures 
encountered by turboprop lubricants in service. However, 
shorter tests were made with lubricant M-1 because of its 
high volatility, and lubricants SC-1 and SA-8 were tested 
at 450°F for comparison of those two at the higher temper- 
ature. The test temperature was measured by a thermo- 
couple in the copper bar underlying the steel test strip. 
The percent of the oil evaporated during each test and the 
amount of deposits on the steel strip were determined, and 
the results are given in Table 7, for the 25 lubricants 


TABLE 7 


Tests on McKee Oil Stability Apparatus 















































Evaporation Loss Deposit Weight 
Sample Hours Test 
No. run Temp., Individual, Mean Individual, Mean 

°F % % mg mg 
M-1 4 400 48 — 10 — 

6 400 79 79 15 
6 400 79 28 22 

M-2 18 400 12 11 36 
18 400 10 | 23 30 

M-3 18 400 7 65 
18 400 10 s 54 oo 

M-4 18 400 5 6.5 

18 400 4 5 6.5 6 

18 400 5 6 

18 400 5 6 

M-5 18 400 5 34 
18 400 5 S 30 32 

MA-3 18 400 Completely evaporated 

MA-4 18 400 17 78 
18 400 18 18 64 ml 

MA-5 18 400 39 30 

18 400 60 40 
18 400 40 49 74 54 

18 400 69 94 

| 18 400 36 32 

| 
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TABLE 7 (continued) 












































































































































Evaporation Loss Deposit Weight 
Sample Hours Test | 
No. run Temp., Individual, Mean Individual, | Mean 
°F % % mg sie 
S-1 18 400 41 3 
18 400 41 41 3 3 
SC-1 18 400 28 8 | 
18 400 25 8 11 10 
SC-2 18 400 17 | 13 
18 400 19 18 | 15 | 14 
SC-3 18 400 11 2 
18 400 ll i il | 12 
SC-4 18 400 36 14 
18 400 44 40 17 | 16 
SC-5 18 400 10 14 | 
18 400 9 10 14 | 14 
SC-6 18 400 11 = 7 | ‘ 
18 400 10 8 
SC-7 18 400 19 22 | 
18 400 19 19 18 | aad 
SA-1 18 400 33 16 | 
18 400 40 36 15 1s 
SA-2 18 409 44 5 
18 400 40 42 3 4 
18 400 42 3 
SA-5 18 400 8 : 7 ‘ 
18 400 6 5 
SA-6 18 400 6 . 11 
| 18 400 8 | 15 3 
SA-7 18 400 6 ‘ 4 
18 400 5 7 6 
| 
SA-8 18 400 17 15 
18 400 16 16 8 | 12 
SA-9 18 400 9 15 
18 400 10 10 18 16 
| 
| 
SA-10 18 400 12 55 
18 400 12 12 | 46 50 
SA-11 18 400 7 12 
18 400 4 ° | 7 ” 
SC-1 18 450 70 | 851 
18 450 74 sy | 450 | — 
SA-8 18 450 22 29 
18 450 23 22 | 30 30 
E 
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tested. These data for the 18-hour ruas at 400°F are com- 
pared in Fig. 10. The deposits with lubricants MA-4 and 
MA-5 (AN-0-3-M oils) and with lubricant SA-10 (PRL 
3059) were several times greater than with lubricants SA-7 
and SA-8 (PRL 3161). These data are of interest in that 
they provide some indication of correlation with full scale 
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Fic. 10. Data from tests with McKee oil stability apparatus, 
18 hr at 400°F. 


engine tests, where it was found that an AN-0-3-M oil (6) 
and PRL 3059 (7) were unsatisfactory because they gave 
deposits in the engine section, especially at the back turbine 
bearing. It has been reported that the PRL 3161 oil was 
satisfactory in this respect (6). 


Discussion and conclusion 


In the early stages of the development of a synthetic 
turboprop lubricant, designers wanted a low-temperature 
oil that would match the gear load-carrying capacity of 
Grade 1100 Mineral Oil (Specification MIL-0-6082, 
formerly AN-0-8-1100) at operating. temperatures. One 
of the first synthetic oils meeting this requirement was the 
reference oil (sample SA-5) listed in the first MIL-L-7808 
(December 1951) specification. MIL-L-7808B (November 
1953) specified a minimum load requirement of 1700 
pounds per inch (ppi) of tooth face width (about 160,000 
psi Hertz load) when tested on the Ryder Gear Testing 
Machine at 10,000 rpm with 165°F oil inlet temperature; 
in MIL-L-7808C (November 1955) specification the 
load requirement was increased to 1870 ppi (about 170,000 
psi Hertz load). 

Typical data (3) for a Grade 1100 oil tested on the Ryder 
Machine indicate failures by scuffing in the range from 
1600 to 2600 ppi, corresponding to 115,000 to 200,000 psi 
‘ Hertz stress (2); and these Hertz stresses are obtained at 
loads of 1200 and 2000 pounds (120 and 200 scale reading 
on SAE Machine) respectively on pairs of Timken test 
cups. Because of the higher oil inlet temperature (210°F) 
and the resulting lower viscosities for the tests on the 
Modified SAE Machine failure from scuffing should occur 
at Hertz stresses somewhat lower than on the Ryder Mach- 
ine at an oil inlet temperature of 165°F. Accordingly, the 
data obtained with sample M-4 (1100 oil) at 210°F on the 
Modified SAE Machine, with failure by scuffing ranging 
from 800 to 1400 pounds of load (127,000 to 168,000 psi 
Hertz stress) at 600 rpm is in good agreement with failures 
at 1609 to 2600 ppi (155,000 to 200,000 psi Hertz stress) 
with this oil at 165°F on the Ryder Machine. 


The SAE Machine originally was designed for scuffing 
tests under shock load conditions. The procedures used 
with this machine after modification were designed to 
investigate scuffing or rapid wear under the severe condi- 
tions of load and rubbing speed encountered with gear 
lubricants. On the other hand, the McKee Machine was 
designed primarily for investigating the wear characteristics 
of gear oils. Limitations on the test severity (discussed 
later) with this machine precluded testing at the more 
severe conditions of load and speed used with the Modified 
SAE Machine; consequently, comparative tests were not 
made at loads above 1200 lb and speeds above 600 rpm. 
However, rapid wear was encountered on both machines 
with samples MA-4, MA-5, SA-9, and SA-10. 

Samples SA-7, SA-6, and SA-11 (PRL 3161 with VI 
improver, PRL 3312, and PRL 3313 respectively) were 
submitted in 1952 for relative evaluation of their lubricating 
qualities. Under the conditions of testing for rate of wear 
with the McKee Machine all three of these lubricants 
appear to be suitable. In the tests with the Modified SAE 
Machine sample SA-7 failed by scuffing at moderate loads 
in 5 out of 7 tests; however, its performance in general 
was similar to that of the Grade 1100 oil (M-4) at 600 rpm 
and somewhat better than the oil at 1030 rpm. Sample SA-6 
gave excellent performance except for one failure by 
scuffing at 1030 rpm at a relatively high load with rough 
test cups. Sample SA-11 gave excellent performance under 
all the conditions of these tests and, accordingly, appears to 
have the highest load-carrying capacity of the three lubri- 
cants. Although the VI improver provides a desirable in- 
crease in viscosity at high temperatures for samples SA-7 
and SA-11, at —65°F the increase in viscosity is great 
enough to prevent meeting the requirements of MIL-L- 
7808C specification. 

The data obtained in these machines indicate that samples 
SC-3, SC-4, SC-5, SC-7, SA-3, SA-6, SA-7, SA-8, and 
SA-11 have load-carrying capacities somewhat greater 
than that of the grade 1100 mineral oil. Of these, it is pro- 
bable that samples SC-3, SC-5, SA-3, and SA-6 would 
meet the low temperature viscosity requirements and the 
flash point requirements of MIL-L-7808C specification. 
Each of these four samples is di(2-ethylhexyl) sebacate 
containing appropriate additives. 

Operation of the Modified SAE Machine with a shaft- 
speed ratio of 3.4 : 1, with 300-g/min rate of oil flow at 
210°F inlet temperature, and with periodic load increases 
is believed to be suitable for evaluating anti-wear and load 
carrying properties of turboprop lubricants. Operation at 
1030 rpm with the load increased 100 pounds at the end of 
each half hour appears to be suitable for synthetic oils 
with additives, although this speed is too severe for mineral 
oils such as Grade 1100 (see Table 5). At 600 rpm, load 
increases of 100 lb each hour (Table 3) may be preferable 
to increases of 200 lb each half hour (Table 4), from the 
standpoint of allowing time for proper wear-in with lubri- 
cants containing anti-wear agents such as tricresyl phos- 
phate, if comparable time is used in running-in the gears in 
service. On the other hand, the faster loading of 200 lb 
each half hour may be preferable if the run-in period is 
short in service. 
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Due to the variation of sliding velocity on gear teeth, it is 
believed that qualifying tests for load-carrying capacity 
with Timken test cups should be run at more than one speed. 
From this standpoint, operation of the Modified SAE 
Machine at 600 rpm and at 1030 rpm appears adequate for 
the purpose. 

Operation of the McKee Machine at 600 rpm, with a 
shaft-speed ratio of 47 : 15, at 210°F oil temperature, and 
with 18-hour runs at 400—, 800—, and 1200-lb loads is 
suitable for indicating wear characteristics of both mineral 
oils and synthetic oils with additives. The data obtained 
under these conditions (Table 6) are practically indepen- 
dent of the original surface finish over a wide range of 
roughness. 

In preliminary work, several procedures were tried with 
the above machines before selecting the above methods as 
being most promising for evaluating the anti-wear and 
load-carrying properties of turboprop oils. With the McKee 
Machine difficulties were encountered at speeds above 
600 rpm because of rapid wear or seizure of the fast-speed 
shaft in its support bushings with some oil samples; at 
600 rpm, bushings of bearing bronze for the mineral oils 
and cast iron for the synthetic oils were used with success. 
This difficulty is not present in the SAE Machine in which 
the fast-speed test cup is mounted outboard on a shaft 
supported by large antifriction bearings. 

The availability of the Modified ASE Machine and the 
simplicity and low cost of the test specimens recommend 
its use for evaluating turboprop and similar gear lubricants, 
especially for “screening” tests with experimental fluids. 


Although gear test machines are a close approach to actual 
service there is an inherent spread of data for scuffing tests 
(3) with these machines that is similar in magnitude to the 
spread obtained with tests on the Modified SAE Machine. 
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The Non-Newtonian Characteristics of Lubricating Oils 


By T. W. SELBY? 


Interest is growing concerning the influence of polymeric additives upon the viscosity of 
mineral oils at extremes of temperature, pressure, and shear. In this paper the author discusses 
the viscometry of mineral oils and mineral oil—polymer blends at moderate temperatures and 
high shear and at low temperatures and low shear. 

The non-Newtonian influences of two common polymeric additives, polyalkylmethacrylate 
and polyisobutylene, are shown to vary considerably at low temperatures in their effects on a 
common base oil. Shear dependence of polymer-containing oils at high shear rates is experi- 
mentally indicated to reduce the viscosity of the blend to approximately that of the base oil. 

Conclusions of practical interest are drawn from the experimental results. 


Introduction 


Few people outside of the petroleum industry fully 
realize the volume of lubricant usage in America. In 1956, 
automotive engines alone used almost 600 million gallons of 
engine oils. This volume included at least 150 million 
gallons containing more than one hundred million pounds 
of polymeric additives (1) which were added primarily 
to yield products having better viscosity-temperature 
characteristics, especially at low temperatures. It is sur- 
prising, then, to find where such huge quantities of 
lubricating oils are sold primarily on their viscometric 
properties, that confusion seems to exist in both the applica- 
tion and terminology of lubricating oil viscometry. This 
is well exemplified by the common practice today of de- 
termining the low-temperature viscosities of engine oils by 
extrapolation of the 100° and 210°F viscosities using the 
empirical Walther Equation (2). The errors in viscosity 
and judgement that this practice has encouraged was dis- 
cussed in a previous paper (3). 

Moreover, the exact meaning of “temporary viscosity 
loss”, “permanent viscosity loss”, “viscosity index”’, etc., 
as applied to lubricating oils at higher temperatures is 
obscured by the complex viscometry these same lubricating 
oils possess at low temperatures. Generally similar viscous 
effects are too readily interpreted as having similar causes. 

It is the author’s purpose in writing this paper to 

(a) define the various viscometric phenomena of lubricat- 
ing oils at high and low temperatures, 

(b) present the results of an investigation into the visco- 
metric effects of polymeric additives on a mineral oil 
at low temperatures and, 

(c) discuss the significance of these observations in re- 
gard to present usage of lubricating oils. 


THE VISCOMETRY OF PURE MINERAL OILS 


At temperatures above the cloud point most pure mineral 
oils are Newtonian. That is, their viscosities remain constant 
under increasing shear as shown in Fig. la. 
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At their cloud temperatures and below, mineral oils 
frequently exhibit the non-Newtonian characteristics of 
thixotropy. In contrast to Newtonian behavior, as shown in 
Figs. 1b and Ic, the viscosity is no longer coastant under 
increasing shear. 
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Fic. 1. Shear dependence of lubricating oils. 


Reversible and irreversible thixotropy 


Thixotropy is theoretically explained (4) by the progres- 
sive breakdown or mastication of a flow-restraining struc- 
ture which has formed in the liquid being analysed. The 
higher the shear, the more extensive the structural break- 
down and the lower the viscosity since the smaller structural 
elements flow more readily than the larger elements. 

If, at the temperature of analysis, the structure tends to 
repair itself more quickly than the shear rate or shear stress 
can be changed, then the curve shown in Fig. 1b results, in 
which the decreasing shear curve falls upon the increasing 
shear curve. However if, at the temperature of analysis, the 
structure does not repair itself or is slow in rebuilding itself, 
then the curves shown in Ic result. In this Figure the curve 
A represents results obtained under increasing shear, B 
is an arbitrary point at which the shear is reversed and, 
under decreasing shear, the curve C represents a fluid in 
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which the structure does not re-form once it has been masti- 
cated, while curve D represents slow structural re-forma- 
tion. Pure mineral oils in general exhibit the behavior 
shown in Fig. lc at temperatures below the cloud point, 
and, more specifically, follow the pattern A — B — C. 

Although the masticated structure of a pure mineral 
oil does not usually give evidence of re-forming while the 
fluid is held at the temperature of analysis, if the oil is 
heated to sufficiently high temperatures and then again 
cooled to the temperature of original analysis, the structure 
will return. Generally, the degree of structure formation is 
temperature and time dependent. Decreasing temperature 
or increasing time interval before viscometric analysis at a 
given temperature favors the development and strength, or 
shear resistance, of the structure. 


Polymers as pour-point depressants 


One of the first uses of polymeric additives was to in- 
hibit the internal structural formation or gelation of mineral 
oils and thus lower the temperature at which the oil would 
become rigid. These polymers are the so-called “pour- 
point depressants’. 


THE VISCOMETRY OF OIL-POLYMER BLENDS 


The viscous nature of a mineral oil becomes quite com- 
plicated as might be expected, when polymeric materials 
are blended with it. One of the major reasons today for 
using polymeric additives is to obtain a product which has 
better viscosity-temperature characteristics (i.e. less change 
of viscosity with temperature) than a comparable pure 
mineral oil. Such polymeric additives are called viscosity 
index improvers from their effect on mineral oils classified 
in the Dean and Davis (5) viscosity index system. 

A blend of a viscosity index improver and a base mineral 
oil, however, does not necessarily produce viscosity— 
temperature characteristics which are proportionately 
better than those of the base oil. To explain this apparent 
contradiction in terms it will be pertinent to consider the 
physico-chemical mechanism by which viscosity index 
improvers influence the viscous behavior of the base oil. 


Mechanism of action of V.I. improvers 


Viscosity or internal fluid friction may simply be attri- 
buted to the difficulty the molecules experience in getting 
past one another during flow of the fluid mass; the greater 
the difficulty, the higher the viscosity. If now, in this flow- 
ing mass of smaller molecules, some larger molecules are 
placed, the larger particles, which move less readily, will 
restrain the progress of the smaller and this restraint will 
be manifested as an increase in viscosity. Moreover, the 
larger or more numerous the oversized molecules, the 
greater their collective impedance and the higher the solu- 
tion viscosity. 

The ability of a viscosity index improver to alter the 
viscosity-temperature relationship of the base mineral oil 
resides in the inherent property of the polymer molecule in 
solution to expand with increasing temperature and thus to 
proportionately exercise more influence as the solvent 
viscosity decreases (due to increasing temperature). This 


phenomenon of the polymer molecule changing size to 
control the temperature effects on the base oil viscosity 
may be explained by examining the solubility characteris- 
tics of linear polymers. 

Good polymer solvents are usually composed of mole- 
cules similar in properties to the monomer links which form 
the polymer chain. Since similar molecules usually associ- 
ate freely, the polymer links migrate (under the restraint of 
their connected brother links) into the solvent and as a 
result the polymer molecule expands as in Fig. 2f. The 
opposite behavior of the links occurs when the polymer is 
dissolved in a relatively poor solvent. That is, the macro- 
molecule contracts as in Figs 2a or 2b. 
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Fic. 2. Expansion and contraction of a macromolecule. 


From a more fundamental standpoint, one may consider 
this change of polymer shape in solution a result of the par- 
tition solubility of the macromolecule’s links between 
themselves and the true solvent. 

Now if the macromolecular shape is dependent on the 
efficacy of the solvent, so too—if it is dissolved in a fair 
solvent—is the shape dependent upon the temperature of 
the system. For as the temperature increases, a solvent 
normally becomes more effective and, as previously shown, 
in a better solvent the polymer molecule expands. Converse-~ 
ly, as the temperature decreases, the effectiveness of the 
solvent decreases and the macromolecule contracts even to 
the point of leaving the solution as a precipitate. 


Viscosity-temperature improvers 


From what has been said previously about the impedance 
of larger molecules in a system of smaller molecules it is 
now perhaps easier to understand that, if the oil is a fair 
solvent, as the temperature increases, the base oil molecules 
tend to flow more readily but, simultaneously, the swelling 
macromolecules exert an increasing flow-restraining in- 
fluence. The polymer thus raises the viscosity of the 
base oil proportionately more at higher temperatures than 
at lower temperatures. The viscosity index improver 
which can produce this result the author will term a 
viscosity—temperature improver. 


Thickeners 


If, however, a polymer is used for which the oil is a good 
solvent at low temperatures, then an increase in temperature 
has little effect on the physical configuration of the polymer 
and the influence of the polymer will be proportionately 
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nearly constant at all temperatures. Such a polymer is 
called a thickener. (Actually, when a polymer is in a good 
solvent at higher temperatures, its viscous contribution tends 
to decrease somewhat. One explanation is that the increased 
Brownian bombardment of the surrounding solvent mole- 
cules tends to drive the macromolecule’s sections somewhat 
closer to one another since the individual links are not en- 
tirely free to return the bombardment. This results in a 
slight contraction of the molecules and a lessened viscous 
influence.) 

The fact that both thickeners and viscosity-tempera- 
ture improvers are classed as viscosity index improvers 
is due to. use of the Dean and Davis viscosity index 
system which was developed for pure mineral oils. This 
system has many short-comings when it is applied to 
polymer-containing oils, not the least of which is an ina- 
bility to indicate whether the additive proportionately im- 


proves the viscosity-temperature characteristics of the base 
oil or not. 


Differentiation of V-T improvers and thickeners 


Whether a polymeric additive is a viscosity-temperature 
improver or a thickener is quite easy to determine by 
measuring the viscosity contribution of the polymer at 
100° and 210°F. If the viscosity contribution (or specific 
viscosity, psp) of the additive at 210°F exceeds its contri- 
bution at 100°F, the additive is a V-T improver. Thus, 
for a V-T improver: 


PSP (820) > 1 where psp hE 
P-SP(100) 
in which psp is the specific viscosity 
p is the blend viscosity 
Ho is the base oil viscosity 
It is obvious that the more specific viscosity ratio exceeds 
1, the better the V-T improver. 

In Table 1 the viscosity index and the viscosity 
temperature characteristic of three blends were calculated 
and compared. The base oil was the same in all cases and 
the blends were adjusted to give the same viscosity at 210°F. 


Two polymeric additives and a high molecular weight 
mineral oil (bright stock) were used to formulate the three 
blends. The two polymers used were polyalkylmethacryl- 
ate (PAMA) and polyisobutylene (PIB). 

In Table 1 it is quite evident that a significantly higher 
viscosity index of a blend does not necessarily mean a pro- 
portionately better viscosity-temperature relationship than 
of the base oil. In fact, as noted from the use of bright stock, 
it is possible to obtain a slight increase in the viscosity 
index of the blend over that of the base oil and yet produce 
a blend which is markedly poorer in its relative viscosity— 
temperature properties as a lubricant. 

It should be noted that since a given polymeric material 
may have different solubilities in different solvents, it is 
conceivable that in oils of widely different composition a 
viscosity-temperature improver may become a thickener 
and vice versa. This may also occur with a change in molecu- 
lar weight of the polymer. Data presented recently by 
Horowitz (6) indicates that the more or less constant mo- 
lecular weight PAMA and PIB lubricant additives retain 
their respective viscosity-temperature improver and 
thickener characteristics when blended with a series of 
oils covering a fairly wide range of compositions. As might 
be expected from the greater solvent sensitivity of a V-T 
improver, the PAMA showed the greatest degree of change 
with oil composition, whereas the PIB as a thickener 
showed little influence of oil composition. 


Polymer orientation (temporary viscosity loss) 


The presence of macromolecules in solution in mineral 
oils gives rise to another form of non-Newtonian flow which 
is shown in Fig. 1d. It is believed produced by the distor- 
tion and subsequent alignment of the macromolecules 
under high shear. These polymer molecules, distorted into 
ellipsoids as in Fig. 3, are thought (7, 8) to be rotated under 
high shear with a variable angular velocity which is related 
to the relative position of the ellipsoid’s major axis in the 
flowing solvent. The degree of orientation at a given shear 
is also dependent on the polymer’s molecular weight and 
configuration. 











TABLE 1 
Viscosity Index and Viscosity-Temperature Characteristics of Three Blends. 
| 
Viscosity yer V-T 
contribution of additive Ss. Characteristic 
Blend Viscosity (u — Ho) Ho HSP210 Val 
100°F 210°F 100°F 210°F 100°F 210°F LSPy00 
Centistokes Centistokes 
Base oil 35.15 5.41 _— — — — —_— 96 
* Base oil + 
1.13% PAMA 45.90 7.46 10.75 2.50 0.305 0.379 1,239 130 
Base oil + 
0.84% PIB 50.05 7.47 14,90 2.06 0.424 0.381 0.900 119 
Base oil + 10% 
bright stock 56.99 7.47 21.84 2.06 0.622 0.381 0.613 101 
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« 

Such distortion and orientation under shear results in the 
compound curve of Fig. 1d. At low shear (section A) the 
spheres are not yet deformed and the viscosity is constant; 
at moderate and increasing shear (section B) the viscosity 
decreases as distortion and orientation increase; at high 
shear (section C) the viscosity tends to become constant 
again as maximum distortion and orientation is reached. As 
indicated, increasing and decreasing shear curves are super- 
jacent. 
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Fic. 3. Distortion of a polymer coil under shear. 


Experimental observations by Klaus and Fenske (9), 
Georgi (10) and others, indicate that orientation of the 
polymer may account for loss of 80% or more of the poly- 
mer’s contributed viscosity. De Hart (11) has experimentally 
contrasted a base oil and the base oil plus a polyalkyl- 
methacrylate V-T Improver. At low shear rates of approxi- 
mately 100 sec-? or less, the PAMA increased the base oil 
viscosity by 70%. However, in a journal bearing at shear 
rates of 5 x 10* yp to 10"/sec, the base oil and the bled gave 
almost identical results viscometrically (as interpreted 
from friction measurements); that is, approximately 100% 
of the polymer’s viscosity contribution was lost at high 
shear rates. At the conclusion of the test the base oil and 
the blend were reanalysed at low shear rates and the vis- 
cosities were found to be virtually the same as before the 
test, indicating that degradation of the polymer had not 
occurred at high shear rates. 

Whether or not the loss of blend viscosity due to polymer 
orientation affects the load-carrying capacity of the lubri- 
cant in a journal bearing is at present subject to debate. 
Dubois et al. (12) have suggested that although the visco- 
sity of a polymer-oil blend depreciated during high shear, 
the load-carrying ability of the fluid remained at the level 
that would be expected by its low-shear viscosity. 

This viscometric phenomenon of viscosity loss at high 
shear has received the term “temporary viscosity loss” 
since on removing the high shear conditions the original 
low-shear viscosity is immediately recovered. However, the 
observant reader will note the similarity of the curves in 
Figs. 1b and 1d; a similarity which stems from funda- 
mentally different causes. Thus it is quite easy to confuse 
reversible thixotropy with orientation, especially if they 
occur in the same fluid, and more so if they occur at the 
same temperature. 


Permanent viscosity loss 


“Permanent viscosity loss’, in contradistinction to “tem- 
porary viscosity loss”, is a loss in viscosity attributed to 
rupturing of the macromolecular chains at high shear. Thus 
the viscosity decreases exponentially with time, and re- 
moving the high shear condition does not result in recovery 
of the originally higher viscosity. 


LOW TEMPERATURE STUDY OF POLYMER-OIL 
BLENDS 


Of the effect of the polymeric additives on the low tem- 
perature viscosity of mineral oils, little seems to be known 
except that certain polymers may act as “pour point 
depressants”. 

To fill this gap in the viscometry of lubricating oils, the 
author, being not sufficiently impressed by the arts of 
extrapolation, has conducted a brief study of the viscometric 
interrelationships between two common polymeric addi- 
tives and a mineral oil base stock at temperatures of 0° 
and —10°F. 

The viscometer used during the low-temperature ana- 
lysis is shown in Figs. 4 and 5. It is called the forced-ball 
viscometer, and will be fully described in a future article. 
It is sufficient to say at this point that viscometric determina- 
tions are made by timing the fall of the ball through the 
sample of liquid held in the closed-end cylinder. 
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Fic. 4. Forced ball viscometer assembly. 








72 T. W. SELBY 





Fic. 5. Test apparatus. 


Method of study 


Since the polymeric additives were composed of a poly- 
mer dissolved in a diluent mineral oil, it was necessary to 
carry out the study by analysing the viscous contribution 
of each component of the final blend—a “‘blend reassembly” 
technique. Thus the viscometric analysis of the base oil 
was first made, followed by the analysis of the base oil 
plus the exact amount of diluent oil in the finished blend, 
and this in turn followed by an analysis of the finished 
base-oil/polymeric-additive blend. Increasing and de- 
creasing shear analyses were made on each sample to 
determine the presence and extent of gelation. Temperature 
control was 0.05°F of the desired temperature. 

Two polymeric additives were used, one containing 
polymethacrylate (PAMA) and the other containing poly- 
isobutylene (PIB). Some viscometric information obtained 
at 100° and 210°F from the base oil, diluent oils, and blends 
is given in Table 2. 

These oil-polymer blends were not intended as engine 
oils, but were designed to provide information concerning 
the relative viscous influence of PAMA and PIB on lubri- 
cating oils at low temperatures. However, as indicated in 


Table 2, column 5, the blends fortunately were visco- 
metrically somewhat similar to commercial multi-grade 
engine oils which will permit more meaningful extension of 
the results of this investigation in later discussion of the 
results of this study. 


Low-temperature base-oil analysis 


The base oil was viscometrically analysed at 0° and — 10°F 
and the results are shown in Fig. 6. At 0°F the oil is almost 
Newtonian except for slight evidence of reversible thixo- 
tropy at the lower shear rates where a slight upturn of a 
curve through the points may be noted. At —10°F the oil 
shows irreversible thixotropy. 


Low-temperature base-oil/diluent-oil blend analysis 


The arbitrary selection of 10 and 20°% concentrations of 
each of the polymeric additives in base oil required a spe- 
cific concentration of each diluent oil in the second step of 
the study—the diluent-oil/base-oil analysis. The pertinent 
data are shown in Table 3. 

Viscometric analysis of the four diluent-oil/base-oil 
blends given in column 4 of Table 3, at 0° and —10°F are 
shown in Figs. 7, 8, 9 and 10. Only slight viscometric 
influence of the diluent oils may be noted when the base 
oil curves of Fig. 6 are compared to these results. Thus the 
base oil and the two diluent oils seem to be similar in 
composition which was also indicated by their viscometric 
properties in Table 2. 


Low-temperature base oil/polymeric-additive blend 
analysis 


In the third step of the study blends of the base oil plus 
10 and 20% of both the polymeric additives were analysed 
at 0° and —10°F and the results shown in Figs. 11, 12, 13 
and 14 were obtained. 

Considering the PAMA series first, it is apparent that the 
polymer has a definite viscous influence. At 0°F and at a 
shear rate of 4000/sec, the polymer increased the diluent- 
oil/base-oil blend viscosity by about 50% at the 10% addi- 


TABLE 2 
Viscometric Data on Oils and Blends. 








| 
Nominal | psp X 100 
Viscosity, centistokes SAE % Polymer vis. V-T 
Oil or blend 100°F 210°F 0°F classification contribution) V.I. characteristic 
(EXTRAP) 100°F 210°F 

Base oil 33.3 §.25 1834 96 
PAMA diluent oil 32.5 5.34 108 
PIB diluent oil 32.6 5.30 104 
Base oil + 5.4% PAMA additive 55.2 9.48 1526 10W-20 66 81 152 1,225 
Base oil + 10% PAMA additive 76.6 13.5 1777 10W-40 130 158 146 1,215 
Pase oil + 20% PAMA additive 164.8 29.3 3010 20W-60 395 458 142 1.160 
Base oil + 10% PIB additive 74.0 10.75 3270 20W-30 122 105 129 0.859 
Base oil + 20% PIB additive 142.4 19.32 5690 20W-50 328 268 134 0.817 
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tive level and 150% at the 20% additive level. The thixo- 
tropy is reversible in both cases. At —10°F the polymer’s 
addition to the diluent-oil/base-oil blend viscosity was 
about 25% at the 10% additive level and 115% at the 20% 
level. Although the irreversible thixotropy of the blend was 
repressed by the polymer at the 10% level, it again be- 
came evident at the 20% level. The decreasing viscous 
contribution of the PAMA from 0° to —10°F is indicative 
of the coiling or contraction of the macromolecule with 
decreasing temperature mentioned earlier. It would seem 
that the effect of the polymer on the thixotropy of the base 
oil was to increase the rate of structure re-formation, pos- 
sibly by a substitution of polymer coils for the base oil’s 
original structural units (i.e., wax fibrils, etc.). It is also 
possible that some orientation of the polymer molecules 
was occurring. 


TABLE 3 
Concentration of Diluent Oil and Polymer in Base Oil at 10 
and 20°%, Additive Level. 























| Arbitrary Resultant | Resultant 
Polymer V.I. improver | diluent oil polymer 
conc. in conc. in conc. in conc, in 
Polymer | V.I. improver base oil base oil | base oil 
| 10% 6.3% | 3.7%, 
PAMA 37% 20% 12.6% | 7.4% 
10% 8.0% | 2.0% 
PIB 20% 20% 16.0% | 4.0% 
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Fic. 6. Low temperature viscometric analysis of base oil. 
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Fic. 10. Low temperature viscometric analysis of base oil + 16% 
PIB diluent oil. 
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Fic. 12. Low temperature viscometric analysis of base oil + 10 and 
20% PAMA additive at — 10°F. 
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Fic. 13. Low temperature viscometric analysis of base oil + 10 and 
20% PIB additive at 0°F. 


The viscous influence of the PIB additive markedly 
exceeds that of the PAMA. At 0°F, 10% PIB additive in- 
creased the viscosity of the diluent-oil/base-oil blend by 
about 150% while 20% additive increased the viscosity 
by: 325%. At —10°F, 10% PIB additive increased the 
blend viscosity by again about 150%, and, although at an 
additive level of 20° the viscometer as set up for these 
experiments was not capable of yielding 4000 sec}, at 
2300 sec-1 the 20% PIB additive increases the blend vis- 
cosity by 260%. It will be noted from the above data and 
from Table 2, columns 6 and 7, that the viscous contribu- 
tion of the polymer to the blends is approximately the same 
at 0° and —10°F as it is at 100° and 210°F, which indicates 
that the polymer coil is contracting little, if at all. This in 
turn is evidence that the oil blend is a good solvent for the 
pclymer, even at low temperatures. 

The difference in the viscometric effect of the PAMA and 
PIB polymers is even more interesting when it is noted in 
Table 3 that the 20% PIB additive has about the same 
polymer concentration as the 10% PAMA additive. Thus, 
since the additional diluent oil effect is negligible, at — 10°F, 
a 26% increase in. the diluent-oil/base-oil viscosity due to 
3.7% PAMA (at 2300/sec) may be contrasted with the 
260°, increase due to 4.0% PIB (at 2300/sec). It is quite 
evident that a much lighter base oil would have to be used 
with the PIB additive to make a blend viscometrically 
equivalent to the PAMA additive blend at an equivalent 
concentration of polymer. : 
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Fic. 14, Low temperature viscometric analysis of base oil + 10 and 
20% additive at — 10°F. 


The most striking effect of the PIB, however, is the 
thixotropic contribution it makes. At —10°F this effect 
becomes extreme. The obvious conclusion is that the poly- 
mer itself is responsible for most of the structural charac- 
teristics of the blend at low temperatures. 

It might be mentioned that preliminary studies indicate 
that the difference in the effects of PAMA and PIB on the 
base oil cannot be attributed to differences in their pour- 
point depressing ability. 


Low temperature engine cranking tests 


Considering the marked viscometric difference between 
the effects of PAMA and PIB on a base oil, and noting that 
these blends were not dissimilar to commercial multi- 
grade oils, it was of interest to see if engine cranking tests 
at low temperatures would qualitatively show the same 
viscometric differences. Blends of the base oil plus 2.0% of 
the PAMA and PIB polymers were made up and cranked 
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at O°F in a dolly-mounted engine after a 16 hour soak at 
test temperature. The results are shown in Table 4. 











TABLE 4 
O°F Cranking Tests on Base Oil Plus 2%, PAMA or PIB 
Polymer. 
2.0% PAMA 2.0% PIB 
(5.4% PAMA Additive) (10% PIB Additive) 
64.4 rpm 60.2 rpm 
65.3 59.5 
70.7 58.7 
62.6 59.4 
61.5 57.0 
65.2 54.7 
66.7 57.6 
63.2 58.9 
64.8 
Average 64.8 Average 58.2 





It is apparent that the engine response agrees with the 
viscometric data just presented. An average difference of 
6.6 rpm is found at an equivalent polymer concentration 
of 2.0% and it may be anticipated from the viscometric 
data that the average difference in cranking speed will be 
greater at a 4.0% equivalent concentration. 

If one assumes that most of the viscous drag of the oil in 
the cranking engine is found in the crankshaft bearings and 
on the cylinder walls and further assumes clearances in these 
areas of 0.001 inch, then at 35 rpm the average shear rate 
may be calculated (10) to be about 2500/sec. Thus the 
low-temperature viscometric data obtained from the forced- 
ball viscometer would seem to emphasize the importance 
of polymer-contributed viscosity and thixotropy to engine 
oils designed for low temperature service. 


CONCLUSIONS 


From the standpoint of effective lubrication there are 
several observations which should be made regarding the 
non-Newtonian characteristics of lubricating oils. These 
observations can be covered by a discussion of four visco- 
metric properties of a lubricating oil each of which is 
related to, or important because of, the presence of poly- 
meric materials in the oil. 

These four viscometric properties are: 

1. The viscosity-temperature relationship of the lubri- 

cating oil. 

2. The base oil viscosity. 

3. The low temperature viscous contribution of the 

polymer. 

4. The shear degradation resistance of the polymer. 

The importance of the viscosity-temperature relation- 
ship of the lubricating oil is obvious for oils operating 
through a wide temperature range. 

As for the importance of the base oil viscosity; in hydro- 
dynamically lubricated bearings the load that may be sup- 
ported is closely related to the viscosity of the lubricant. 
Base oil viscosity should then become important when 
macromolecular orientation markedly reduces the viscous 


contribution of the polymer. It is reasonable to suggest that, 
notwithstanding the low shear viscosity of the polymer-oil 
blend, the viscosity of the base oil must be sufficient to 
support the bearing loads unless there is definite evidence 
that a given polymer will contribute to the load-carrying 
capacity of the blend under the high shear conditions 
normally found in bearings. There is no question in the 
author’s mind that further investigation of viscosity loss 
and load-carrying ability is needed under conditions closely 
approaching boundary lubrication. 

Regarding the importance of the polymer’s viscous contri- 
bution at low temperatures, this property will affect the 
manufacturer’s choice of the base stock viscosity to be used 
with the polymeric additive to produce a given grade of oil. 
For example, as previously pointed out, it is evident that 
PIB contributed much more low temperature viscosity to 
a common base oil than an equivalent amount of PAMA; 
therefore, in order to prepare finished blends of equivalent 
low temperature viscosity, it is necessary to use a much 
lighter base stock with the PIB. However, the use of less 
and less viscous base stocks to make, for instance, engine 
oils suitable to a low shear classification system such as that 
of the SAE, must be cautioned by the possibility of 
increasing engine wear at high speeds, loads and tempera- 
tures. Again, this caution points to the need of knowledge 
concerning the load-carrying abilities of polymer-containing 
oils. 

Also the tendency of a polymer to produce a structure in 
the lubricant at low temperatures must be considered since 
bearing starvation may be the ultimate result of difficulty 
in pumping the structure-bound lubricant through a 
lubrication network at low shear. 

The importance of polymer degradation is also quite 
evident since it is presumed that if there is sufficient reason 
for desiring the benefits of a polymeric additive, there is 
sufficient reason to desire to retain these benefits. 


SUMMARY 


The non-Newtonian characteristics of pure mineral oils 
are mainly restricted to temperatures below their cloud 
points where thixotropy becomes evident. 

Improvement of the viscosity-temperature relationship 
of oils is obviously one of the basic reasons for the use of 
polymers as additives. The effectiveness of different poly- 
meric materials varies with their physical and chemical — 
natures and with the solvency and other physical properties 
of the base oil. For clarity it has been found desirable to 
divide polymeric viscosity index improver additives into 
two groups: the thickeners and the viscosity-temperature 
improvers. 

At temperatures above the cloud point under high and 
increasing shear rates and stresses, the viscosity of the 
polymer-containing oil tends to approach the viscosity of 
the base oil. This viscosity loss may be due to either a dis- 
tortion and orientation of the molecules, which is temporary, 
or to shear degradation, which is permanent. 

At temperatures above and below the cloud point, the 
polymer contributes significantly to the viscosity of the 
blend. More importantly, the polymer may set up structures 
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which multiply the viscosity of the base oil many times at 
low shear rates. These structures lead to an analytical 
pattern in which thixotropy is mainly apparent but which 
may also include orientation phenomenon. 

It has been found that different polymers may have 
quite different effects on base oils at low temperatures. 
An experimental method using the forced-ball viscometer 
has been applied which seems capable of separating and 
determining the viscometric properties of lubrication oil 
components at low temperatures. 

One of the primary purposes of V.I. improvers is to 
increase the serviceable temperature range of engine oils 
and automatic transmission fluids. It seems prudent, then, 
that the viscometric nature of these polymer-containing 
oils and fluids at low temperatures should be investigated 
experimentally in the compounding of such oils. This is 
especially true since it has been pointed out that informa- 
tion gathered from the empirical extrapolation of low shear 
viscometric data obtained in the Newtonian state of these 
oils (such as by the use of the Walther Equation) is generally 
meaningless when the fluid passes into the non-Newtonian 
state. This latter statement applies to pure mineral oils as 
well as polymer-containing mineral oils. 

There is little doubt that the viscometry of polymer- 
containing lubricating oils is complicated by the super- 
position of the polymer’s and oil’s non-Newtonian behavior. 
However, the viscometric dissection technique used in this 
study has seemingly clarified the roles of the components 
and it is felt that it can be used successfully on other mix- 
tures of even greater complexity. 

Certainly, it is hoped that this study will assist in settling 
present differences of opinion based on the profusion and 
confusion of physical facts. 
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DISCUSSION 


H. H. Horowitz (Esso Research and Engineering Company 
Products Research Division, Linden, New fersey): 


In reporting on low temperature viscosities of polymer 
thickened oils, Mr. Selby deserves to be commended for 
doing work in a difficult field where there is certainly a 
dearth of sound data. He also should be commended for 
recognizing and emphasizing that the subject is complicated 
by the existence of two different types of non-Newtonian 
behavior—one of an irreversible nature due to the crystal- 
lization or gelation of waxy materials in the oil and the other 
due to the ability of the polymer molecules to align them- 
selves in the direction of the shearing action. 

However, it is usual to stimulate a discussion like this 
one to stress points of difference rather than the many 
points of agreement. It is the differences that I would like 
to stress. For one, Mr. Selby asserts that the viscosity 
contributed by the polymer disappears under the shearing 
conditions prevailing in a bearing, leaving the base oil to 
carry the lubrication load. The implication is that this can 
lead to inadequate lubrication and increased wear with 
polymer oils like the new 10W-30 multiviscosity grade 
oils. We are happy that Mr. Selby indicated that the true 


situation is not quite so clear cut. Millions of miles of 
automotive road test data have been obtained on the newer 
type of lubricants. Properly formulated, they are at least 
as good as conventional mineral lubricants of the same vis- 
cosity grade in their wear properties, including bearing 
wear, cylinder liner wear, and wear of valve train parts. In 
addition, they have the added advantages of reduced 
octane requirement increase, lower fuel consumption, and 
also easier cold starting and low oil consumption combined 
in the same oil. 

In regard to the specific question of the bearing per- 
formance of non-Newtonian oils, we would like to empha- 
size the importance of the work of DuBois, Ocvirk and 
Wehe (1). This showed that a bearing operated on a non- 
Newtonian, polymer-thickened oil showed reduced fric- 
tion as compared to a mineral oil of the same viscosity. But 
the polymer oil produced no increase in the bearing’s 
eccentricity ratio. Other things being equal, the higher the 
eccentricity ratio the higher the wear. Thus, in effect, with 
a polymer oil it appears that you can have your cake and 
eat it. The reason for this is not clear, but it may be that 
the polymer molecules align themselves in the direction of 
motion, thus reducing the viscosity in that direction and the 
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friction. But in the endwise direction the viscosity is not 


reduced, so that side leakage, a big factor in determining the, 


eccentricity ratio, is not increased. 

We have several questions to ask Mr. Selby in regard to 
Mr. de Hart’s private communication about his bearing 
experiments, which reportedly showed that the polymer 
contributes nothing to the viscosity of the base oil. Did the 
bearings run at the same temperature with the polymer oil 
and the base oil? Small temperature differences would, of 
course, be reflected as differences in the apparent viscosities. 
Was a control test run with a mineral oil whose viscosity 
corresponded to that of the polymer oil so that one could 
determine whether this particular bearing was sensitive to 
changes in viscosity, or whether factors like diminution of 
oil flow rate and increase in film temperature made it 
insensitive to viscosity increases? It is hard for us to believe, 
based on our own data and data in the literature, that 
complete loss in the viscosity due to the polymer could occur 
at only 50,000 reciprocal seconds shear rate. And lastly, 
were eccentricity ratio or minimum clearance measure- 
ments made to determine whether the decrease in friction 
was accompanied by any changes in bearing operation that 
might lead to increased wear? We believe that much more 
work will have to be done before the apparent contradictions 
in the results of Dubois and of de Hart can be explained and 
the entire situation clarified. 

There is a comment to be made regarding Mi. Selby’s 
assertion that oils made with polyalkylmethacrylates 
(PAMA) have better low-temperature properties than oils 
made with polyisobutylene (PIB). It should be pointed out 
that this conclusion is due entirely to the manner in which 
Selby formulated his test oils. His blends contained equal 
additive or polymer concentrations in a single base oil. 
He disregarded the different blending characteristics of the 
polymers which are due to their differing molecular weights 
and the rate of change of their thickening power with tem- 
perature. His blends, therefore, ranged widely in their 
viscosities at 100° and 210°F as well as at 0°F and were not 
comparable on any realistic basis. In his cold cranking 
tests, for example, he compared an SAE 10W oil with a 
20W oil. Naturally, the 10W oil cranked faster. 

Experience has shown that oils of equally good cold 
cranking properties can be made with either of the two types 
of V.I. improvers. In actual practice, formulators of lubri- 
cating oils design their oils to meet a given viscosity at 100° 
and 210°F. This procedure fixes the quantity of V.I. im- 
prover required when hase oils of varying viscosity but 
equal viscosity-temperature quality are used. The V.I. 
improver manufacturers have adjusted the properties of 
their additives so that when they are used in this way the 
optimum balance of polymer concentration and shear 
stability is achieved. (By “shear stability” we are referring 
to the resistance of the polymer to permanent degradation 
due to high shear rates or turbulence.) 

Blends made in the above manner do not show the low 
temperature properties of Mr. Selby’s arbitrarily chosen 
combinations. For example, in a 1956 SAE paper (2), we 
showed that 10W-30 oils made with PIB are at least equal 
and in fact superior to PAMA oils of the same blend vis- 
cosities at 100° and 210°F. Data were obtained at 0°, —10°, 


and —20°F. The 0° data are shown in Fig. 15. The engine 
had been calibrated as a viscometer using Newtonian oils so 
that the “engine viscosities” of the test oils would be read 
from their cranking speeds. 





Low TEMPERATURE PROPERTIES 
Or 10W-30 O1Ls 





All Oils CA. 11 CS at 210°F, CA. 70 CS at 100°F 
ASTM extrapolated vis./0°F. CA. 2400 CS 





| PAMA 


| 
| PAMA 
V.I. Improver Type PIB | Type 1 | Type 2 
| | 
Cranking Speed 
at 0°F (rpm) | 66 | 57 | 49 
Engine vis. at | | | 
0°F (CS)! | 2060 | 3030 | 4300 


| 


1 Using engine as a viscometer. 














Fic. 15. Low temperature properties of 10W-30 oils. 


The PIB oils are, of course, made using lighter base oils 
but their viscosity properties do not suffer at all from this 
at high temperatures. Figure 16, using data from a pre- 
vious publication (3), shows that actual viscosity of a 
PIB oil as a function of temperature on an ASTM-Walther 
chart. The line is not quite straight, as it would be for a 
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Fic. 16. Viscosity temperature characteristics 10 W-30 oil 13% 
PIB VIS/210°F = 11.3CS, VIS/100°F = 71CS. 


mineral oil, but curves very gently upward. Also shown are 
the viscosity of the base oil and the viscosity of the blend at 
500,000 dynes/cm?, a high but typical engine shear stress. 
About 50% of the viscosity due to the polymer is lost due 
to shear at any temperature. Figure 17 shows a PAMA oil 
blended to the same viscosity at 100° and 210°F. The base 
oil is seen to be much heavier in this case. At 0°F the poly- 
mer does very little thickening; at 210°F it does about two- 
thirds as much as the polybutene did. However, the PAMA 
suffers a greater amount of temporary viscosity loss than 
the PIB—about 80% at 500,000 dynes/cm?. This results in 
very little temperature viscosity decrease at 0°F where the 
polymer does little thickening, but considerable temporary 
viscosity loss at 210°F. In Fig. 18 the high shear viscosities 
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Fic. 17. Viscosity temperature characteristics 1OW-30 oil 5.5% 
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Fic. 18. High Shear viscosities of 1OW-30 oils, 500,000 dynes/cm?. 


of the two oils are seen to be quite comparable, with the 
PIB showing if anything, a slightly lower viscosity at low 
temperatures while maintaining a slightly higher viscosity 
at high temperatures. 

The above figures also demonstrate that contrary to Mr. 
Selby’s fears, petroleum refiners are well aware of the fact 
that polymer oils do not extrapolate as straight lines on the 
ASTM-Walther chart. Correlations have been developed 
to predict the engine viscosities of polymer oils at low tem- 
peratures and the knowledge thus obtained is being used to 
formulate oils of excellent cold starting properties. 

On another point, Mr. Selby has used waxy base oils and 
has plotted the apparent viscosities of these waxy oils as 
if they were a function of the rate of shear. Actually, this 
is only one of a large number of variables that control 
viscosity. These are excellently discussed in several papers 
by S. P. Jones and his colleagues (4). These authors show 
that the cooling rate is important as is the amount of work 
that had been done on the sample and the rate of shear 
under which the work was done. They found it most useful 
to plot the viscosity of a waxy oil as function of the amount 
of work done on the oil. When a certain amount of work 
had been done, the waxy structure was irreversibly de- 
stroyed and the viscosity reached a minimum. The amount 
of work necessary was extremely small, being measured in 
ergs per cm*. (An erg is about one forty millionth of a small 
calorie.) What this means, we believe, is that if Selby had 
altered his test procedure even so slightly as to include more 
data points, his results would have been different. If he 


had not varied his shear rate at all, but had simply re- 
peated his viscosity measurements at one rate of shear and 
plotted viscosity v. number of passes, his curves would 
have been similar in shape to the ones he presents. An auto- 
mobile engine under cold starting conditions does enough 
work on the lubricant to eliminate the effect of wax almost 
immediately. Wax in an oil has repeatedly been shown to 
have no effect on its cold starting properties, though it may 
affect oil pumpability. This is why the SAE has justi- 
fiably preferred the ASTM extrapolation method for 
classifying winter grade mineral oils rather than actual low 
temperature viscosity measurements on waxy oils. (For 
polymer oils, of course, the ASTM-Walther chart extra- 
polation is adequate, as we have explained.) 

Mr. Selby implies that his viscometer measurements are 
applicable for predicting the cold starting characteristics 
of lubricants because they achieve shear rates comparable to 
those encountered during engine cranking. We believe this 
is subject to question for two reasons—first of all, we have 
calculated that the average shear rate acting on an oil during 
cold cranking is about 25,000/sec rather than 2500/sec 
as given by Mr. Selby; secondly, the forced ball viscometer 
has no provision for centering itself. This means that the 
bulk of the oil going past the ball is probably at a maximum 
rate of shear of about one-eighth the value reported by Mr. 
Selby. Selby’s shear rate was calculated on the basis of a 
perfectly centered ball. Overall then, we believe Mr. 
Selby’s maximum shear rate was probably about one- 
fiftieth of that prevailing during cold cranking, too low a 
shear rate to show any temporary viscosity loss due to 
polymer molecule alignment. We would conclude that the 
forced ball viscometer appears to be an excellent instrument 
for obtaining low shear, low temperature viscosities of waxy 
oils but not for predicting cold starting. 

Although we have taken issue with parts of Mr. Selby’s 
presentation, we wish to commend him for doing pioneering 
work in a difficult field. 
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JosepH E. Fretps (Monsanto Chemical Company, Dayton, 
Ohio): 


1. The ratio of sp. wise. 210°F/100°F as an expression of the 
effect of the polymer on the viscosity of the oil blend system 
This ratio is an important and useful term. We have used 
this expression for years in our laboratory and call it the 
“efficiency” (E) of the polymer. Horowitz (6) uses it as its 
reciprocal and calls it S,99. In a given oil, or solvent, it 
expresses the magnitude of the viscosity component the 
polymer itself will lend to the oil between two temperatures. 
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Between 100° and 210°F it is proportional to the V.I. 
ceiling obtainable from the various polymers in a given oil. 
Due to intermolecular attractions it is dependent upon both 
concentration and molecular weight in the broad sense, 
although minor variations in these factors do not illustrate 
this fact at first glance. 

For a given solvent polymers arrange themselves in three 
groups: (a) E > 1, percentage viscosity increase at 210°F is 
greater than that at 100°F, (b) Z approx. = 1, viscosity in- 
creases are percentagewise approximately equal at both 
temperatures, and (c) EF. < 1, viscosity increase at 100°F is 
greater percentagewise than at 210°F. 

We should not lose sight of the fact that polymers with 
E < 1, in a given oil, are still useful materials. They are 
more “efficient” than the use of bright stock to give an oil 
of higher viscosity in that the blend from a polymer of 
E < 1 has better viscosity-temperature characteristics than 
the bright stock blend. (Data Table 1.) 


2. Variation of specific viscosity with temperature 

The author infers that a polymer in a good solvent might 
actually contract upon heating. Much data exists which 
indicate that this is so: Kemp and Peters; Bell Telephone 
Monograph B-1361. Alfrey, Bartovics, and Mark, 7. Am. 
Chem. Soc., vol 64, 1942, p. 1557; Flory, Principles of 
Polymer Chemistry, Cornell University Press, 1953. 

Alfrey et al. interpret the solvent-temperature effect on 
specific viscosity change as being due to changes in the 
mean molecular shape of the polymer molecules (intra- 
molecular agglomeration). A solution of long chain polymer 
in an indifferent solvent contains polymer molecules in all 
different degrees of curling and extension but the con- 
figuration of intermediate extension predominates statisti- 
cally. The mean value of any molecular property in such an 
indifferent solvent is called the “unbiased statistical mean’’. 
If the solvent is energetically unfavorable (endothermic 
process of solution—poor solvent), then the polymer seg- 
ments attract each other and squeeze out the solvent be- 
tween them. The curling forces (polymer—polymer at- 
traction between segments) predominate, and the properties 
of the solution will be shifted from the unbiased statistical 
mean (in this case to a lower viscosity). 

On the other hand, if the solvent is energetically more 
favorable than the indifferent solvent, then in solution the 
long chain molecule will be surrounded by a solvated hull 
which tends to prevent polymer—polymer contacts. In this 
case the uncurled configurations will be favored, and the 
mean value of any property will represent a more extended 
shape than the unbiased mean (high viscosity). 

If the concentration is high, then unfavorable solvents 
may lead to polymer—polymer contacts between different 
polymer chains (inter-molecular agglomeration) and result 
in gelation. 

Raising the temperature of a polymer solution in an in- 
different solvent should cause no change in the specific 
viscosity. An increase in temperature of an unfavorable 
(poor) solvent solution would promote a shift toward the 
unbiased mean or an increase in specific viscosity. In a 
very good solvent the energetic factors favor the extended 
configuration and a temperature increase would lower the 


polymer-solvent attraction, increase the polymer segment- 
polymer segment ‘inter-reaction, and result in a downward 
approach (coiling up of the chain) to the unbiased statistical 
mean and a decrease in specific viscosity. This is shown 
schematically as follows: 
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Flory presents a mathematical interpretation of chain 
configuration and the thermodynamics of polymer solu- 
tions in some detail. Neglecting the extensive mathematical 
derivations of these relationships the deductions are well 
borne out by numerous observations on the temperature 
coefficients of intrinsic viscosities. 


Fox and Fiory; ¥. Am. Chem. Soc., vol. 73, 1951, p. 1909. 
J. Phys. Colloid. Chem., vol. 53, 1949, p. 197. 


3. Thixotropy in low temperature viscosity measurements of 
polymer-containing oils 

The thixotropic effects noted by the author in these 
particular oil blends at the temperatures noted are particu- 
larly interesting. However, the data do not conclusively 
separate the effect of wax and polymers at the low tem- 
peratures noted. The author notes that preliminary studies 
indicate the difference in the effects of PAMA and PIB on 
the base oil cannot be attributed to differences in their 
pour-point depressing ability. No ac.ual data to support 
this statement is given. Similar data on the same oils de- 
waxed below —10°F would be most interesting. Similar 
data should also be obtained with PIB in the presence of 
pour depressant. Such data would indicate whether the 
irreversible thixotropy noted with PIB was due mainly to 
the PIB or to wax in the oils. If in the case of dewaxed oils, 
the effect was still present, the irreversible thixotropy would 
be due to orientation of PIB under shear stress and should 
be reversible, dependent on time, unless the temperatures 
involved were below a definite transition point for this 
particular system. 

It is quite possible that a portion of the high viscosity 
noted in PIB-wax containing oils may be due to a combined 
effect of wax solvated with highly viscous PIB oil which is 
greater than the sum of the two alone. Thus the wax 
structure would be more difficult to reform after relaxation 
of shear (in comparison with a PAMA oil) because of the 
higher viscosity of the PIB oil. It may further be expected 
that the irreversible thixotropy would be absent with PAMA 
since it does have pour depressing properties and since the 
PAMA exists in highly coiled compact particles which 
would not orient easily to give large viscosity decreases. 
Upon shear relaxation the time required to return to its 
original state would be much smaller than. for highly 
oriented PIB therefore resulting in reversible thixotropy. 
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Author’s closure 


I would like to thank the discussors for the time and effort 
put into their presentations since the thorough under- 
standing of a difficult area of study requires many view- 
points. 

To answer a specific question raised by Dr. Fields: 

The statement that the high viscosity contribution of the 
PIB at low temperatures cannot be attributed to its lack of 
pour-point depressing ability was indicated when 0.5% 
of a PAMA pour depressant was added to the 10 and 20% 
PIB-mineral oil blends at —10°F. The results of this 
analysis is shown in Fig. 19 together with the previously 
presented analysis of the mixture without the pour de- 
pressant. 

The curves are almost identical indicating that the pour 
depressant has no effect on the viscous influence of the 
PIB polymer. This observation may be easily extended to 
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Fic. 19. Low temperature viscometric analysis of base oil. 
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T. W. SELBY 


reason that we are not dealing with the influences of the 
waxy constituents of the base oil at all but with the much 
more impressive viscosity effects of the PIB polymer mole- 
cules. 

Dr. Horowitz in his presentation certainly cannot be 
considered remiss in raising points of discussion and 
although several of the points are interesting I sincerely 
hope that he has not missed the main ones. 

The first major point to be noted is that the low tem- 
perature study was directed toward determining the visco- 
metric influence of PAMA and PIB additives at 0° and 
—10°F. The simplest and most informative method of 
doing this was to make a blend of equal amounts of each 
additive with a mineral oil and then to evaluate the relative 
effects of the polymeric additives so I selected what seemed 
to be a common mineral oil from a mid-continent crude 
for the base oil. One of the factors influencing my selection 
was the information that this mineral oil or similar products 
were used by some oil marketers for blending 10W-30 
multi-grade engine oils. Thus, it was and is my opinion that 
the effects of the polymeric additives on this particular base 
oil is typical of their effects on other oils at and below their 
respective cloud points. 

Certainly it would seem that this technique, in which 
one base oil is used to evaluate the effect of the individual 
polymers, is preferable to varying both the viscosity of the 
base stocks and the concentration of the polymers. Dr. 
Horowitz, who has followed the latter practice in the work 
he refers to in his discussion, thus places reliance on a 
comparison of one base-oil-polymer combination with an 
entirely different combination to indicate the low tempera- 
ture superiority of the PIB polymer. Considering the almost 
infinite. number of base oils of different viscosities and 
viscosity indices that can be used with varying concentra- 
tions of polymers, one can show almost any degree of 
contrast between two different polymers in two different 
base oils. 

What Dr. Horowitz has really found is that 2.6% PIB 
in a light base oil will permit higher cranking speeds in an 
engine at 0°F than 2.1% PAMA in a much heavier base oil 
and I have found that 2.0% PIB in a moderately light base 
oil causes lower cranking speeds at 0°F than 2.0% PAMA 
in the same base oil. 

Our data do not conflict; rather it is quite obvious that 
the higher cranking speeds he records with PIB is com- 
pletely due to his choice of base stocks—a fact which unfor- 
tunately he could not observe from his data alone. More- 
over, the present data strongly indicates that using equiva- 
lent concentrations of these polymers in any given base 
oil, the PIB will produce higher viscosities and lower 
cranking speeds than the PAMA at low temperatures. 

The fact that equivalent amounts of PAMA and PIB ina 
given base oil will not produce the same viscosities at 100° 
and 210°F is of no consequence in the present discussion 
since we are concerned with the low-temperature properties 
of oils and the effects of polymers on these properties. It is 
presumed that an engine oil producer would be able to 
select refined base oils capable of being made into multi- 
grade engine oils using almost any polymeric viscosity 
index improver including PAMA and PIB. 
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The second major point which Dr. Horowitz should note 
is that PIB introduces a new low temperature structural 
characteristic which is not identifiable with the structural 
characteristics of the pure mineral oil. Its effect was shown 
to dwarf the viscometric effect of mineral oil gelation both 
in degree of thixotropy and in resistance to mastication. 
Without doubt this polymer gelation has some influence on 
cranking speed but a more important effect might be in its 
influence on the low temperature oil supply to the bearings 
and valve train through the oil galleries where low shear 
rates may be expected. 

Having now at some length rediscussed the main points 
of the paper which I believe should answer many of Dr. 
Horowitz’s apparent points of difference, I would like to 
try briefly to answer some of the rest. 

Dr. Horowitz questions both the technique and the calcu- 
lations applied to the forced-ball viscometer. 

Considering the questions on technique first, he is con- 
cerned with the influence of a very delicate waxy structure 
on the viscometric analysis. He states that the amount of 
work necessary to break up this structure completely and 
irreversibly is very small. For the sake of argument we will 
assume that this waxy gelation is important and ignore the 
evidence of a much greater polymer gelation. 

As Dr. Horowitz knows, since his group has constructed 
a forced-ball viscometer according to our blueprints, the 
minimum platform load on the ball is about 750 grams 
although we have applied as little as 50 grams by using a 
counter-balance. This ball, carrying a 50 gram load, must 
fall through a distance of about 5.1 cm while forcing 6.5 
cm® of fluid through an annulus with a total area of 0.11 
cm*. The work expended to move the 50 gram ball through 
2 in. is 38,500 ergs and since each volume element of fluid 
must move through the annulus, it is hard to imagine that 
a waxy structure as fragile as the one Dr. Horowitz refers to 
would not be completely destroyed during the first fall. 
Thus, his suggestion that more data points would change 
the analytical results is groundless in the face of his own 
arguments about the delicacy of the wax structure. 

However, if we consider the much more evident presence 
of the PIB polymer gelation, his suggestion may have some 
validity since the structure definitely seems to be shear 
resistant. Certainly if his suggestion is valid, such shear 
resistance would also indicate cranking resistance. Un- 
fortunately, in this case one cannot have his cake and eat it 
too. 
Considering the questions on shear rate calculations— 
original calculations for shear rate assumed that the ball 
was centered during fall. However, shortly thereafter it was 
experimentally found that the ball was not centered and 
this information was passed on to the discussor’s company. 
We have since found some experimental evidence that the 
error introduced by the ball’s eccentricity is minor. The 
usual ball and rod assembly was replaced by a rigid rod and 
floating ball assembly by which according to Duffing’s 
calculations (1) the ball should ‘seek a concentric position. 
Preliminary results from this assembly were quite similar 
to those obtained from the previous ball and rod assembly. 


As for calculations of the average shear rate in cranking 
engines, such calculations are subject to much interpreta- 
tion and conjecture and since Dr. Horowitz does not say 
how he arrived at his value, I prefer to retain confidence in 
my value especially since I do know how it was derived. 
My mind is open to well-founded persuasion, however, and 
Dr. Horowitz’s value may be a better estimate. 

As to the questions on high speed bearing performance of 
polymer-containing oils, I feel there is a need for knowledge 
of the wear characteristics at high speeds. A recent paper by 
Savage and Bowman (2) which 10W-30 engine oils have 
shown better wear characteristics than a 30 grade oil has 
been reassuring. 

A statement by Dr. Horowitz that petroleum refiners are 
aware of the fact that polymer-containing oils do not extrapo- 
late as straight lines, should also be reassuring. But, in 
view of recent knowledge of single, double, and multi-grade 
oils from reputable manufacturers whose respective pro- 
ducts have 0°F viscosities much in excess of SAE limits 
even at moderately high shear, I am not as confident as Dr. 
Horowitz seems to be that the inadequacy of extrapolation 
methods is general knowledge. I also feel that the solution 
of the problem is not to apply empirical equations of doubt- 
ful validity at temperatures below the cloud point to correct 
the low temperature errors of the empirical Walther’s 
equation. It would seem definitely preferable to simply 
measure the viscosities of oils at 0°F at sufficiently high 
shear rates until fundamental relationships are investigated 
and suitable theoretical equations developed. 

Not to ignore the questions of Dr. Horowitz on Mr. 
de Hart’s bearing investigations, but I feel that since these 
questions are mostly concerned with the techniques of 
obtaining the information rather than with my application 
of the information, I can do no better than refer him to Mr. 
de Hart who has worked in this area for a number of years. 

I should like to conclude by stating that I feel the use of 
polymeric materials in mineral oils as V.I. improver, 
detergents, etc., is without a doubt a progressive step in oil 
technology. I further feel that such usage is one of the first 
of many steps yet tc be taken to meet the new and future 
demands of lubrication. 

However, something that is new does not mean usually 
something that is perfect, rather, it usually means something 
that is perfectable and I believe the future will show us 
combinations of mineral oils and man-made molecules much 
superior to anything we now know if we have ability to 
continue the advantages of our products and concepts and 
the courage to be dissatisfied with their Jiabilities. 
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Viscosity Measurements on Polymer Modified Oils 


By WLADIMIR PHILIPPOFF! 


The experimental check described proved that viscosity measurements on polymer modified oils 

with rotational and capillary viscometers can be successfully correlated. The rules for this are 

the same as those used for other non-Newtonian liquids (solutions of high polymers); namely, 
viscosity vs. the rate of shear at the wall, R. This is valid to at least 10° sec. 


I. Introduction 


It is well known that solutions of high polymers exhibit a 
phenomenon termed “non-Newtonian viscosity” in that 
their viscosity calculated according to the Poiseuille law 
decreases with increasing rates of shear. V.I. improvers 
consist generally of polymers dissolved in a base oil. The 
addition increases the viscosity of the solvent to that of the 
solution and some V.I. improvers diminish the decrease of 
viscosity with temperature. The viscosity of the blends 
decreases with increasing rates of shear as is usual with 
polymer solutions. This is termed “temporary viscosity 
loss”. Under severe flow conditions, as in a gear pump, a 
“permanent viscosity loss” is observed. Their use in bear- 
ings cannot be adequately described by the viscosity 
measured in a conventional viscometer using low rates of 
shear alone. How high the rate of shear is at which bearings 
normally operate is not completely clear but values of one 
hundred thousand to one million sec-! or beyond are 
probable. In 1951, an ASTM publication (1) of three papers 
presented evidence on the so-called “temporary viscosity 
loss’ due to shear of a number of oils at different tempera- 
tures measured with a capillary viscometer (Fenske et al) 
and with a Kingsbury tapered-plug viscometer (Needs). 
Since then, Barber et al.( 2) have repeated the measurements 
with a concentric rotational instrument and confirmed the 
findings with the Kingsbury instrument. In the same 
publication (2), a comparison between the results with the 
capillary viscometer and the rotational viscometer was given. 
In order to achieve a satisfactory correlation, the rate of 
shear used in the rotational instrument was assumed to be 
double the value in the capillary instrument (use of the 
average rates of shear). This correlation is different from 
the one generally used for polymer solutions, or for that 
matter in the science of rheology. We have had consider- 
able experience on flow behavior of different systems and 
thought it worthwhile to investigate the relationship in 
the polymer modified oils using the usual relationships of 
correlation. In the present paper, this has been done on 
oils API-103, and 104; these oils being oil API-102 modi- 
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fied by an addition of polyzsobutylene. Furthermore, the 
measurements in (2) were limited to rates of shear above 
10,000 sec! whereas the difference between the “‘static 
viscosity” at low rates of shear and the one at 10,000 sec 
was still noticeable. We, therefore, also measured the 
transition from the “static viscosity” to the values at high 
rates of shear in more detail, extending the available range 
of rate of shear down to about 100 sec. 


2. Experimental 


The instrument used was a capillary viscometer as shown 
in Fig. 1. It consisted of capillaries of known dimensions 
connected to two pressure containers on which pressures 
up to 1400 psi could be exerted. The measurement of 
flow was made using a horizontal capillary outside the visco- 
meter which gave a reading equal to the volume flow through 
the capillary. The viscometer was placed in a temperature 
bath and, as we were concerned with the correlation of the 
oils in principle and not a duplication of the results at all 
temperatures of the previous investigators, a value of 100°F 
was chosen and used throughout the experiment. The 
calculation of our values was made in cgs units: 

Poise = dynes x sec/cm? = P that relate to the measure- 
ments of Needs in 

Reyns = psi sec where 1 reyn = 69,000 P or 6.9 x 10° 
cP, or cP = 10~7/1.45 reyns. 

The shearing stress 7, in dynes/cm in a capillary of such a 
length that the end effects can be neglected is: 


Pp 
“—. 0 
where r = radius of the capillary in cm 

p = pressure in dynes/cm? = 69,000 psi 

L = length of the capillary in cm 
The rate of the shear, R in sec~, at the wall for a New- 
tonian liquid in a capillary is given by: 


R=-% [2] 


where Q is the volume flowing thrcugh the capillary in 
cm/sec. The viscosity is then calculated from the ratio Z = 
7/R in poises. For a rotational viscometer, the relations are: 


M 


ea 


[3] 
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Fic. 1. Detail of capillary viscometer. 


where M = torque in dynes/cm 
r; = inner radius in cm, 7, = outer radius in cm. 
L = length of the cylinder in cm. 


The rate of shear is 


2w wr; 


Yr i-gae eS a" 


where w = angular velocity in radians/sec 
C =r, — r,—the gap between the cylinders 


Both these relationships are valid for Newtonian liquids. 
For non-Newtonian liquids, it is well known that one can 
correct for the change in viscosity over the radius. For the 
capillary, this correction amounts to an increase in the rate 
of shear (or decrease in viscosity) given by the factor: 


n+ 3 
; [5] 





where n = slope of the R — 7 curve in double log plot 

n =1 for Newtonian liquids giving a correction 

factor of 1.00 

For the oils investigated, this correction amounts to only 
3% and 44% for API-103 and API-104 respectively. It 
was essentially constant above 50,000 sec! and as a check 
in log plot gave a straight line (constant m). For the rota- 
tional viscometers used by Needs and Barber, no correc- 
tion need be applied. 

‘Sonsiderable evidence exists which shows that the plot 
of R vs. 7 (or Z vs. R) measured with different instruments 
does give one and the same curve. In the mentioned ASTM 
publication contrary to this half the value of R for the 
capillary was compared to the R for the rotational instru- 
ment. 


3. Corrections to be applied 


The corrections to be applied for capillary measurements 
at high rates of shear have to be carefully considered to get 
comparable values with the rotational instrument. 


(a) The Kinetic Energy Correction—It is clear that sig- 
nificant values of viscosity can be only obtained in laminar 


flow when the Reynolds number is smaller than about 2000. 
But before turbulence is obtained, the amount of kinetic 
energy remaining in the liquid after passing through the 
capillary causes an apparent increase in viscosity with higher 
rates of shear. This correction, (A/t,, where ¢, is the time of 
flow for 1 cm*) however, can be easily calculated by standard 
methods: 

A 1.12pQ0 1.54 

a oe [6] 


with L in inches, p (density) in g/cm* 


and amounts to a correction of the measured viscosity by 
an amount proportional to the rate of shear. For the 
capillaries used, these corrections (A) are listed in Table 1, 
together with the dimensions of the capillaries. They were 
applied to all the data measured below. 


TABLE 1 
Capillary Constants at 100°F (Ambient Temperature 24°C). 





Nom. K, 
Capillary |Length| dia. dynes [si Kp 





no. in. in Lir | cm? sec} A 





4 12.0 0.0482 | 497 69.34 5,784 | 0.13 

8 0.632 | 0.0115/| 110 | 313 431,000 | 2.41 

9 2.961 | 0.0120 | 495 69.55 370,600 | 0.52 
Fenske | 3.94 | 0.0130| 590 58.5 259,0001 























K, (p in psi) = + (dynes/cm?). 

Kp (t,; in sec/em*) = R (sec—"). 

Kinetic energy correction 4Z = — A/t, (cP). 

273 + 37.4 _ 1 945, 

273 + 24 

1 Five capillaries in parallel used. Value given for one capillary. 


Temperature correction 


(b) At high rates of shear, the energy determined by the 
pressure and the rate of shear is converted into heat inside the 
capillary. This causes a temperature rise, and, depending 
on the temperature coefficient of viscosity, a decrease in 
viscosity with higher rates of shear. This decrease usually 
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occurs for more viscous oils and higher pressures. According 
to our experience it was not important for the oils API-103 
and 104 in our tests although it was observable for oils of 
about ten times their viscosity. Fenske at his highest 
pressure observed a heating of up to 10°F. However, in 
our experiments especially for oil 104 with capillaries 8 and 
9, no discrepancy indicating a heating effect of measurable 
influence was observed. 


(c) The viscosity increases strongly with the hydrostatic pres- 
sure, P; the increase being approximately exponential. For 
the oils in question, API-103 and 104, this has been 
measured in the ASME Pressure Viscosity Report, 1953. 
The measurements there were made only at low rates of 
shear but at pressures considerably larger than the one used 
in all the investigations we discuss here. According to 
Equation [1], the shearing stress diminishes with the length 
of the capillary, but on the other hand, a long capillary is 
required in order to insure the applicability of Equation 
[1] by neglecting the end effects. A good deal of practical 
experience shows that an L/r ratio of 60 is enough to take 
care of the end effect within the practical limits of precision. 
In the investigation of Fenske et al., the ratio of L/r of 600 
was used. In order to obtain a shear rate of the order of 10° 
sec~1, pressures up to 2000 psi had to be used. This pressure 
caused a noticeable (15°) increase in viscosity due to 
hydrostatic pressure. Under the assumption that the 
viscosity rise was caused by the mean hydrostatic pressure 
p/2,? and that the pressure—viscosity coefficient was in first 
approximation independent of the “temporary viscosity 
loss”, our values were corrected using the pressure— 
viscosity coefficient determined in the ASME report using 
a linear law in our range of pressures. 


4. Experimental results 


In Fig. 2, the results on API-104 are presented. It can 
be seen from these results that all the pertinent data on this 
oil measured by Fenske, Needs, Barber and the present 
investigator fall within a precision of at least 4 cP up to a 
rate of shear of 600,000 sec-? on a single curve. For API-103 
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Fic. 2. Viscosity vs. Rate of shear for API-104. 





2 We can use one-half the hydrostatic pressure as the mean 
pressure since in our experiments the increase in viscosity with 
. pressure was at the most 5%, where the exponential rise can be 
very well approximated by a linear relation. 
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in Fig. 3, above 200,000 sec-! Fenske’s values, as given in 
his paper, are consistently higher by 2 cP. We expanded both 
sets of measurements considerably to low rates of shear down 
to 100 sec- and reached the limiting viscosity (initial vis- 
cosity) identical with the one measured by the previous 


CENTIPOISES 


VISCOSITY, 


Oil AP1-102 





RATE OF SHEAR, sec” 
Fic. 3. Viscosity vs. Rate of shear for API-103. 


investigators with an Ostwald viscometer. In these pictures, 
we have used an extremely stringent linear plot of viscosity 
vs. the logarithm of the rate of shear in which the errors are 
very easily seen. A linear plot is entirely comparable to the 
one shown by Needs. It can be seen that the transition from 
the initial viscosity to the non-Newtonian one occurs, 
beginning from very low rates of shear and forming a smooth 
curve to the highest values measured. The total effect 
causes a decrease in viscosity of about 40% for API-104, 
or 28% for API-103 extrapolated to 1,000,000 sec-?. 
This amounts to 56°, of the viscosity increase due to the 
polymer at 10° sec! for API-104 or 48% for API-103. We 
have checked the values for the viscosity at low rates of 
shear for both oils at different temperatures using a standard 
Ostwald Viscometer and confirmed the values of Fenske 
and Needs. Finally, the “shear stability” or “‘permanent 
viscosity decrease” of the oils was checked by a McKee 
consistometer (3) developed by the National Bureau of 
Standards. After 120 passes of the solution, at the shear 
rate of 413,000 sec}, the viscosity decrease was 2°, for oil 
API-103. This value greatly exaggerated the conditions in 
our viscometer as we only passed the solution once or 
twice through the capillary as against the 120 passes in the 
McKee consistometer. We, therefore, can state that under 
our conditions of operation, a permanent viscosity loss is 
not to be observed, as was also the case in the experiments 
of Needs. 


5. Discussion 


In the mentioned paper, Fenske combined all the cor- 
rections mentioned for his measurements using a relative 
method where the properties of the polymer modified oils 
were compared with the ones of straight oils of similar 
viscosity using a plot p/Q which is proportional to the 
apparent viscosity in centipoises having as parameter the 
temperature increase during flow in the capillary in degrees 
F. Having experimentally determined this temperature 
increase in the polymer modified oils, a suitable interpolation 
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curve was chosen. Fenske stated that the precision of 
his measurements was within about +2% viscosity. How- 
ever, beyond that, the pump employed by Fenske to circu- 
late the oil caused a measurable irreversible shear break- 
down and the emerging oil was remeasured at 100°F in an 
Ostwald viscometer and the values corrected for the de- 
crease in viscosity. As we did not have any measurable 
breakdown, this correction was neglected. 

Needs’ curves were made using eight different spacings, 
C, and four different speeds with one run having ten speeds, 
which exactly proves Equation [4]. All his values lay on a 
very smooth experimental curve with our values lying with 
the same scatter on it. This is the most precise check known 
to the author made up to a rate of shear of 230,000 sec? 
of a capillary and rotational measurement. Using the com- 
bined measurements on the oil API-104, including Fenske’s 
values, we get a uniform curve up to around one million 
reciprocal seconds. It is amazing to see that four different 
laboratories using the same oil with at least seven years’ 
difference obtained uniform curves using four different 
instruments and proves our point that the properties of the 
non-Newtonian liquids are indeed independent of the 
viscometer used and can be correlated by plotting the rate 
of shear in each case as the independent variable. However, 
this relationship is only valid when one applies all the 
mentioned corrections to the experimental values obtained 
in the capillary viscometer. Our values on API-104 with 
capillaries 8 and 9 were obtained by changing the length of 


the capillary with constant diameter; therefore, changing 
the ratio r/L. The shorter capillary 8 requires 22% of the 
pressures as capillary 9 for the same rate of shear. The com- 
parison of capillaries 4 and 9 which have essentially the 
same ratio r/L but different r’s and L’s shows the possibility 
of correlating them too. We get a complete coincidence 
where all three capillaries are used proving the validity of 
Equations [1] and [2] together with all the corrections 
used. 

As can be seen from the tables, short capillaries require 
smaller pressures to obtain a certain rate of shear and, there- 
fore, a smaller correction for the pressure increase of the 
viscosity. Longer capillaries, however, have less correction 
for kinetic energy. Therefore, we must decide in principle 
what is more important, a smaller kinetic energy or a smaller 
pressure correction. It must be emphasized that all these 
corrections are not “errors” as they can all be computed 
from known physical constants. Therefore, a correction of 
the viscosity measurements with a capillary viscometer, even 
if they require the three corrections mentioned, are as 
valid as the ones with the rotational instrument for which 
none of these corrections are necessary. 

The greatest uncertainty for viscosity measurements at 
high pressures consists in the correction of the temperature 
rise during flow. This correction applies as well to the ro- 
tational instrument as to the capillaries. Possibly, the capil- 
laries have a smaller rise at the same rate of shear than the 
rotational. Still, considering the very good check shown in 


TABLE 2 
Viscosity Measurements and Corrections for API-103 at 100°F 
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ASME No. 26 ( Z ) 100°F = 0,0143% /psi 















































l 
Pressure | t, = 1/0 - R Z Alt, Zi A2Z|Z ni+3 , 
psi sec dynes/cm? sec! cP cP A n2 4 cP Capillary 
0.387 61.3 26.8 94.5 28.4 — 0 1 1 28.4 
0.580 40.7 40.2 142.3 * 28.2 — 0 1 1 28.2 
0.774 30.8 53.6 187.5 28.6 — 0 1 1 28.6 
1.160 20.8 80.5. 277.5 29.0 a 0 1 1 29.0 
1,933 12,2 134 474 28.3 — 0 1 1 28.5 
2.91 8.2 202 707 28.6 —_ 0 1 1 28.6 
3.87 6.2 268 933 28.7 — 0 1 1 28.7 
5.80 4.0 402 1,439 27.95 _ 0 1 1 27.95 
7.74 3.0 536 1 928 27.8 _ 0 1 1 27.8 
10.0 2.33 693 2,490 27.8 _ 0 1 1 27.8 
10 146.4 701 2,530 27.65 0 — 0 1 1 27.65 
15 98.3 1,050 3,770 27.85 0 —_ 0 1 1 27.85 
20 73.8 1,402 5,020 27.85 0 — 0 1 1 27.85 
30 48.9 2,100 7,585 27.70 0.01 27.69 0.22 1 1 27.63 
50 29.3 3,500 12,680 27.65 0.02 27.63 0.36 1 1 27.53 
70 20.8 4,900 17,850 27.45 0.02 27.43 0.50 1 1 27.29 9 
100 14,2 7,000 26,050 26.90 0.04 26.86 0.71 1 1 26.60 
150 9.52 10,500 39,000 26.95 0.05 26.90 1,08 1,13 1.03 25.80 
200 7.09 14,020 52,380 26.80 0.07 26.73 1.43 1.13 1.03 25.60 
300 4.45 21,000 83,350 25.20 0.12 25.08 2.14 1,13 1.03 23.80 
500 2.60 35,000 142,500 24.50 0.20 24.30 3.58 1,13 1.03 22.75 
700 1.80 49,000 205,800 23.85 0.29 23.56 5.00 1,13 1.03 21.80 
2, — tog R) 





d(log 7) 






























































stress of about 200,000 dynes/cm?, an adequate measurement 
of viscosity is possible. Needs in his published work in- 
creased the rate of shear for API-102 up to 1.8 x 10 sec! 
and measured API-104 at 298°F up to 1.5 x 10® sec—. 


6. Conclusions 


The experimental check described proved that viscosity 
measurements on polymer modified oils with rotational and 
capillary viscometers can be successfully correlated. The 
rules for this are the same as those used for other non- 
Newtonian liquids (solutions of high polymers); namely, 
viscosity vs. the rate of shear at the wall, R. This is valid to 
at least 10® sec. 
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TABLE 3 
Viscosity Measurements and Corrections for API-104 at 100°F. 
1 dz ree : 
ASME No. 27 (7) = 0.0109 %/psi at 100°F. 
| 
Pressure | t; = 1/Q T R Z Alt, Zy | ZZ | ni+3 Pane 
psi sec dynes/cm sec! cP cP cP | per cent | ni 4 cP Capillary 
0.387 60.0 26.8 96.4 27.89 — —_— 0 1 1 27.80 
0.580 40.6 40.2 142.2 28.25 — — 0 | 1 1 27.80 
0.774 30.5 53.6 190.4 28.15 — os 0 = 1 27.80 
1.160 20.4 80.5 283 28.45 — pe 0 1 1 27.80 
1,933 12.1 134 479 27.95 — om 0 1 1 27.80 
2.91 7.95 202 729 27.70 — — 0 1 1 27.80 4 
3.87 6.03 268 959 27.95 — — 0 1 1 27.80 
5.80 4.03 402 1,434 28.10 — — 0 1 1 27.80 
7.74 3.00 536 1,930 27.89 a — 0 1 1 27.80 
10.0 2.32 693 2,505 27.65 —_ — 0 1 1 27.80 
10 34.7 3,130 12,415 25.20 0.07 25.14 0.05 1 1 25.14 
20 15.9 6,260 27,100 23.10 0.15 22.95 0.10 1 1 22.90 
40 7.30 12,520 59,100 21.20 0.33 20.87 0.22 1.08 1,020 20.40 8 
80 3.43 25,900 125,000 19.90 0.70 19.20 0.44 1,18 1.045 18.30 
00 2.67 31,300 161,500 19.35 0.90 18.45 0.55 1,18 1.045 17.55 
40 1,90 43,800 227,000 19.30 1,27 18.03 0.76 1.18 1,045 17.10 
10 143.5 701 2,585 27.15 — 27.15 — 1 1 27.15 
15 94.8 1,050 3,915 26.85 — 26.85 — 1 1 26.85 
20 69.7 1,402 5,355 26.17 _ 26.17 0.11 1 1 26.16 
30 44.8 2,100 8,270 25.40 0.01 25.39 0.16 1 1 25.35 
50 26.2 3,500 14,170 24.70 0.02 24.68 0.27 1 1 24.60 
70 18.1 4,900 20,500 23.85 0.03 23.82 0.38 1 1 23.73 
100 12.08 7,010 30,700 22.85 0.04 22.81 0.55 1 1 22.69 9 
150 7.80 10,500 47,600 22.05 0.07 21.98 0.82 1.08 1.020 21.40 
200 5.80 14,020 64,000 21.90 0.09 21.81 1,09 1.18 1.045 20.65 
300 3.63 21,000 102,000 20.50 0.15 20.35 1.64 1.18 1.045 19.15 
500 2.03 35,000 183,300 19.10 0.26 18.84 2.72 1.18 1.045 17.55 
600 1.78 42,100 220,250 19.10 0.30 18.80 3.29 1.18 1.045 17.40 
i 
n — dog R) 
~ d(log 7) 
Fig. 2, we see that up to roughly a million sec—! or a shear REFERENCES 
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General Radiation Damage Problems for Lubricant 
and Bearing-type Materials 


By V. P. CALKINS? and C. G. COLLINS? 


The actual mechanism of radiation damage to materials by reactor radiation is a matter of 
prime importance. Radiation damage to covalent compounds such as organic lubricants by 
reactor radiaiion is due primarily to secondary ionization caused by fast neutrons, slow or 
thermal neutrons, and gamma rays, and is not largely due directly to the initial interaction of 
any of these three types of radiation with the nuclei or atoms of the organic compounds. The 
amount of energy absorbed by a given material from these various types of radiation can be 
calculated, and the actual damage incurred is 2 function of the energy absorbed. Based upon 
available experimental test data of radiation damage to various organic materials and based 
upon the equivalent absorbed energy-equivalent damage concept, various generalizations 
regarding organic lubricating materials can be made. 


RADIATION damage can be defined as any adverse change oc- 
curing in the physical or chemical properties of a material or 
system as a result of exposure to radiation. This type of 
damage is purely relative. What is damage to a material or 
system as far as one party is concerned could constitute an 
improvement in properties and be very beneficial from the 
viewpoint of a second party. For example, the evolution of 
a gaseous hydrocarbon from an organic fluid being irradi- 
ated could represent an explosive hazard, an unwanted 
change in the viscosity of the liquid or a new and very de- 
sirable method for synthesizing this hydrocarbon. However, 
changes in the properties of a material or system associated 
with a power plant are viewed with suspicion and generally 
are considered to be possible sources of damage. 


Interaction of reactor ionizing radiation with 
matter 


Gamma radiation reacts with matter primarily by the 
photoelectric effect, Compton effect, and pair production— 
depending upon the atomic number of the constituents of 
the irradiated medium and upon the energy of the attendant 
gamma radiation. For materials containing elements of 
low atomic number (27 or less) such as hydrogen, carbon, 
or aluminum, the photoelectric effect predominates for 
gamma energies below 0.1 Mev, the Compton effect for 
energies from 0.1 to 10 Mev, and pair production above 
10 Mev. For materials containing elements of high atomic 
number (82 or greater) such as lead, the photoelectric effect 
predominates for gamma energies below 0.5 Mev, the 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Atlantic City, N.J., 
October, 1956. 


1 Manager, Applied Materials Research, Aircraft Nuclear 
Propulsion Dept., General Electric Co., P.O. Box 132, 
Cincinnati 15, Ohio. 

2 Supervisor, Applied Radiation Effects Kesearch, Aircraft 
Nuclear Propulsion Dept., General Electric Co., P.O. Box 132, 
Cincinnati 15, Ohio. 


87 


Compton effect from 1.0 to 4.0 Mev, and pair production 
above 4 Mev. 

In the photoelectric effect, the gamma ray interacts with 
the entire atom and transfers all of the energy of the photon 
in one encounter. This energy is received by a single atomic 
electron which is usually in the K or L shell, and this elec- 
tron is ejected from the atom with an energy of E = hv — B, 
the energy of the incident photon minus the binding 
energy of the electron in the atom. In contrast with the 
photoelectric effect, the gamma-ray photon in the Compton 
effect collides elastically with a single electron, the inci- 
dent photon giving up a portion of its energy to the electron, 
which recoils and flies off at an angle to the direction of 
the incident gamma photon. In accordance with current 
theory, pair production is caused by the complete absorp- 
tion of a gamma ray in the region of the nuclear Coulomb 
field with the resulting formation of a positron-electron 
pair (et, e-). 

In brief, the net result of the photoelectric effect, 
Compton effect, and pair production is to produce either an 
ejected electron or an electron pair which traverses the 
medium, interacts with orbital electrons and causes damage 
by atomic or molecular electronic excitation and/or ioniza- 
tion of atoms and molecules of the irradiated medium. 
Since neither the emission of the ejected electrons or 
electron pairs nor their subsequent neutralization involve a 
heavy recoil particle, no significant transfer of kinetic 
energy to the struck atom occurs. Therefore, in general, 
gamma radiation will cause very little permanent damage to 
ionic compounds but can cause considerable damage to 
non-ionic or covalent compounds. 

Fast neutrons react with the nuclei of the atoms of an 
irradiated medium and an appreciable fraction of the 
energy of the neutron is transferred to each struck nucleus; 
this transfer of energy being greatest for those struck nuclei 
whose masses approach unity, i.e. the mass of the neutron; 
the nucleus is ejected as a recoil ion, the neutron being 
scattered or reflected to strike other nuclei until it is de- 
graded to a thermal energy state. The ejected nuclei in the 
form of recoil ions traverse the medium and interact with 
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orbital electrons, thus producing molecular excitation and 
ionization. Eventually, the recoil ions lose their charge and 
become neutralized although they still possess energies 
considerably above the thermal level. As fast-moving 
neutral particles, they are thermalized in two ways: (a) by 
still losing an important part of their remaining energy by 
causing electronic excitation, and (b) by losing the other 
part of this energy by undergoing elastic collisions with the 
atoms of the medium, thereby suffering losses in momen- 
tum. About 95-98% of the energy of a fast neutron is 
transferred to a medium via electronic excitation and 
ionization and only 2-5°% by loss in momentum. 

Thus, since organic compounds and covalent materials 
are not already ionized and are usually highly susceptible 
to electronic excitation and ionization, the main bulk 
(95-98%) of the deposited energy of the fast neutrons is 
instrumental in causing considerable damage to these 
materials by excitation and ionization. The 2-5% energy 
of the fast neutrons deposited by momentum losses also 
causes damage in the solid form of these non-ionic ma- 
terials by dislocation of atoms; this is commonly called 
Wigner-type damage. Conversely, since ionic materials 
such as metals and many inorganic compounds are already 
ionized and are not very susceptible from a net effect view- 
point to further electronic excitation and ionization, the 
bulk of the energy deposited by fast neutrons in these 
materials has little effect. Some Wigner-type damage does 
occur, but since this damage can be caused by only a very 
small fraction of the total fast neutron energy deposited, fre- 
quently only slight damage to ionic materials occurs and 
then at fast neutron dosages a thousand-fold and more 
greater than those dosages at which considerable damage 
occurs to non-ionic materials such as organics. 

Thermal neutrons are captured by the nuclei of various 
materials, and damage to the surrounding environment is 
due primarily to the secondary radiation evolved. The main 
damage to organic materials by slow or thermal neutrons is 
due to ionization of the organic media by the 2.2 Mev 
gamma rays which are given off when the neutrons are 
captured by hydrogen atoms. With chloro-organics such 
as neoprene, the n~y reaction is also an important factor due 
to the high thermal neutron absorption cross section of 
chlorine. For organics possessing a high nitrogen content, 
a major portion of the damage produced by thermal 
neutrons may be due to the N(m, p)C™ reaction, the 
damage being caused by molecular electronic excitation and 
ionization of the media by the ejected proton and to some 
degree by the recoiling C’ atom. For organic or other 
covalent materials containing lithium or boron, the primary 
damage should result from dense ionization due to the 
alpha particles given off by capture of thermal neutrons by 
either lithium or boron and the 2.5 Mev recoiling tritium 
atom from the Li®(n, a)T reaction. 

For ionic compounds and metals, the extent of the n—y 
reaction in any material will depend upon the capture cross 
section of the constituents of the material, but the ioniza- 
tion produced by the generated gammas would cause very 
little damage in this type material. For those ionic com- 
pounds containing lithium and boron, very little damage 
would be caused by ionization by the generated alpha 


particles, but once the alpha particles have lost their charge, 
some Wigner-type damage would be caused by the neutral- 
ized but energetic alpha particles (helium atoms). The degree 
of such damage would depend upon the lithium or boron 
content and the degree of orientation or order in the crystal 
lattice of the matrix material, but, generally, the degree of 
such damage would be small even at considerably high 
thermal neutron dosages. 


Equivalent damage; equivalent energy deposition 


The amount of radiation damage suffered by any material 
as a result of exposure to radiation should be some function 
of the actual energy absorbed or deposited per unit mass of 
material (1). Since gamma rays, X-rays, electrons, beta 
rays, and slow-neutrons in the case of the n, y reaction 
produce damage by the same general mechanism, equiva- 
lent damage to the materials might be anticipated for the 
same energy deposition. Fast neutrons, protons, alpha rays 
particles from fission products, and slow neutrons in both 
the n-p and the n-a reactions produce damage by other 
mechanisms, and hence a different damage vs. energy 
relationship might be expected. 

The difference in damage to water by X-rays and electrons 
and to water by alpha rays has received considerable at- 
tention (2).’ A considerably higher concentration of hydrogen 
and hydrogen peroxide has been formed with alpha rays 
than with X-rays or electrons. Many different mechanisms 
of reaction have been postulated to account for this phe- 
nomenon. 

Despite the difference in results obtained by irradiating 
water with alpha rays compared with the results obtained 
by irradiation of water with X-rays and electrons, an 
analytical survey of a large variety of experimental data 
reveals that gamma rays, electrons and combined pile 
radiation on an equivalent energy basis do produce equiva- 
lent damage to materials such as organics, even though 
damage is produced by somewhat different mechanisms. 

Certainly, for covalent materials such as organics, the 
generalization that equivalent damage is produced for 
equivalent energy absorption is a good rule-of-thumb, and 
for data examined to date for these materials, this rule has 
been found to be good within a factor of 2. For those cases 
where pile fluxes are most accurately known, this rule has 
been found to apply even closer than within a factor of 2. 
This approach may be misleading in instances in which the 
environmental conditions (oxidation, thermal decomposi- 
tion) independently cause extensive degradation of the 
material during a time period in which radiation damage 
also is extensive. For such conditions an effect of rate of 
radiation is expected. Hence, equal energy—equal damage 
is most applicable to instances in which radiation damage is 
the major problem. 


Calculation of radiation energy deposition 


The energy absorption from a gamma photon dosage 
(¢,) can be approximated by the following equation: 


Ey = by X by X E, 
where E? is the energy absorbed per gram of material from 
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gamma radiation and E, is the average energy of the gamma 
photons. The term yp, is the energy absorption coefficient 
(cm*/gm) of the material for gamma radiation of energy 
E,, and it is the fraction of energy dissipated by a narrow 
beam of gamma rays in traversing 1 cm of an absorber of 
unit density. It is obtained by multiplying the probability 
of each interaction process by the probable fraction of the 
photon energy actually dissipated in the absorber as a 
result of the process. 

The amount of energy (E,) absorbed per gram of an 
organic material from a fast neutron doszge (¢,) with an 
average neutron energy (E,,) is, for hydrogen: 


= 
E, = $n X = X 4X Ey 


where p is the density of material, 4 is the fraction of the 
initial energy of the neutron transferred to the hydrogen 
atom per collision and 2's is the macroscopic scattering 
cross section of hydrogen in the material being considered ; 
2s is equal to og X Nywhere os is the microscopic scattering 
cross section for hydrogen, and Ng is equal to the number 
of hydrogen atoms per cubic centimeter of material. To 
determine more exactly, but still not rigorously, the total 
energy absorbed from a fast neutron dosage, the energies 
absorbed from neutrons over each small incremental 
energy range would have to be calculated, using the dose 
and scattering cross section corresponding to each energy 
range. These energies would then need to be summed to 
obtain the total energy (EZ, total). On the basis that 0.01 
Mev neutrons are the lowest energetic neutrons above 
thermal which contribute any appreciable energy to the 
medium through the scattering process, the total energy 
absorbed would be:* 


E, total = Yea E,9-%-1.0 4. F1.0-1.6 + 


EJ5204 .., 
where 


Nu 


E,,9-%-1.0 — 4,0.01-1.0 x g 0.01-1.0 x = y 
4 x E,9-0-1.0, 


For the H(n, y)D reaction which is the main source of 
energy deposition in organics by thermal neutrons, the 
energy absorbed per gram can be approximated by the 
following equation ; assuming that a moderately large sample 
of organic is present in a sea of like material :* 





3 For a graphite or water moderated reactor, the neutrons with 
energies from thermal to 0.01 Mev would not contribute appreci- 
ably to the energy deposition in an irradiated media, since ¢, 
and J'g do not change sufficiently to counterbalance the change in 
energy. 

* Under these conditions the generated gamma rays will not 
necessarily escape from the medium, not only because of the large 
volume of organic present but also because many of the gamma rays 
which tend to escape will be scattered back by the sea of like 
material. 


Zz 
E,th.n. = ¢, X =o x E, 


where ¢,, is the thermal neutron dose, p is the density of 
the material, EZ, is the average energy of the photons 
generated by the n~y reaction, and 2, is the macroscopic 
absorption cross section of hydrogen in reciprocal centi- 
meters in the material being considered; 2, is equal to 
oa, X Nu where a, is the microscopic absorption cross- 
section for hydrogen, and Ny is the number of hydrogen 
atoms per cubic centimeter. Similar equations apply to 
carbon and other elements present in the organic material. 


Radiation damage to lubricant type materials 


In a nuclear power plant, organic liquids can play a 
leading role in their general usage as greases and lubricants. 
Two of the most striking effects occurring in an organic 
liquid as the result of exposure to radiation are gas evolu- 
tion and changes in viscosity. The viscosity usually increases 
upon continual exposure to radiation until the liquid has 
polymerized into a solid form. 

Several broad generalizations can be made regarding the 
effect of radiation on organic fluids. The gas evolution is 
not markedly dependent upon the dosage rate, but it is a 
linear function of the total dose of energy applied. The per- 
centage viscosity increase is also a function of the radiation 
dosage, rather than the dosage rate, and a marked threshold 
of reaction appears to exist. The viscosity gradually in- 
creases initially with radiation dosage until a definite amount 
of radiation has been absorbed; at this point there is an 
exponential increase in viscosity with the further addition 
of small incremental amounts of radiation energy. Generally 
there is considerable difference between the behavior of 
aromatic compounds and other organic compounds under 
radiation. Aromatics are far more resistant to radiation 
damage than aliphatics, the radiative energy absorbed 
presumably being taken up primarily by the excitation of 
the shielded system of 7 electrons in the aromatic nucleus. 

By using the general law that equivalent damage to 
organic materials is obtained for equivalent energy ab- 
sorption, the engineer can utilize available experimental 
data to estimate, on a rule-of-thumb basis, the radiation 
stability of a given material under any mixed pile flux. For 
example, the life of a material such as hexadecane sub- 
jected to a radiation field of 10!° thermal neutrons/cm? sec, 
10° fast neutrons/cm? sec and 10° gamma photons/cm? sec 
can be estimated on the basis of the viscosity change as 
follows: 


10**th.n./cm? sec 
2.82 x 10?*th.n./cm? 


10°f.n./cm? sec 
2.05 x 10"f.n./cm? 
104 y/cm? sec 
1.95 x 10%%y/cm? 





x 10 x 10% rads = 0.4 rad/sec 





x 1.0 x 10® rads = 4.8 rads/sec 





x 1.0 x 10° rads = 51 rads/sec 
Total = 56.2 rads/sec 


From experimental data, it is known that a dosage of 
5.0 x 108 rads for hexadecane causes an increase in the 











90 V. P. CaLkrns AND C. G. COLLINS 


100°F viscosity of 135°/ and a concomitant increase in the 
210°F viscosity of 559%. Therefore, the time necessary to 
increase the viscosity to these values is: 


5.0 x 108 rads 


eiiciisibaipinsss te seminaries: iain 6 
56.2 rads/eec 8.9 x 108 sec 


= approx. 2470 hours 


If the 135% and 55% increases in viscosity can be tolerated, 
hexadecane would have a useful life of at least 2470 hours 
under the assumed pile flux conditions. Known experi- 
mental data reveal that an exponential increase in viscosity 
of hexadecane occurs at 20.0 x 10° rads; this rad dosage is 
equivalent to 9880 hours of operation under the assumed 
pile flux conditions. Viscosity changes, of course, are not 
the most sensitive measure of radiation damage to a lubri- 
cant; the calculations are presented as an example for one 
application of the equal energy—equal damage approach. 


Radiation damage to bearing-type material 


Since the bearings used in a lubricating system consist 
generally of a material or materials which are either metallic 
or ionic in nature, very little direct damage should occur 
to these materials at radiation dosages which would produce 
considerable damage to an associated covalent, organic 
lubricating fluid. Increased corrosion of the bearing sur- 
face due to radiation can occur but this will, in all proba- 
bility, be more likely due to radiation induced changes in 
the lubricating fluid rather than direct radiation-induced 
changes in the bearing surface. However, there is one 
problem which could arise during irradiation of a bearing 


surface in contact with a fluid. If the bearing surface is 
exposed to a high thermal neutron field, considerable 
radioactive activity could be induced in the material, and 
by simple solution or by increased corrosiveness of the 
fluid small particles of the contaminated bearing material 
could enter the fluid stream. This could constitute a 
radioactive hazard during subsequent handling of the 
lubricant or could pose an ever-present hazard during 
operation if the fluid is circulated outside the shielded 
portion of the lubrication system. 


Conclusions 


Close scrutiny of the mechanism of the interaction of 
radiation with matter reveals that there is nothing mys- 
terious about the general effects of radiation on lubricants 
or any other material. Once the cause of the effect is probed, 
the effects of radiation on general classes of materials can 
not only be understood, but behavior predictions can also 
be made for those materials still untested. Hence, it is 
possible to theorize what materials would generally be more 
resistant to radiation. Actually, the effects of radiation on 
covalent type materials such as the ordinary organic lubri- 
cants can be considered as being the results of ordinary 
physico-chemical reactions which are initiated by a some- 
what extraordinary source of energy. 
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Chrome Face vs. Iron Side Wear—An Analysis of Some Radioactive 
Piston-Ring Wear Studies 


By RICHARD G. ABOWD, Jr. 


This paper discusses piston ring wear data obtained from operating a single cylinder internal- 
combustion engine fitted with an irradiated standard chromium plated top compression ring. 
A brief description of the engine equipment, the constantly-monitored lubricating oil flow 
system, the dual-channel gamma spectrometer and an outline of test method are included. The 
author stresses the development of a technique which permits a separate simultaneous record 
of the wear occurring on the face and on the side of the radioactive piston ring. Results are 
presented from constant speed engine operation with a series of different lubricating oil additive 
. formulations. 


Introduction 


Wear of piston rings in internal combustion engines—and 
the role of lubricating oil in modifying this wear—has been 
described by a number of investigators in recent years 
(1, 2, 3, 4, 5). In most of these investigations unplated cast- 
iron piston rings have been used. Most of the published 
data on the use of radioactive piston rings—a very con- 
venient technique in wear research—have been with un- 
plated cast-iron rings. Two exceptions are cited (9, 10). 
Since about # of the current automobile production is with 
a chrome-plated top ring, and virtually all of the truck and 
bus production is with the plated top ring, more attention 
should be given to the wear properties of chrome-plated 
rings in an iron bore. The use of plated rings in passenger 
cars, coupled with other improvements in engine design 
and with the development of oil additives, has almost 
eliminated ring-wear problems in this service. In heavy-duty 
truck and bus service, however, there are some operations 
where chrome wear on the face of the ring and iron wear 
on the sides of the ring are excessive. Heavy-duty dynamo- 
meter cycling tests in two laboratories in periods of 200 to 
300 hours, and inter-city trucking operation in periods of 
15,000 to 20,000 miles, have produced some top piston 
rings with the 0.005 inch chromium plate entirely worn 
from the ring face. In these operations there has been some 
indication that crankcase oil was related to the high chrome 
wear, and these observations have stimulated the single- 
cylinder tests described herein—where other variables can 
be more closely controlled. 

Using active chrome-plated rings in wear tests with the 
tracer technique, presents a more difficult detection prob- 
lem than the use of the unplated iron ring. Because of this 
limitation, and the assumption that relative wear effects of 
lubricant additives are about the same for iron and chrome, 
the tendency is to restrict the radioactive application to 
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unplated iron rings. This assumption of equal relative wear 
effects with both metals, however, has been found to be in 
error with some lubricant additives—as shown later in this 
paper. 

Although the problem of high chrome face wear in heavy 
duty service has existed for some years, a practical radio- 
tracer system to study this problem could not be developed 
until the scintillation counter had been perfected. This 
detection device provides not only a high counting efficiency 
for the low energy gamma ray from Cr-51 decay, but also 
has the property of yielding output pulses with amplitudes. 
proportional to the exciting gamma ray energy. 

It became evident, therefore, from published studies 
(6, 7) that the gamma energies of Fe-59 and Cr-51 could be 
successfully separated with a scintillation type detector and 
a suitable electronic spectrometer. The development of a 
reliable gamma spectrometer designed especially to monitor 
engine lubricating oil containing Fe-59 and Cr-51 isotopes 
for long test periods has been accomplished (8). 


Laboratory engine equipment 


In translating the probiem of chrome face and iron side 
wear of piston rings from its everyday vehicle influences to 
controlled laboratory studies, a number of necessary com- 
promises must be placed upon the system. To isolate this 
system from all factors which can influence the wear 
phenomena, except the test variable alone is the directing 
philosophy in choices of engine equipment and operating 
schedule. 

On the left in Fig. 1 is an example of a single cylinder 
research engine used for radioactive piston ring wear studies. 
The overhead valve type combustion chamber, CFR-48 
crankcase, super-charged conditioned and filtered air supply 
and constant flow fuel injection system combine to provide 
excellent control of variables for constant speed operation. 
At lower right are the lead shields which accommodate the 
scintillation head and oil sample bottle. Positive crankcase 
ventilation and a blowby meter are provided. 

Means for determining the amount of radioactive wear 
debris accumulating in the lubricating oil is by a con- 
tinuous flow of oil maintained in a bypass line from the 
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pressure regulator thru a glass well in the lead shield. A 
return line from the monitoring block dumps into the 
crankcase oil sump. This system is shown diagrammatically 
in Fig. 2. Counting geometry approximates a dip-type 
system. Air cooling of the crystal and photomultiplier 
components is accomplished by valving compressed air 





Fic. 1. Single cylinder Oldsmobile engines and related equipment 
for tracer wear work. 
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Fic. 2. Monitored flow system. 


thru the well around the scintillation head. Figure 3 shows 
the lead shield with the glass well, and scintillation head in 
place. : 

In Fig. 4, a cross-section drawing thru the center line 
of the piston shows the top ring and cylinder wall. Wearing 
surfaces are the ring face, which bears against the cast-iron 
cylinder wall, and the ring sides, which bear alternately 
against the top and bottom sides of the aluminium piston 
groove. The ring is subjected to three principal motion 
components. It reciprocates, flexes, and rotates. These 
motions, with the forces imposed, cause wear of the face 
and the sides. With an unplated radioactive iron ring, the 
resulting wear data consist of the sum of the wear which 
takes place in these two locations. A chrome-plated com- 
pression ring has a layer of electrically deposited metal on 
its face. Factors which influence the wear of an iron face on 
the iron cylinder wall differ from those affecting a chrome 
face on the iron cylinder wall. Likewise, factors which exert 


the most influence on face wear may or may not contribute 
to side wear. It is important also to observe which factors 
exert the most influence on side wear. In our wear studies 
an irradiated, standard-production chrome-plated ring is 
used. This arrangement provides wear debris which from 
the face contains Cr-51 and from the sides contains Fe-59. 





Fic. 3. Scintillation head installed in lead shield. 
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Fic. 4, Chrome and iron wear surfaces. 
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Gamma ray spectrometer installation 


Signals from the scintillation detector at the engine base 
are transmitted thru shielded cable to the gamma ray 
spectrometer located in a room adjacent to the engine test 
cell. A block diagram of the system, Fig. 5, shows by arrows 
the path of the signals from the detector thru the linear 
amplifier where the Fe-59 count is separated and then thru 
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the single channel analyzer which is set to allow only those 

pulses in the Cr-51 band to pass to the chrome recorder. 
If a sample of Cr-51 activity were analyzed by plotting its 

signal spectrum, results similar to Fig. 6 would be obtained. 
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Fic. 5. Gamma ray spectrometer, black diagram. 
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Fic. 6. Chrome—51 spectrum. 


This plot of pulse amplitude vs. count rate is a distribution 
of signal amplitudes detected from the Cr-51 0.31 Mev 
gamma ray emission. The Cr-51 photo-peak occurs—for 
these conditions of operation—at 12.5 volts. A 5 volt 
window from 10 to 15 volts appears adequate for this 
detection purpose. Signal response from 0 to 10 volts is 
principally noise and backscatter. Likewise for Fe-59 with 
gamma emission energies of 1.1 and 1.3. Mev the spectrum 
is plotted in Fig. 7. Photopeaks occur at 42 and 49 volts. 
Area B represents signal counted in the Cr-51 channel. This 
is caused by the Cr-51 in the cast iron from the piston ring 
used to make the Fe-59 sample and from Fe-59 backscatter. 
For the time an engine test is in operation, the ratio of area 
B to area A remains practically constant. The true chrome 
count from the face of the ring can be calculated from the 
apparent count by subtracting a portion of the Fe-59 count 
equal to B/A (Fe-59 count). This removes the effects of 
the trace chromium which was in the iron worn from the 
ring sides, and the backscatter previously mentioned. 

The combined spectrums observed from a sample of 


lubricating oil containing wear debris of Cr-51 and Fe-59 
is shown in Fig. 8. The net chrome from the ring face is 
shown as the shaded area on top of area B. Counts regis- 
tered in the chrome channel represent the chrome face 
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Fic. 7. Iron—59 spectrum. 
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Fic. 8. Chrome—51 and Iron—59 spectrum. 


wear and the Fe-59 channel interference of area B. By 
careful counting of two calibrated standards at the beginning 
of each engine test, this chrome channel correction factor 
can be determined. These calibration standards also serve 
to relate count rate to material weight, a conversion which 
is convenient for computing wear rates directly from the 
count data, thus eliminating tedious conversion to the 
absolute activity present. 


Engine test procedure and data analysis 


Results which are presented in this paper represent 
several weeks of engine operation. The test schedule in- 
cludes individual runs of 20 to 24 hours each, five runs per 
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week. On the first and last day of each week, the engine 
operated under baseline conditions. During intervening 
days the test condition is repeated each day, giving a group 
of three tests to compare with the baseline results. 

Research with the plated radioactive ring imposes certain 
additional complications. Wear results from baseline opera- 
tion with an unplated radio-iron piston ring are amenable 
to rather strict statistical control. Likewise test life of the 
simple iron ring is at least twice as long as the 400 test 
hours averaged on the chrome-iron combination. Unfor- 
tunately, the chrome plate wears away uncovering the base 
metal. When this happens radioactive wear control is lost 
and the ring must be replaced. 

For convenience of illustration, a sample engine run is 
reproduced in Fig. 9 with both channel results included on 


Piston-ring wear in different oil formulations 

Wear observations on camshaft and tappet contacting 
surfaces in recent years have clarified the roles of metallurgy 
and of oil additives in this wear problem. Among other 
observations it has been found that zinc dialkyl dithio- 
phosphate is effective in inhibiting scuffing of these highly 
loaded wear surfaces. It has also been observed that there is 
an optimum concentration of this additive, above which 
wear increases—an observation which is consistent with 
the mechanism in which EP additives function. The role of 
zinc dithiophosphate in scuff inhibition of piston rings has 
had less publicity, probably because piston-ring scuffing is 
is limited to a few heavy-duty operations whereas cam and 
tappet scuffing is likely to occur in any passenger car 
operation. 
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Fic. 9. Chrome face and iron side wear components. 


one semi-log plot. The time scale is expanded at the be- 
ginning of the test to show the channel responses to Cr-51 
and Fe-59 standards. The ensuing plot is a representative 
baseline result for face and side wear. 

In the tests reported here the top ring has a taper face. 
As wear of the face proceeds the area of contact increases 
and the baseline wear results change in a generally de- 
creasing magnitude. This condition accents the necessity 
for frequent baseline checks and complicates, somewhat, 
the analysis of test results. For comparison, a plot is made 
of all test and baseline data. The test wear response is then 
compared with the baseline results which bracket the test 
runs. This method of analysis cancels out variations in 
baseline wear which occur as the testing hours accumulate 
on the ring-piston—bore combination. 


Wear observations on the single-cylinder engine with a 
radioactive top ring have shown that with unplated cast- 
iron rings scuffing can occur at conditions of high output, 
and zinc dithiophosphate in the oil can inhibit some of this 
scuffing. As in the cam and tappet observations, there is an 
optimum concentration of the additive, above which wear 
increases. With a chrome-plated top ring, under these high 
output conditions, excessive wear has also been observed— 
but the mechanism for this high wear is not clear at present. 
This high wear exists in the chromium on the ring face, and 
in the iron on the ring sides. Contrary to the wear effects of 
zinc dithiophosphate in the oil, which wear was observed 
with unplated iron rings, this additive offers no relief with 
the plated rings. Wear in the oil containing zinc dithio- 
phosphate is greater than in that containing barium phenol 
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sulfide. As shown in Table 1, the total base number of the 
oil treated with barium phenol sulfide is greater than that 
of the oil containing zinc dithiophosphate, and it is possible 
that this may partly explain the lower wear with the former 
—even though the engine conditions are not normally 
considered corrosive. This study is continuing in efforts to 
determine the mechanism of the chrome wear under heavy 
duty conditions, and to develop oil additives which will 
inhibit this wear. 


TABLE 1 
Oil Formulations and Wear Observations 





Engine: Single-cylinder with radioactive top ring. 

Size: 3.75 bore = 3.25 stroke. 

Fuel: Commercial Isooctane plus 3.0 ml TEL as 62 mix. 

Oil: Mid-Continent, solvent extracted, containing Acryloid 
794 to provide 140 V.I., SAE 10W-30, 0.17% sulfur. 

Compression Ratio: 7.5 : 1. 

Speed: 2500 rpm. 

Air Flow: 95 lb/hr, 32 grains H,O per Ib. Filtered thru 
flannel. 

Manifold Pressure: 29 inches mercury, absolute. 

Fuel-to-Air Ratio: 0.080. 

Jacket Water Temperature: 180°F out + 1°F. 

Oil Temperature in Sump: 190 — 200°F. 

Spark Timing: Cycled, 2-1/2 minutes at 30°. BTC (max. 
power) with 10 seconds overadvance to point of 
60% max. power. 

Oil additives, % by wt. of compound (of metal). 
barium phenol sulfide 4(.5) 


barium sulfonate 8(.25) 
zinc dithiophosphate 1(.05) 
acid no. blended oil 0.14 1.19 
base no. blended oil o SaF 0.21 
Piston-ring wear, relative! 
iron from unplated rings 100 67 
chromium from plated rings 100 172 
iron from plated rings 100 167 





1 Comparisons of wear rates in this table must be limited to each 
of the three pairs, horizontally aligned. 


Conclusion 


After outlining the effects a field problem may present in 
the near future, and describing some laboratory equipment 
selected and installed especially to study those factors con- 


tributing to the problem of heavy duty scuffing of chromium- 
plated top compression rings, results of controlled tests 
have shown the misleading conclusion which was indicated 
when unplated cast-iron rings were used. The assumption 
that cast-iron wear and chromium plate wear are influenced 
in the same direction by given variables under operating 
conditions conducive to ring scuffing is not true so far as 
oil formulation is concerned. 


Acknowledgments 


The author is indebted to his associates at the Ethyl 
Research Laboratories for their help in preparing this 
paper. Special mention is made for Harold Chalk’s aid in 
preparing the text and for Carl Alsterberg’s counsel on the 
electronic instrument aspects. 


REFERENCES 


1, O. W. Wuerz; “Taxicab Engine Wear and Cleanliness”’, 
Lubrication Engineering, vol. 10, No. 6, November-December, 
1954, pp. 319-326. 

2. L. RaymMonp and J. F. Soco.orsky; “‘Designing New Per- 
formance into a Special Motor Oil’”’, SAE Transactions, vol. 63, 
1955, pp. 132-144, 

3. H. V. Nutt, E. W. LANDEN and J. A. Epcar; ‘‘Effect of Surface 
Temperature on Wear of Diesel-Engine Cylinders and Piston 
Rings’”’, SAE Transactions, vol. 63, 1955, pp. 694-703. 

4. H. R. Jackson; “‘Laboratory and Field Wear Tests Using 
Radioactive Tracers’, SAE Transactions, vol. 61, 1953, 
pp. 233-236. 

5. J. C. Exuis and J. A. Epcar; “Wear Prevention by Alkaline 
Lubricating Oils”, SAE Transactions, vol. 61, 1953, 
pp. 244-251. 

6. G. J. Hing, B. A. Burrows, L. Apt, M. Pottycove, J. F. Ross 
and S. A. Sarkes; “Scintillation Counting for Multiple- 
Tracer Studies’’, Nucleonics, vol. 13, No. 2, pp. 23-25. 

7. R. HAFSTADER and J. A. McIntyre; “Gamma Ray Spectro- 
scopy with Crystals of NaI (T1)”, Nucleonics, vol. 7, No. 3, 
pp. 32-37, 

8. R. G. ABowp and C. E. ALsTerserc; “The Application of 
Gamma Spectrometry to Simultaneous Chromium and Iron 
Piston Ring Wear Studies’. Symposium on Application of 
Radioactivity in Petroleum Research and Refining Operations 
(Tracerlabs, Inc., Boston, Mass.), October, 1956. 

9. A. K. Hannum; “Radioactive Tracers in Engine Research’’, 
Thompson Products Engineering Bulletin, vol. 1, No. 2, April, 
1956, pp. 1-12. 

10. A. Hunperge, G. C. Lawrason and J. P. O’Meara; ‘‘Neutrons, 
Gamma Rays, and Wear”, Lubrication Engineering, vol. 11, 
No. 4, July-August, 1955. 








Theoretical Criteria for the Effectiveness of a 
Lubricant Film 


By E. RABINOWICZ}! 


The occurrence of galling when unlubricated surfaces are slid together is shown through an 
energy balance to be determined by the parameter Wx cot 6/p, where Wx is the work of adhesion 
of the system, 0 the average slope of the surface, and p the flow pressure of the softer metal. For 
lubricated surfaces, it is shown that only lubricants made up of very small molecules can be 
energetically stable on hard metal surfaces, and hence successful lubricants must form solid 
surface films. At the melting point of the lubricant film a transition takes place and the lubricant 
loses much of its effectiveness, while a second transition occurs at a higher temperature and 
leads to galling. This second transition is caused by desorption of the lubricant accompanied 
by a rise in Wx but varies widely for different metals, being influenced by their flow pressure. 


Introduction 


Ir is found that when unlubricated or poorly lubricated 
metal surfaces are slid together friction coefficients of about 
0.3-0.6 are commonly observed and the accompanying 
surface damage is moderate. If the sliding conditions are 
made slightly more severe by increasing the load, raising 
the temperature or improving the cleaning techniques, a 
drastic change is commonly noted, and the friction coeffi- 
cient rises to 1.0 or over while the damage to the metal sur- 
faces becomes very severe. Similarly, if metal surfaces are 
covered by a good lubricant and the temperature is raised, 
it is found that over a narrow temperature range the friction 
coefficient goes up from under 0.1 to between 0.3 and 0.6 
while at a higher temperature, often again over a narrow 
temperature range, the friction ‘coefficient rises to about 
1.0. Metal transfer and surface damage studies bear out the 
reality of these transitions (1).? 

In this paper I will denvte the final sliding process as 
galling, and try to determine, by means of equilibrium 
equations, the factors that determine the two sharp transi- 
tions. ' 


Forms of energy for metal surfaces in contact 


When two metals are pressed into contact under a load, 
energy in a number of forms is involved. Firstly, there are 
the elastic and plastic energies of deformation of the surfaces, 
it being generally assumed for metals that the elastic energy 
is small compared to the plastic. Secondly, work is done by 
the applied load during the deformation, while thirdly, the 
formation of a real area of contact is accompanied by a 
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diminution of the surface energy of the system. If a lubri- 
cant is present and can be removed from between the sur- 
faces, an additional term may prove of importance; namely, 
the desorption energy of the lubricant. 

Let us first consider the unlubricated case. Taking a 
simple but fairly realistic model assume that the softer of 
the contacting surfaces is smooth, that the other surface 
has conical asperities of small angle, say 9 = tan-* 1/20 
(approximately 3°), and that the various asperities are so 
far apart that each may be assumed to act independently 
(Fig. 1). If the surfaces are placed in contact, the load 4W 
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Fic. 1. Schematic representation of a metallic junction. 


applied to one asperity, and plastic deformation occurs, 
then after the cone has penetrated into the other surface 
through a distance x we can write the total energy E in the 
form 


x , 
E = AW .x — f{ arp. dx + Wxnr* [1] 
0 
movement reaction to surface 
of force deformation term 


when ? is the flow pressure of the softer metal, and Wx 
denotes the work of adhesion of the system, 2E, for like 
metals or (E, + E, — E,,) for unlike metals. Here, E, 
represents the surface free energy of metal A, E, the surface 
free energy of metal B, and E,, the free energy at the 
interface, all in ergs/cm? (2). 


Substituting r = x cot@ and integrating, we get 


ax p 
3 





E = x4W — cot?@ + max*Wx cot?é [2] 
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Equilibrium is reached when dE/dx = 0, and this occurs 
when 
AW = arp — 2nrWx cotd ~ [3] 


Note that if we ignore the surface energy term we are 
left with the familiar 4W = p4A where AA is the area of 
the junction. However, if we make allowance for the surface 
energy then the area will always be greater than that given 
by plastic deformation theory. In fact if we denote 
(Wx cot @)/p by the parameter y, it may readily be shown 
that the relation between the radius of the junction in- 
cluding the surface term 7,, and the radius neglecting it 
r,, is in the form 


r=(r?2F+y) +Y [4] 


Thus we see that if r; is large compared to y, ry will be 
approximately equal to 7;, while if r; is small (close to zero) 
r, will tend towards the value of 2y. The ratio Wx cot6/p 
determines the magnitude of the surface effects. 

Figure 2 plots the ratio of area including the surface 
energy term to area ignoring it both for lead on lead 
(Wx = 900 ergs/cm*, p = 4 x 10® dynes/cm*) and for 
steel on steel (Wx = 2500 ergs/cm*, p = 2 x 10?° dynes/ 
cm?) in each case as a function of junction diameter. 
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Fic. 2. Increase in junction area produced by surface energy: as a 
function of junction diameter. 


Two conclusions emerge from this figure, firstly that the 
increased area produced by surface energy effects is negli- 
gible for the larger junctions, but may be very considerable 
for the smaller junctions. In fact, a junction of zero initial 
size would grow to 10-5 cm diameter on steel and to 2 x 
10~* cm diameter on lead, merely because of the presence 
of surface energy. The second conclusion is that surface 
energy effects are likely to be greater for lead than for steel. 

In fact the surface energy of a metal at room temperature 
under laboratory conditions is not known but it is probably 
of the same order of magnitude as its surface tension when 
molten and the two will be taken to be equal in this paper. 
I base this guess on the assumption that the surface energy 
at room temperature is greater than that at the melting 
point by a factor of the order of 2, and that metal surfaces in 
air have adsorbed surface films derived from the atmosphere 


G 


which probably lower the surface energy by a factor of 2. 
Tables of physical properties of molten metals (3) suggest 
that the surface tensions are almost constant for a wide 
range of metals, varying from around 350 ergs/cm* for 
soft metals to 1500 ergs/cm* for hard metals. Thus we see 
that the ratio surface energy/flow stress which for surfaces 
of constant roughness determines the effectiveness of 
surface energy in inducing growth of junctions is deter- 
mined mainly by the flow stress. 

For a model such as we have postulated, using conical 
asperities well spaced out on the surfaces, the effect of 
surface energy will be to increase the real area of contact 
slightly (what we know of the size distribution of junctions 
suggests for steel the increase will be of the order of 5%, 
for lead of the order of 40%). On the reasonable assumption 
that the friction force is proportional to the real area of 
contact, the friction coefficient is increased by the same 
percentage. 

If on the other hand, we have our asperities close to- 
gether and moreover the cones are of limited height, the 
increase in size of the junctions may be sufficient to cause a 
number of junctions to run into each other, and form one 
very large junction, of area far greater than would be given 
by the plasticity equation. This process leads to galling. 
On this basis, we can clearly make a number of predictions 
as to the factors influencing galling: 

1. Use of unlike metals will in general discourage galling, 
since then the expression for Wx contains a negative 
term. This indeed is observed (1). 

2. It is known that surface energies are largest for metals 
freshly cleaned in vacuo and least for metals with 
strongly adsorbed surface films, so that we expect out- 
gassed metals to gall most readily, and surfaces with 
chemisorbed films to gall the least (4). 

3. Hard surfaces can be expected to gall less readily than 
soft ones (Fig. 3). 
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Fic. 3. Friction coefficients of metals as a function of their hardness 
(data mainly taken from ref. 4, p. 325). Only the soft metals show 
the high friction accompanying galling. The metals with hexagonal 
structure also gall, but with lower friction coefficients. 





4. Rough surfaces will gall less than smooth ones (5). 
5. Well run-in surfaces with the junctions well spread out 
also resist galling (6). 
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6. Galling is accompanied by an increase in the size of 
junctions and a diminution in the number of junctions, 
and hence friction force fluctuations become more 
severe (7). 

7. Increasing the load makes galling more likely, since 
on the one hand it increases the possibility of the 
adsorbed and oxide films being penetrated with 
increased naked metal contact, while on the other 
hand it becomes more likely that individual junctions 
will spread into each other. 

If the temperature is raised, Wx for clean surfaces in 
vacuo remains nearly constant, while p gradually becomes 
smaller, so that there will be a slight tendency for galling to 
become more pronounced. In air this trend is greatly 
accelerated by the boiling off of adsorbed water vapor and 
other films as the temperature is raised even moderately 
(say to 100°C). Thereafter there is little change (with 
metals of high melting point) until the temperature is 
raised sufficiently to cause the formation of thick oxide 
layers. These frequently lower Wx, whereupon galling 
ceases. Friction data for steel are shown in Fig. 4. 
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Fic. 4. Friction coefficient as a function of temperature for steel 

surfaces. Galling starts when the temperature is raised sufficiently 

to boil off surface film, but ceases as the temperature is raised sti)] 
further. 


Energy balance for lubricated surfaces; first transi- 
tion 

Now suppose we have surfaces covered by a lubricant. 
We shall assume that each surface of area 1 cm? is initially 
covered by an adsorbed monolayer, that the surfaces are 
brought into contact, and then sufficient load is applied 
so that the whole of each surface is in a state of incipient 
plastic flow (Fig. 5). This will involve a load of 400 kg if 
the surfaces are lead and 20,000 kg if they are steel. We 
have now to determine whether the monolayers are stable. 
This question may be resolved by assuming flat surfaces 
and setting up an energy balance for the films. 

Organic materials used as additives in lubricants for 
laboratory tests are normally long chains of carbon atoms, 
perhaps 30 A in length and 20 A? cross-sectional area, 
with an active end group. Adsorption energies for these 
compounds are of the order of 10 kilocal/gm mol(8). If we 
remove one monolayer from 1 cm? of surface, we must 
perform an amount of work equal to 


10 x 108 x 4.2 x 10’ x (6 x 10%)-1 x (20 x 10%)" 


no. of molecules 
per cm*. 


no. of conversion conversion 
to ergs to 1 molecule 


= 350 ergs 

However, in the process our load can move downward 
through 30 A, and can perform 120 ergs of work if the sur- 
faces are lead (4 x 108 x 30 x 10-5), 6000 ergs of work if 
they are steel (2 x 10° x 30 x 10-). Thus we conclude 
that for any but the softest metals the adsorbed film is, from 
an energy point of view, not stable, since the load will be 
sufficient to squeeze it out. 
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Fic. 5. Schematic representation of lubricated flat surfaces pressed 
together. 


In general, for an adsorbed film consisting of molecules 
of area a and length h, with adsorption energy of K kilo- 
cal/gm mol 


7 x 10-*“K 
the work on removing the layer—= eee cores ergs [5] 
Gowetdenevhen the surfaces — ph ergs [6] 
For stability 
7 xX 10-"K 
lea les kg 


or writing v as the volume per molecule 


7 xX 10-*K 
v< —— 





[7] 


Putting K = 10, an average value for adsorbed films of all 
kinds, and p = 2 x 10% we find 


v < 35 As 


Thus only very small molecules are likely to be stable against 
being squeezed out between steel surfaces. Small molecules 
are not generally used as lubricants because at ordinary 
temperatures they do not form complete monolayers. At 
low temperatures, however, substances such as liquid 
nitrogen can prevent galling (9). 

Once we have removed the first monolayer, the second 
will go still more readily because, as shown earlier, surface 
energy is generated, of the order of 1000 ergs/cm?, as the 
two surfaces come together, and this increases the thermo- 
dynamic instability of the surfaces. 

Why then do the adsorbed films remain? Clearly for one 
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reason and one reason alone; namely, that their mobility is 
low. This deduction is confirmed by experiments which 
show that a solid film, even if its adsorption energy is low, 
provides better protection against adhesion and wear than 
does a molten film, even if of high adsorption energy (1). 

Since organic substances such as soaps do not have a 
sharp melting point but rather a gradual softening point, 
the temperature at which good lubrication ceases, i.e., at 
which the lubricant film is soft enough to be squeezed 
out, is a function of a number of factors, among them the 
sliding velocity. Figure 6 is a plot of the transition tem- 
perature (as determined by friction and transfer measure- 
ments) as a function of sliding velocity for copper surfaces 
lubricated by copper palmitate. There is a definite_trend 
for the transition temperature to rise with the sliding speed. 
(This naturally assumes that the speeds are low enough to 
minimize frictional heating. If they are not, the opposite 
relation is observed) (10). However, apart from this the 
transition is associated with a definite physical phenome- 
non, and hence is reasonably well defined. For substances 
with a sharp melting point, it should be even moe definite. 
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Fic. 6. First transition temperature as a function of sliding velocity 

(using low speeds) for copper surfaces lubricated with ferric 

palmitate. 





The second transition 


A film of lubricant, even if molten, still plays an important 
part in keeping friction and surface damage low. It achieves 
this by lowering the surface energy Wx of the metals in 
contact. As the temperature is raised, however, desorption 
of the film takes place, the surface energy increases, and 
eventually growth of the junctions becomes possible, 
exactly as in the case of the unlubricated surfaces discussed 
earlier. When this occurs, the surfaces gall in exactly the 
same way as if no lubricant were present (1). 

The temperature at which galling commences is a func- 
tion not only of the lubricant, but also of the metal. Thus 
mineral oil at room temperature can prevent the galling of 
copper sliding on copper (1) but not of lead sliding on 


_lead (11), since the latter combination has too high a 


value of Wx/p. 

In contrast to the'first transition, this second one does not 
correspond to any definite physical phenomenon. The de- 
sorption of the lubricant film takes place continuously as 
the temperature is raised, and Wx increases likewise. 
At some temperature, definite only for that system, Wx 
becomes sufficiently great to initiate galling. Attempts to 
tie this transition to the temperature at which the film 
boils off in vacuo (12), or at which the contact angle of the 
film reaches 90° (8) cannot be really successful except that 
all these effects are associated with the same basic pheno- 
menon; namely, the desorption of the lubricant film. 
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Fic. 7. First and second transition temperatures for various metals 

plotted as a function of their hardness. The first transition tem- 

perature is nearly constant, but the second is higher for the harder 
metals, 


Figure 7 shows temperatures for the first and second tran- 
sitions of various metals lubricated by copper palmitate 
plotted as a function of p. Although the first transition is 
nearly the same for all of them, the second varies widely, 
and, in general, high values of p are associated with high 
transition temperatures. 


Discussion 


In this paper we have considered the factors which pro- 
duce poor sliding conditions on the one hand and good 
lubrication on the other. Unlike other workers, we have 
been satisfied with accepting order-of-magnitude estimates 
of parameters such as Wx because more specific values do 
not appear to be available in any quantity and are sorely 
missed. Similarly far too little is known of the inherent 
roughness of surfaces during sliding and of the size distri- 
bution of the junctions, particularly the small ones which 
have the largest ratio of surface to volume energies and 
hence are most likely to initiate galling. 

The first of our two simple equilibrium equations serves 
to show up the variables producing severe damage of 
sliding surfaces. Our parameter Wx cot6/p is similar to 
that given by Machlin and Yankee (13), namely, Wx/s, 
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where s is the shear strength of the weaker metal at the 
junction, but introduces surface roughness as an important 
variable. The criterion used by Coffin (14) namely, mutual 
solubility, is analogous in that mutually soluble metals 
can be expected to have a high work of adhesion. The 
classification of Roach, Goodzeit and Hunnicutt (15) on the 
other hand seems quite different in that it is based on position 
in the periodic table. However it is noteworthy that if all 
the metals in their Table 2 whose surface tensions are given 
by Bondi (3) (17 in all) are considered, the average surface 
tensions of their metals are as follows: 


Metals with good wear resistance = 531 ergs/cm? 


Ge baa at = 611 ergs/cm? 
” », poor ” ” = §14 ergs/cm? 
” » Very poor ” = 1315 ergs/cm? 


Their results are at any rate in the same direction as 
predictions based on surface energy considerations. 

The basic distinction between our theory and others is 
that we show how high adhesive energy leads to growth of 
the real area of contact and hence to galling, while the 
others merely determine the conditions for strong junction 
formation. Since the growth of the real area during seizing 
and galling can be experimentally observed, it is a source 
for satisfaction to confirm this process mathematically. 

The reasoning by which the equilibrium equation was 
obtained can be modified to bring in the elastic energy and 
thus used to calculate the adhesion coefficients of metals in 
contact. The results of McFarlane and Tabor (16) that 
only indium and, to a lesser extent, lead adhere to any 
degree can then be explained on the basis of these metals’ 
high Wx/p factor. 

The fact that galling of unlike metals sometimes occurs 
only after prolonged sliding is a natural consequence of the 
fact that Wx is larger for like than for unlike metal com- 
binations. Only after the transfer of wear fragments of one 
surface on to the other does Wx become large enough for 
galling to be possible (17). 

The second relationship, in regard to the stability of 
adsorbed layers, throws light on the otherwise anomalous 
fact, especially when viewed beside the galling criterion 
which is based on surface energy, that a liquid film of high 
adhesive strength performs so much more poorly as a 
lubricant than does a solid film of low adhesive strength. 

The further fact that liquid films of low molecular 
volume can be energetically stable on hard surfaces may 
explain how small molecules such as methylene iodide 
provide good protection against galling for difficult-to- 
lubricate metals like titanium (18), while, according to the 
classical view, a longer molecule should be far preferable. 

The third point made in the paper concerns the second 
transition temperature and its variability. The second transi- 
tion should be viewed as a modification of the galling factor 


Wx cot 0/p by the adsorbed lubricant which lowers the 
value of Wx. Clearly the same lubricant will produce far 
different effects on different metal combinations, as Coffin 
has previously shown (9). Hence close correlation with 
other desorption effects are not to be expected. 
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The Role of Atmospheric Oxidation in High Speed 
Sliding Phenomena —Ii 


By M. COCKS! 


An experimental study of the role of oxidation due to frictional heating in unlubricated high 
speed (13000 ft/min) sliding of metals is discussed. Detailed results for steel on steel have been 
described in another paper (1). This paper discusses a general picture correlating the results for 
several metal combinations and also a bonded metal carbide. The results indicate that the 
oxidation gives considerable protection against surface damage. With copper on copper 
(previously run-in), copper on steel, and bonded tungsten carbide on bonded carbide relatively 
little tearing of the metal (or carbide) is observed at light loads. The oxidation should increase 
with increasing load, and these combinations behave like steel on steel in that on at least one of 
the surfaces there is, if anything, even less metallic tearing at high load. At low loads wear is 
mild, in harmony with the oxide protection, but at higher loads severe wear is attributed to dis- 
integration within the oxide itself. With nickel on nickel the oxidation fails to prevent fairly 
severe metallic tearing even at high loads. Some consequences of these phenomena in the varia- 





tion of friction, wear and surface damage with load, speed and sample geometry are described. 


Introduction 


IN low speed sliding of metals, friction and surface damage 
are believed to be associated with the formation and tearing 
of welded junctions between the surfaces (2, 3). Oxide and 
other non-metallic surface films have been shown to have a 
major influence in inhibiting this welding (4, 5, 6, 7). Thus 
it is to be expected that the sliding process at higher speeds 
will be modified by the accelerated oxidation due to fric- 
tional heating. Effects of this nature have already received 
some attention from other workers, particularly Johnson, 
Swikert and Bisson (8, 9, 10). 

This paper discusses a study of the way in which various 
factors affect the role played by such oxidation at a sliding 
speed of 66 m/sec (13,000 ft/min) without lubricant. De- 
tailed results for steel surfaces have been described in 
another paper (1). This paper presents a more general 
picture, correlating the results so far obtained for a number 
of materials. 


Experimental procedure 


A wear apparatus designed by Mr. Brooks of this labora- 
tory (11) was used in the experiments. The configuration 
of the sliding surfaces is as shown in Fig. 1. The lower, 
stationary test piece (A) has a raised circular ridge of mean 
diameter 1.45 cm. It is pressed against a flat upper one (B), 
rotating at high speed, to form an annular apparent area of 
contact of 0.35 cm?. These samples will be referred to as 
ridge and flat samples respectively. Prior to the experiments 
all samples except the bonded tungsten carbide were lapped 
on cast iron laps and then brought to a bright finish with 
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metallographic papers. The tungsten carbide samples were 
polished on a diamond wheel. All samples were washed with 
soap and water, rinsed in tap water and then degreased in 
trichloroethylene vapor degreaser. This cleaning was 


FLAT SAMPLE B 


RIDGE SAMPLE A 





Fic. 1. Sample geometry in high speed wear machine. 


deemed sufficient, since new surface was generated very 
rapidly during the experiments. The experiments were 
performed in the laboratory atmosphere, except for a few 
friction experiments where an argon atmosphere was 
supplied. The wear on the samples was measured by 
weighing them before and after each experiment. 


Steel on steel 


The results for the other materials will be examined in 
the light of the picture of the sliding phenomena which was 
presented in the paper on the results for steel on steel (1). 
Microscopic examination of the steel surfaces after sliding 
at 66 m/sec showed that at loads of two or three hundred 
grams fairly severe damage suggestive of the formation and 
rupture or tearing of welds was produced. At higher loads 
this tearing was much less severe. Also, the surface of the 
flat sample was more severely torn than the ridge sample. 
At loads above about 800 gm metallic tearing visible under 











102 M. Cocks 


the microscope was virtually eliminated from the ridge 
sample. This sample became smooth and covered with a 
black film, though there was still considerable tearing on 
the flat sample. 

The decreasing severity of tearing with increasing load 
was attributed to the greater amount of protective oxidation 
resulting from the increased frictional heating at higher 
loads. With hardened steel it was possible to demonstrate 
that the temperature at the surface of the samples did, in 
fact, increase very rapidly with load. The frictional heating 
softened the surface layers of metal, and subsequent hard- 
ness measurements were used to estimate the temperature 
in a layer about 30 to 50 microns deep. The results are 
shown in Fig. 2. In addition to the rise in temperature with 
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Fic. 2. Average temperature close to the surface vs. load for SAE 

1095 steel on SAE 1095 steel sliding at 66 m/sec. (Reproduced 

from Journal of Applied Physics, (ref. 1) with permission of the 
Editor.) 


load there was a difference of about 200°C between the 
ridge and flat samples. A simple analysis of the flow of 
frictional heat showed that this was to be expected. The 
surfaces touch only in a number of small areas. It was shown 
that in other areas not at the moment in contact the flat 
sample must be cooler than the ridge. This temperature 
difference explains why there was less tearing on the ridge 
sample than the flat one. The higher temperature on the 
ridge sample would naturally cause more protective oxida- 
tion. When metallic tearing was eliminated from the ridge 
sample, the tearing on the flat one must have been produced 
by interaction with the oxide film. Metal to oxide adhesion 
was probably assisted by the high temperatures. These 
high temperatures presumably also caused metal fragments 
transferred to the ridge sample to be smeared out and oxi- 
dized rapidly. 

The decreasing amount of welding and tearing is ac- 
companied by a marked decrease in the coefficient of fric- 
tion with increasing load as shown in Fig. 3. Even at light 
loads the coefficient is very much less than is commonly 
observed for clean metals at low speeds. Experiments in an 
argon atmosphere confirmed that the low friction is due to 
oxidation. In argon the friction is much higher. Further- 
more, even in air the friction is relatively high for the first 
few seconds when clean and relatively unoxidized surfaces 
come into contact. On the other hand when a pair of samples 


is run at low load after previously running at high load, the 
friction is initially low and rises as sliding proceeds. This 
was to be expected since the thicker film formed at the 
high load must require time to wear away. 
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Fic. 3. Friction coefficient vs. load for SAE 1095 steel on SAE 

1095 steel, and for SAE 1020 steel on SAE 1020 steel sliding at a 

speed of 66 m/sec. (Reproduced from Journal of Applied Physics, 
(ref. 1) with permission of the Editor.) 


Figure 4 shows the wear rate as a function of load. The 
wear is associated with metallic tearing at loads up to about 
700 gm in the case of the ridge sample, and over the whole 
load range in the case of the flat sample. The lack of in- 
crease in wear rate over these ranges can be attributed to the 
increasing protective action of the oxide film. However, the 
elimination of metallic tearing from the ridge does not mean 
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Fic. 4. Wear rate vs. load for SAE 1095 steel on SAE 1095 steel 
sliding at 66 m/sec. (Reproduced from Yournal of Applied Physics 
(ref. 1) with permission of the Editor.) 
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a low wear rate. Further increase in load leads to a rapid 
rise in the wear rate. This must represent disintegration of 
the oxide itself. The mechanism has yet to be determined, 
but the results indicate that severe wear is taking place 
wholly within the oxide film. The rapid rise in wear rate is 
presumably associated with the rise in oxidation rate with 
temperature. It does not occur with the flat sample within 
the load range of this study, since this sample is much 
cooler. 


When the samples are run at a lower speed (19 m/sec) 
the surface damage at any given load is much more severe 
and the coefficient of friction is higher than at 66 m/sec. 
This was to be expected since less heat and less protective 
oxide is generated at the lower speed. For the same reason 
the reduction in speed should increase the wear in the load 
ranges where it is due to welding, but reduce it in the ranges 
where it is due to oxide disintegration. In harmony with 
this prediction, experiments show that with the ridge 
sample the wear at light loads is more rapid at 19 m/sec 
than at 66 m/sec but at heavy loads it is less rapid at the 
lower speed. With the flat sample it is more rapid at the 
lower speed at all loads. 


Other materials 


With the other combinations of materials studied the 
oxide again appeared to give considerable protection against 
surface damage in sliding at 66 m/sec. Figure 5 illustrates 
the type of information that was obtained by microscopic 
examination after sliding. This is a portion of the track on a 
flat copper sample after sliding against a steel ridge sample 
under a load of 280 gm. It was viewed under oblique (dark 
ground) illumination. The majority of the track was smooth 
and covered with a dark film, whereas the light irregular 
patches had a bright metallic luster. They appeared to 
consist of severely disturbed metal, such as could be pro- 
duced by welding and tearing. This surface damage clearly 
suggests that there has been very much less welding than is 
common in low speed unlubricated sliding. Table 1 sum- 
marizes qualitatively the surface damage observed and the 
effect of varying the load for the various materials studied. 
It also lists the load range over which each combination 
was studied as well as the wear rates at a relatively light 
load of 200 gm, and the average coefficients of friction. These 
coefficients were again much lower than those normally 
observed in low speed sliding of clean metals. Higher 





Fic. 5. Worn track on copper flat sample after sliding against a steel (SAE 1020) ridge sample. Load 280 gm. Speed 
66 m/sec. Magnification x 60. 
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TABLE 1 
Coefficient of Friction, Wear Rate, and Severity of Surface Damage for Several Combinations of Materials Sliding at 66 m|sec. 

















Tearing of metal (or carbide) Wear rate 
Samples Load at 200gm/ 
range Light Effect of Friction load 
Flat Ridge grams load increasing load coeff. mg/hr 
Steel (SAE 1095) | Steel 160-3300 | Severe Diminishes 0.07-0.15 1 2.0 
Copper Steel 160-1990 | Mild Remains mild on steel. Increases on 0.11-0.25 1 0.3 
copper 
Copper Copper 50-800 | Mild Diminishes slightly 0.20 1,2 
Bonded tungsten | Bonded tungsten | 125-1600 | Slight Remains slight 0.15 0.1 
carbide carbide (if any) 
Nickel Nickel 70-850 | Severe Remains severe 0,25-0.35 1 35 




















1 Varied with load. 


values were again observed for a few seconds when clean 
surfaces first came into contact. 


Copper on Steel—With a copper flat sample on a steel 
ridge sample both surfaces acquired a dark film during 
sliding at all loads. At light loads (160 gm and 280 gm) 
the steel sample had a few small metallic torn patches. On 
increasing the load, tearing on this sample remained very 
slight. If anything, it again decreased. Electron diffraction 
patterns subsequently obtained from the surface indicated 
the presence of Fe,0,. However, with the copper (Fig. 5), 
tearing became more extensive with increasing load, and 
was quite severe at loads near 2 kg. The coefficient of 
friction decreased from 0.25 at 160 gm load to 0.11 at 1990 


A very marked increase in friction on running in argon 
again confirmed that the low friction was associated with 
oxidation. The experimental procedure for demonstrating 
this was the same as that used with the steel on steel (1). 
The samples were run in a chamber that was not quite gas- 
tight, and by switching a stream of argon on and off it was 
possible to alternate fairly rapidly between oxidizing and 
inert atmosphere conditions. A typical result is shown in 
Fig. 6. When the argon was switched on the friction rose 
after a short period, which was presumably the time re- 
quired to sweep the air out of the chamber and to wear off 
the oxide film already present. When the argon was 
switched off, the friction fell back to its original value. 
Presumably, the oxidation was restored by leakage of air 
into the chamber. 
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Fic. 6, Effect of inert atmosphere on friction for copper on SAE 
1020 steel. Load 910 gm. Speed 66 m/sec. 


At light loads, the wear rate (Table 1) was much less 
than for steel on steel, in harmony with the relative freedom 
from tearing. However, the wear rate again increased fairly 
rapidly with increasing load (Fig. 7), and the increase was 
again considerably greater in the case of the ridge sample 
than the flat one in spite of the absence of severe tearing 
from the former. In other words, the steel wore more 
rapidly than the copper. 
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Fic. 7. Wear rate vs. load for copper on SAE 1020 steel sliding 
at 66 m/sec. 


Copper on Copper—With copper on copper, there was very 
little metallic tearing at any load if the oxide once had a 
chance to become established. When clean surfaces came 
into contact, severe tearing occured at first. At high loads, 
this caused rapid disintegration of the samples. However, 




















The Role of Atmospheric Oxidation in High Speed Sliding Phenomena : II 105 


at loads of 50 or 100 gm flat areas covered with dark film 
formed in the high parts after a few minutes and these areas 
grew as sliding proceeded. The samples could then be run 
at higher loads without much further damage. Microscopic 
examination indicated that after this running-in, sliding at 
light loads produced metallic tearing only in small spots 
scattered over the surface. At higher loads even this small 
amount of tearing virtually disappeared. This freedom 
from tearing is quite striking in contrast with the tendency 
of this metal to seize in low speed sliding. Electron diffrac- 
tion patterns obtained from the surfaces were identified as 
being due to CuO with possibly also some Cu,O. The 
friction coefficient was 0.20 and did not vary significantly 
with load. In contrast with other materials the low friction 
persisted even when the samples were run in argon. 
Presumably, the small amount of oxygen leaking into the 
stream of argon was sufficient to maintain an effective 
oxide film with this metal. 

At light loads, the wear rate was again much less than 
for steel on steel in harmony with the freedom from tearing. 
Figure 8 shows that the wear again increased fairly rapidly 
with load and at high loads it was higher for the ridge 
sample than the flat one. 
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Fic. 8. Wear rate vs. load for copper on copper sliding at 66 m/sec. 





Bonded Tungsten Carbide on Bonded Tungsten Carbide— 
With bonded tungsten carbide on bonded tungsten carbide, 
there may have been slight tearing. The microscopic 
evidence was difficult to interpret, but if there was any 
tearing it was very mild. This was true at all loads studied. 
The coefficient of friction was about 0.15 and showed very 
little variation with load. The wear rate at loads below 500 
gm was very small, but above this load it began to increase 
fairly rapidly with load and was again greater for the ridge 
sample than the flat one, At all loads, this material normally 
gave the lowest wear rate of any of the combinations studied. 
However, it was occasionally subject to sudden unexpected 
disasters involving catastrophic wear. The cause of these 
disasters is not at present understood, but it is believed that 
they may be associated with cracks which appear in the 
carbide surfaces during sliding. 


Nickel on Nickel—With nickel on nickel the surfaces 
suffered severe metallic tearing at all loads studied. Both 


surfaces had a visible dark grey film after sliding, but at 
light loads (~100 gm) this was interrupted by a fairly 
dense distribution of torn patches. At higher loads, these 
torn patches became much larger, though they became 
fewer in number. Electron diffraction patterns of NiO were 
obtained from the surfaces. The coefficient of friction was 
higher than for any of the other materials. However, it was 
still considerably less than for clean metals sliding at low 
speed, and experiments with argon again showed a very 
marked rise in friction when the argon was admitted. In 
air, the coefficient decreased somewhat with increasing load. 
The wear rate increased rapidly with load and was of the 
order of nearly 100 times greater than for the other materials. 
There was no systematic difference between the wear of 
the ridge and flat samples. 


Discussion 


As has already been observed by other workers (8, 9, 10), 
the oxides generated in high speed sliding of metals generally 
give more protection against welding than those normally 
present on clean surfaces sliding at low speeds. With the 
material combinations studied here (without any applied 
lubricant), microscopic examination showed in every case 
that only a fraction of the surface had suffered metallic 
tearing, the remainder being covered with dark film. With 
some combinations the tearing was very slight. In several 
cases electron diffraction patterns of the oxides were ob- 
tained from the surfaces. The relative freedom from welding 
was also evidenced by the low values of friction coefficient 
observed. The higher values observed in an argon atmos- 
phere and during the first few seconds when clean surfaces 
came into contact are consistent with the protective role 
attributed to the oxidation. In the case of the bonded tung- 
sten carbide, there is some question as to whether the free- 
dom from tearing should be attributed to oxidation or to 
the hardness and nonmetallic character of the material. 
However, the evidence of the friction measurements seems 
to indicate that a protective film is generated just as with 
the other materials. Furthermore, Shooter (12) has shown 
that such carbides can suffer severe tearing in sliding at 
lower speeds. 

In low speed sliding of metals, prevention of metal to 
metal contact is sometimes possible at light loads (13, 14, 
15), but the oxide films usually break down at higher loads. 
However, in the high speed sliding experiments with steel 
on steel (1) there was actually considerably less tearing at 
high loads than at low loads, due to the greater amount of 
protective oxidation associated with the increased heat 
generation. With other materials also, the oxidation rate 
presumably increases with load. However, the extent to 
which this improves the protection against metallic inter- 
action must depend on such factors as the mechanical 
properties of the oxide and of the underlying metal and the 
adhesion between the metal and the oxide. With metals 
such as steel, where several oxides exist, there may also be 
changes in the protective properties of the film due to 
changes in the relative proportions of the different oxides 
present in the film. Thus the way in which the oxide pro- 
tection responds to changing load can vary considerably. 
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With steel on steel the oxide protection is only moderate 
at light loads, but the improvement with increasing load is 
more than enough to offset the increase in load. With cop- 
per on copper and bonded tungsten carbide on bonded tung- 
sten carbide the oxide affords good protection at all loads. If 
anything, tearing is a little milder at high loads than at low 
loads. On the other hand, with nickel on nickel tearing is 
severe at all loads, and with the copper member of copper 
on steel the tearing becomes more severe as the load in- 
creases. If there were no improvement in the protective 
properties of the film, the welded area would probably 
increase at least proportionately with any increase in load. 
The extent of the tearing does not increase this rapidly, 
which indicates that there is some improvement, though not 
enough to offset the increase in load. With the copper on 
steel the two mating surfaces do not show the same beha- 
vior; on the steel surface there is very little tearing at any 
load. 

With the metals whose surfaces suffer fairly severe tearing 
the coefficient of friction decreases with increasing load, but 
when neither surface suffers appreciable metallic tearing 
the coefficient is independent of load. In the case of steel 
on sieel, the decrease in coefficient of friction with increas- 
ing load was due to the decrease in the extent of metallic 
welding. With nickel on nickel and coppez on steel the 
decrease in coefficient is understandable since the metallic 
tearing does not increase proportionately with the increas- 
ing load. With nickel on nickel the decrease is relatively 
small as was to be expected, but with copper on steel the 
decrease from 0.25 at 160 gm to 0.11 at 1990 gm is surpris- 
ingly large. With copper on copper and bonded tungsten 
carbide on bonded tungsten carbide, the friction coeffi- 
cient does not vary significantly with load. This was to be 
expected since there is little or no metallic interaction, and 
the friction presumably results from oxide-oxide interac- 
tion. 

In low speed sliding, Bowden and Leben (16) found that 
welding was less severe between surfaces of dissimilar metals 
than between surfaces of the same metal. Other workers 
have found that the mutual solubility of the sliding metals 
has an important influence on the degree of welding (17). 
However, such considerations seem to be less significant 
in high speed sliding. For example, copper on copper 
suffers very little metallic welding and tearing. Steel on 
steel is severely torn at light loads although it behaved as a 
dissimilar metal combination in low speed sliding. In this 
high speed sliding, the characteristics of the oxide are more 
important than the weldability of the metals. The com- 
plexity of the factors which determine the degree of pro- 
tection afforded by the oxide has already been mentioned. 
However, it is known that the degree of deformation suffered 
by the metal, and the ability of the oxide film to deform 
with it, are important factors (13). For example, Whitehead 
(13) found that in low speed sliding a hard oxide on a soft 
metal did not give good protection because the oxide could 
not readily deform with the metal. Thus the poor protec- 
tion observed here with nickel on nickel at all loads may 
well be associated with the fact that NiO is somewhat harder 
than nickel. This difference is likely to be accentuated at 
elevated temperatures since the oxide has a higher melting 


point (2090°C) than the metal (1455°C). On the other hand, 
Whitehead found that with copper on copper the film gave 
relatively good protection, because it was about the same 
hardness as the metal, and could readily deform with it. The 
good protection observed at high speed may well be largely 
due to this same property. The melting points of metal and 
oxide are fairly close. With the bonded tungsten carbide 
the good protection afforded by the film is probably re- 
lated to the fact that the carbide suffers very little deforma- 
tion under the loads applied. The film is already known to 
give good protection in low speed sliding (7). Similarly with 
copper on steel, the good protection afforded by the film on 
steel at all loads may be due to the fact that it suffers 
relatively little deformation against the softer copper. On the 
other hand, it is understandable that the film on copper may 
not be able to withstand the attack of the harder steel 
asperities. The difference between the hardnesses probably 
increases with increasing temperature on account of the 
higher melting point of steel, and this may contribute to the 
increase in severity of the tearing with load. In this case, as 
with steel on steel, the metal of one surface tears by inter- 
action with the oxide film on the other. Examples of metal 
to non-metal adhesion are already known. In high speed 
sliding, the adhesion is probably assisted by the high 
temperatures. 

An important conclusion from this work is that severe 
wear occurs without metallic interaction. Although situa- 
tions are known where oxidation and corrosion contribute 
to the wear, previous workers have usually found that in 
low speed unlubricated sliding the elimination of metallic 
interaction leads to low wear rates. Similarly in this high 
speed study, at light loads low wear rates were associated 
with the metals which had good protective films. However, 
when the load was increased beyond a certain point, these 
metals behaved like steel on steel in that the wear of one 
or both surfaces increased rapidly in spite of complete or 
almost complete coverage of the metal by protective oxide. 
The wear must then be due to some process in the oxide 
itself. The exact nature of the process is not at present 
clear. It might involve adhesion and tearing similar to that 
observed with metals, or it could result from the simple 
fracturing away of fragments under the impact of opposing 
asperities. It can occur on one of the surfaces while the other 
still suffers some metallic tearing, as in the case of steel on 
steel and copper on steel; or it can occur on both surfaces 
simultaneously, thus involving only oxide to oxide inter- 
action as in the case of copper on copper. The increase in 
wear rate with load is a logical consequence of the rapid 
increase in oxidation rate associated with a rise in tempera- 
ture. The very low wear rate with the bonded tungsten 
carbide implies that this material had the lowest oxidation 
rate. This is consistent with the observation that the pro- 
tective film seemed to be very thin. Under the microscope, 
the worn surface showed colored bands and patches which 
are believed to have been optical interference fringes in 
the film. This would indicate that the film thickness was of 
the order of a thousand or two Angstrom units (5-10 
microinches). 

Another consequence of this oxidation wear mechanism 
is that a higher wear rate is to be expected on the ridge 
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sample than the flat one since its surface is hotter. With all 
the metals which had the good protective films quite a 
large difference was observed. With steel on copper the steel 
wore considerably faster than the relatively soft copper. 
Thus the shapes of the bodies underlying the surfaces have 
a marked influence on their wear rate. With surfaces of 
dissimilar metals this can even cause the harder metal to 
wear faster than the soft one. With steel on steel, differences 
in the shapes of the underlying bodies also led to major 
differences in the severity of metallic tearing suffered by 
the two mating surfaces. Also with steel on steel, the change 
in wear mechanism with load produces the situation where 
the wear decreases with increasing speed at light loads, 
but increases with increasing speed at high loads. 

Nickel on nickel differs from the other materials in that 
the wear at all loads is probably mainly due to the severe 
metallic tearing that is observed, rather than to the oxidation 
mechanism, though oxidation may also contribute to some 
extent. There is no significant difference between the wear 
-rates on the two samples. The wear rate and friction coeffi- 
cient are both much higher than for any of the other com- 
binations of materials. 


Conclusions 


1. The oxide generated due to frictional heating gives 
considerable protection against metallic welding and tearing 
in high speed sliding without applied lubricant. With some 
combinations of sliding materials, such as copper on copper, 
- there is very little metallic interaction at all. The protective 
films do not necessarily break down on increasing the load. 

2. The degree of protection and the way in which it 
responds to changing load varies considerably from one 
combination to another. The differences can be explained 
in a general way in terms of the relative hardnesses of the 
oxide and the metal. 

3. In cases where there is little or no metallic tearing the 
friction coefficient is independent of load, but when one 
or both of the surfaces suffer fairly severe metallic tearing 
Amontons’ law ceases to apply, and the coefficient decreases 
with increasing load. 

4. The exceptionally rapid wear with nickel on nickel is 
associated with severe welding and tearing, but with other 
combinations where the oxide prevents metallic welding at 
high loads severe wear can still occur on one or both sur- 
faces by another mechanism of disintegration within the 
oxide film. 

5. A feature of this latter mechanism is that the wear rate 
is profoundly influenced by the geometry of the metal body 
underlying the surface, through its influence on the sur- 
face temperature. This can result in situations where 
different metals slide on one another and the harder one 
wears considerably more rapidly than the softer one. 
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By L. F. COFFIN, Jr. 


Some experiments are reported on the sliding behavior of synthetic sapphire against certain 
fairly pure metals as a function of temperature. The initial selection of the sapphire-metal couple 
was determined on the basis of thermodynamic and physical consideration so as to produce, 
theoretically, a weak interfacial contact region. It was observed that this basis for selection of 
desirable sapphire-metal couples needed to be modified to include the effect of the surrounding 
atmosphere. For example, the couple sapphire-nickel should exhibit theoretically a low wear 
rate, weak adhesion and low friction. It was found, however, that the adhesion effects for this 
couple were highly sensitive to the presence of oxygen, and unless the oxygen was completely 
excluded, high friction and metal transfer occurred. The couple sapphire-gold, on the other 
hand, exhibited low friction and metal transfer regardless of atmosphere and elevated tempera- 
ture. Hence, it would appear that the resistance to oxide formation by the metal is an im- 
portant criterion for good sliding characteristics in metal-ceramics couples in sliding contact. 

Experiments on the sliding characteristics of these couples as a function of both high and low 

temperatures are included and discussed. 


A Fundamental Study of Synthetic Sapphire as a Bearing Material 





Introduction 


SYNTHETIC sapphire is of considerable interest as a bearing 
material. It is essentially a single crystal of Al,O, having the 
physical and chemical properties of that compound and the 
desirable mechanical properties of ceramic single crystals. 
It possesses good strength and corrosion resistance to a 
wide variety of media at high temperatures. For use as a 
bearing material, it is extremely hard, has good wear resis- 
tance, and can be produced with excellent surface finishes. 
It is, therefore, of interest to know more about the sliding 
characteristics of this substance with other materials in 
various media and at various temperatures so that its poten- 
tialities as a bearing might be more fully utilized. 

Among the important factors which determine the 
sliding characteristics of mating materials are mechanical 
interference of the mating surfaces and adhesion of mating 
asperities (1, 2). For metallic couples, the wide variations 
in observed sliding characteristics can be explained by the 
pronounced differences in interfacial adhesion. At least 
three theories have been suggested to account for the 
effects observed, based on the mutual physical and chemical 
characteristics of the couples involved (3, 4, 5). Hence, the 
establishment of criteria for the selection of metal-metal 
couples suggests the possibility that similar criteria can be 
developed for the selection of metal-ceramic systems. 

One possible criterion for selecting metal-ceramic 


couples for favorable sliding characteristics is based on the . 


magnitude of the contact angle and work of adhesion of 
the couple, where the metal involved is in the molten state. 
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The work of adhesion, W;, and the contact angle @ are 
related by the relation 


Wi = Vig (1 + 08 8) (1) 


where y;, is the liquid metal surface tension. In recent 
studies on metal-ceramic interactions measurements of 
these properties were made for Si, Ni and Fe against Al,O, 
in various atmospheres (6, 7). Table 1 gives these results. _ 


TABLE 1 
Contact Angles and Work of Adhesion 
for Metals vs. A1,0, 











Work of 
Metal] Contact angle, deg. adhesion, dyn/cm 
Temp. 
Vac H, He Vac H, He mC 
Si _— 95° | 100° — 670 580 1450 
Ni 128° 133° | 133° 670 480 | 340 1500 
Fe —- wage |: a0" — 695 | 540 1550 























In another investigation, the interfacial reactions of metal- 
oxide combinations were explored. Results indicated that 
the degree of reactivity, correlated inversely with the con- 
tact angle. For example, Si-Al,O, at 1800°C showed a de- 
finite interfacial layer of a new product while Ni-Al,O, 
produced no reaction at 1800°C. 

The above information suggests that in selecting the 
mating metal for Al,O, to form a sliding couple, those 
metals which exhibit high contact angles and low work 
of adhesion should give the best reuslts. On this basis an 
experimental program was undertaken to explore some of 
the factors involved when synthetic sapphire was one of the 
materials of the sliding couple and nickel the other. 
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Apparatus and test procedure 


All of the tests described in this paper were performed on 
a disk and rider apparatus reported earlier (5). The essen- 
tial part of this apparatus is a hemispherical rider } in. 
diameter which rubs against the rim of a slowly rotating 
disk 2} in. in diameter. The gaseous environment surround- 
ing the disk and rider can be controlled as to composition 
and purity. For more details of the apparatus the reader is 
referred to the earlier paper. 
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Fic. 1. Boundary friction apparatus. 


The test procedure was in general the same for all tests at 
room temperature. For a particular gaseous environment a 
stepped load reaching a maximum of 466 grams was applied 
to the rider. A load of 186 grams was first applied for fifty 
revolutions; this was increased to 279 grams for the next 
fifty revolutions; between 100 and 200 revolutions the load 
was 373 grams and for the balance of the test the load was 
466 grams. The full load was maintained until some 330 
total revolutions of the disk had been completed. The 
frictional force was recorded continuously during the 
entire test. 


Materials 


The Al,O, riders were adapted from } in. diameter syn- 
thetic sapphire spheres. The spheres had a surface finish 
estimated to be less than 1 micron RMS in roughness. A 
special adapter was made to hold the spheres in the rider 
arm against the disk and special precautions were taken to 
prevent the spheres from rotating during rubbing. One 


sphere served for many tests; in each case a virgin surface 
on the sphere was used. 

The disks used were solid, as in the case of nickel, or had 
0.002 in. to 0.003 in. rims, as in the case of silver, gold 
platinum, and rhodium. The base metal in all cases was 
nickel, 

No special precautions were taken with the various 
atmospheres used. In all cases the gases used were of tank 
grade and were dried over CaCl,. No effort was made to 
purify the gases further. The system was flushed thoroughly 
before each test. 


Experimental program 

(a) Nickel vs. Sapphire for Various Atmospheres—As in- 
dicated above, contact angle measurements make nickel 
vs. sapphire attractive as a bearing combination. Following 
the procedure outlined above, this couple was investigated 
in a variety of atmospheres. The results are shown in Fig. 2 
and Table 2. The effect of oxygen on the sliding character- 
istics of the couple is particularly significant. With an 
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Fic. 2. Wear tracks on nickel disk sapphire rider. 


atmosphere of air the friction coefficient is high, and the 
wear track abraded (Fig. 2). With a complete oxygen atmos- 
phere, the effect is much more pronounced, the friction 
coefficient rising to as high as 3.0 during the course of the 
run, and the wear track becoming very wide and abraded. 
On the other hand in the presence of an inert atmosphere 
such as helium, sliding characteristics of the couple are 
substantially different. Here the friction coefficient obtained 
by continuous sliding remains at about 0.55, and the wear 
track is very thin and polished, giving no indication of 
strong adhesion at the interface of the nickel and sapphire. 
The contact areas on the rider give similar evidence of the 
wide difference in the sliding characteristics produced by 
the atmosphere. These are not shown here because of photo- 
graphic difficulties. However, in the presence of oxygen, the 
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. TABLE 2 
Coefficients of Friction for Sapphire Rider Against Metal Disks in Various Room Temperature Atmospheres 








V = 21 in./min We site = 466 gm. 
Atmosphere | Coefficient of friction 
Nickel Gold Silver Platinum Rhodium 
disk disk disk disk disk 
Air 0.95 —_ inte ‘tine aed 
Oxygen 0.6 to 3.0 0.38 0.55 0.62 0.63 to 1.9 
Helium 0.55 0.36 0.43 0.5 0.63 
Hydrogen 0.70 0.37 — aa His 
Water 0.73 : a — ~ _ 
Water 0.58 0.47 0.55 0.72 — 
(deaerated) 








contact area is large and particles of nickel are observed to be 
adhering to the surface. For the helium atmosphere the 
contact area could not be found on the spherical rider 
surface. 

Other atmospheres produced far less drastic effects than 
oxygen. Dry hydrogen leads to a somewhat higher friction 
coefficient (f= 0.7) and a broader wear track than helium, 
but there is no evidence that seizure of mating asperities is 
occurring. Water apparently affords no better boundary 
lubricating qualities than hydrogen gas. It is interesting to 
observe that a difference in both friction coefficient and 
appearance of wear track occurs when the deionized water 
is deaerated. One might surmise that the dissolved gases 
in the water play a role. Note that deaeration of the water 
decreases the friction coefficient from 0.73 to 0.58 and 
changes the wear track from a somewhat scuffed and wavy 
surface to a smooth polished track. 


(b) Gold vs. Sapphire for Various Atmospheres—The 
pronounced sensitivity of the nickel-sapphire couple to 
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Fic. 3. Wear tracks on gold-plated nickel disk sapphire rider. 


oxygen suggests the formation and interaction of NiO with 
Al,O, at the asperity interface, as discussed below. To 
support this contention and in a search for suitable bearing 
couples under broad atmospheric conditions, the noble 
metals were also examined because of their resistance to 
the formation of oxygen. 

Considering first gold vs. sapphire, room temperature 
sliding tests were made in a variety of atmospheres. Results 
are shown in Fig. 3 and Table 3. Under continuous sliding 
it is seen in Table 1 that the friction coefficients are com- 
pletely insensitive to the gaseous atmosphere used (at least 
for oxygen, hydrogen and helium), ranging from 0.36 to 
0.38. On the other hand, a modification in the wear track 
appearance is found for hydrogen, the track being quite 
striated. : 

Deaerated water appears to increase the adhesion be- 
tween the sliding surfaces, raising the friction coefficent 
from 0.36 to 0.47. The wear track reflects this increase, 
being somewhat wider and deeper than for the gaseous 
atmosphere. The complete absence of any boundary lubri- 
cation by the water is apparent. 


(c) Silver vs. Sapphire for Various Atmospheres—Tests 
on silver-plated nickel disks show more sensitivity to oxygen 
than gold, when sliding against sapphire. The coefficient of 
friction in oxygen is higher (0.64 vs. 0.43) while the wear 
track is, if anything, somewhat smoother, as seen in Fig. 4. 
Unfortunately the width of the wear track for the oxygen 
run is partially obscured by the wear track for deaerated 
water. The deaerated water run was repeated, producing a 
rougher track than for the gaseous environments, and a 
friction coefficient about equal to the oxygen atmosphere. 
There is no obvious explanation for the somewhat higher 
friction coefficient for the oxygen atmosphere in com- 
parison to helium. 


(d) Platinum vs. Sapphire for Various Atmospheres—A 
platinum-plated nickel disk shows effects somewhat similar 
to the silver-plated disk under repeated sliding in various 
atmospheric environments. Helium produces the disk 
coefficient (f= 0.45) and the smoothest wear track (Fig. 5). 
The wear track in oxygen is about as wide, but somewhat 
rougher, and the coefficient of friction increases to 0.62. 
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Deaerated water gives a coefficient of friction of 0.72 and a 
rougher wear track than oxygen. The poor boundary 
lubricating qualities of water are again indicated. 
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Fic. 4. Wear tests on silver-plated disk sapphire rider. 
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Fic. 5. Wear tracks on platinum-plated disks sapphire rider. 


(e) Rhodium vs. Sapphire for Various Atmospheres—For 
the rhodium-plated nickel disk, a helium atmosphere leads 
to sliding without welding as seen in Fig. 6. Two wear 
tracks are shown; in one, the rider became loose, and the 
test was repeated. The friction coefficient during the second 
test rose to a maximum of about 0.63. In oxygen, a drastic 
difference was observed as is seen in Fig. 6. However, it is 
suspected that the plating was defective and that for most 
of the test the sapphire rider was rubbing against the nickel 


base. During the first fifty revolutions the coefficient of 
friction was about 0.63 for a load of 186 gm. Just after in- 
creasing the load to 279 gm the friction rose abruptly to 1.9. 
No tests were made in water. 
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Fic. 6. Wear tracks on rhodium-plated disk. 


(f) Effect of High Temperature—The high temperature 
sliding characteristics were investigated for a few cases 
where good room temperature behavior was exhibited. 
These included: nickel-sapphire in inert or reducing atmos- 
pheres, gold-sapphire and silver-sapphire in a helium atmos- 
phere. 
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Fic. 7. Nickel vs. sapphire in argon atmosphere for various 


temperatures. 


A typical result from these tests is shown in Fig. 7, in 
which nickel vs. sapphire was tested in argon at tempera- 
tures up to 400° C. Argon was used in preference to helium 
because its density provided more effective exclusion of 
oxygen. It will be noted that up to 330° C the friction 
coefficient remained constant; above this the friction rose 
sharply and remained high, even though the temperature 
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was subsequently reduced to nearly room temperature. It is 
suspected that the increase in friction is a result of oxide 
formation on the nickel, the presence of oxygen arising, 
perhaps, from adsorption; incomplete purging of the sys- 
tem, or from impurities in the argon atmosphere. Quite 
similar results in sliding characteristics were found for 
nickel-sapphire in helium. 

In hydrogen at elevated temperature the friction charac- 
teristics of the nickel-sapphire couple are somewhat irregu- 
lar, as seen in Fig. 8. Increasing temperature at first decreases 
and then increases the friction but the rise in friction is not 
as pronounced as in the case of the inert atmosphere. It is 
further noted that the friction coefficient is recoverable, 
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Fic. 8. Nickel vs. sapphire in hydrogen atmosphere for various 
temperatures. 


that is, when the temperature is lowered to room tempera- 
ture, the friction coefficient returns to its initial room 
temperature value. The behavior noted in Fig. 8 is suffi- 
ciently irregular as to make interpretation of the results 
difficult. 

High temperature runs have been made on gold-sapphire 
and silver-sapphire in a helium atmosphere. For both of 
these couples the friction remained low (f= 0.45) until 
quite high temperatures were reached, at which point the 
friction coefficient rose abruptly. For gold this abrupt 
increase occurred at 400° C, while for silver, the change 
occurred at 425° C. It was discovered in each case that the 
plate had been so deformed by the high temperature testing 
that the sapphire was actually making contact with the 
nickel base material. Consequently the limiting conditions 
of the test were the strength of the plating rather than the 
sliding characteristics of the couple. 


(g) Effect of Low Temperature—Low temperature friction 
tests have been carried out on nickel, silver, and gold disks 
vs. a sapphire rider in a dry helium atmosphere. Typical 
results are shown in Fig. 9, for a nickel-sapphire couple. A 
surprising feature of the experiment is a reversible increase 
in friction coefficient with the decreasing temperature. For 
example, decreasing the temperature from room tempera- 
ture to —121°C increases the friction coefficient from 0.7 to 
1.37. A subsequent increase in temperature to 10°C restores 
the friction coefficient to 0.7. The cyclic variation apparently 
can be repeated at will. It was observed that, accompanying 
the high friction at low temperature, a contact area could 


be found on the rider, in contrast to the situation at room 
temperature when there was no observable contact area. 
The reversible friction effect suggests a preferential adsorp- 
tion and desorption of the trace amounts of impurities in 
the helium environment. This interesting effect requires 
further study. 
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Fic. 9. Effect of low temperature on coefficient of friction of nickel 
vs. sapphire. 


Discussion of results 


Prior to a discussion of other observed experimental 
results, a review of related work by the investigators is 
pertinent. With respect to the role of atmosphere on ad- 
hesion, Blackburn, Shevlin, and Lowers (8), have studied 
the melting on alumina of chromium, nickel, cobalt and 
iron. For reducing atmospheres there was no wetting (the 
contact angle exceeded 90°) or adherence at temperatures 
up to 2800°F. In a controlled oxidizing atmosphere, how- 
ever, adherence and lowering of the contact angle was 
observed. The formation of the metal oxide in the oxidizing 
atmosphere and its reactions with Al,O, to form a spinel 
structure were suggested as the mechanism for the bond. 

Further work on the interaction between oxides was 
reported by Johnson (9). Although Al,O, was not studied, 
tests on ThO,, ZrO,, MgO, and BeO taken two at a time at 
temperatures ranging from 1800° to 2200°C in vacuo 
revealed that a liquid phase, or some liquid formation or 
adherence was found at the interface for all pairs studied. 

Some experimental work had been reported on the sliding 
characteristics of Al,O, as one or both halves of a pair in 
sliding contact. Wooster and MacDonald (10) have found 
that titanium will smear and adhere to the surface of several 
substances such as quartz, corundum and other jewels. 
Corundum is an impure form of sapphire and the fact that 
its adhesion with titanium is strong is in line with the in- 
dicated chemical reaction reported by Economos and 


Kingery (7). 
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Shotter (11) has found that iron oxide is formed at the 
tip of steel pivots in sapphire cup bearings and acts as an 
abrasive to increase the wear of the sapphire. Similarly, 
Stott (12) finds that this oxide debris actually increases the 
friction. He attributed this to a clogging action of the debris; 
however, in view of the interaction between iron oxide and 
aluminum oxide, it would seem more probable that the 
effect is due to increased adhesion. 

From the above reported work there is considerable 
evidence that the presence of oxygen would have a significant 
effect on the sliding characteristics of Al,O,-metal couples. 
The tests on sapphire-nickel in which the sliding character- 
istics are compared in air or oxygen and in helium or hydro- 
gen strongly support this viewpoint. The strong adherence 
of the couple in oxygen can be attributed to the formation of 
nickel oxide at the interface as a consequence of the high 
interfacial temperatures generated by the mating asperities. 
It is also possible that because of the very active, fully de- 
formed surface layers, chemical adsorption of oxygen on the 
nickel surface could occur at relatively lower surface temp- 
eratures to produce the same effect. At the present time 
the mechanism cannot be described further. 

The observation that the sliding characteristics of nickel 
on sapphire are outstanding in a helium atmosphere sup- 
ports the original thesis that contact angle measurements or 
the degree of surface interaction could serve as a criterion 
for selection of metal-ceramic sliding couples. Some differ- 
ence in the wear tracks in hydrogen and helium are noted, 
as seen in Fig. 2 and Table 2. The wider wear track and 
higher friction coefficient for hydrogen might be attributed 
to the differences in surface adherence and contact angles 
for the two gaseous environments. These differences in 
contact angles are shown in Table 1. 

The noble metals, including gold, silver, platinum, and 
rhodium were found to produce good sliding characteristics 
with synthetic sapphire. This appears to be the result both 
of resistance to oxide formation and lack of adhesion. There 
is no direct experimental measurement of the interactions 
and contact angles of these metals with Al,O,; however, 
from thermodynamic considerations one would expect no 
reaction and very high contact angles. The stability of 
these metals in the presence of oxygen reduces the possibil- 
ity of strong adhesion arising by the interaction of oxides. 

A slight increase in the friction coefficient and a rougher 
wear track was found for silver and platinum when an atmos- 
phere of oxygen was used. It is possible that an oxide effect 
may also be present here. It has been reported (13), for 
example, that weight losses occur when heating silver and 
platinum in an oxygen atmosphere. This weight loss in 
oxygen is five times that found when these metals are heated 
in air, and the loss is very small in nitrogen. This weight 
loss is attributed to the formation and volatilization of an 
oxide. This effect might have an influence on the present 
tests. 

Results of the various tests in water point out that this 
fluid actually provides a poorer environment than helium, 
insofar as friction coefficient and wear track appearance are 
concerned. This is further evidence of the absence of any 
boundary lubricating qualities afforded by the water. It is 
observed that dissolved gases in the water have a detri- 


H 


mental effect on the sliding behavior of the nickel-sapphire 
couple (Fig. 2). Further, as mentioned above, a change in 
the environment alters the contact angle and work of ad- 
hesion and this could affect the wear tracks. Finally, there 
may be chemical reactions occurring at the interface be- 
tween the water and the mating materials, the products of 
which could affect the adhesion and damage in sliding. The 
relative importance of each of these effects has not been 
studied here. 

The high temperature behavior of nickel-sapphire in 
tests in helium is interpreted as further evidence of the role 
of oxygen. The higher the ambient temperatures, the 
greater the rate of formation of nickel oxide from the im- 
purity oxygen in the helium atmosphere. It would be inter- 
esting to investigate the effect of helium purity on the high- 
temperature sliding characteristics to verify this inter- 
pretation. 

In the case of the tests in hydrogen for this same couple, a 
high-temperature effect is also found. Here water vapor 
may be an important factor in causing the friction rise at 
temperatures above 400°C. It is well known that oxide 
films on nickel and stainless steel can be formed in hydrogen 
at elevated temperatures unless great care is taken to remove 
the water vapor. Since this precaution was not taken, the 
hydrogen was probably of little help in preventing the 
formation of oxide films. Water vapor may also be an im- 
portant factor in the high temperature helium tests discussed 
above. 

The cyclic variation in friction of the different couples 
for temperature cycling below room temperature is sugges- 
tive of a reversible mechanism which affects the surface. 
Two possibilities exist. It is possible that adsorption and 
desorption of oxygen as an impurity in the helium is res- 
ponsible for the change in adhesion with temperature. It 
may also be that the partial pressure of water vapor in the 
gas may have been sufficiently high that the testing temper- 
atures were below the dewpoint. An icing of the surfaces 
could lead to increased friction, since ice at these temper- 
atures exhibits high sliding friction. 

It would appear from the above discussion that consid- 
erable speculation is required to interpret some of the 
results obtained. It is apparent that much more careful 
work under conditions of closer control are required before 
a clearer understanding of the various aspects of the 
problem can be obtained. 


Summary of results 


The above reported work may be summarized as follows: 

1. High contact angles and lack of surface reaction be- 
tween a metal in the molten state and synthetic sapphire 
appear to be satisfactory criteria for selection of couples for 
good sliding characteristics. 

2. From the experiments with nickel-sapphire it is shown 
that an oxygen environment has a strong influence on the 
sliding characteristics of the couple, producing high friction 
and pronounced surface damages. This sensitivity to 
oxygen would be expected to exist for most metal-metal 
oxide couples. 

3. In the presence of a helium atmosphere, the nickel- 
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sapphire couple exhibits good sliding characteristics typ- 
ified by relatively low friction, a smooth polished wear 
track and polishing of the contact area of the rider. 

4, The noble metals, and in particular gold, when sliding 
against sapphire, show little sensitivity to oxygen, and 
exhibit about the same behavior regardless of the gaseous 
atmosphere. The sliding characteristics here are similar 
to the nickel-sapphire couple in helium. 

5. Minor differences in sliding characteristics are observed 
for the noble metal-sapphire couples in various atmospheres. 
These differences are thought to be related to the differ- 
ences in contact angles obtained in the different media. 

6. The change in sliding characteristics of various metal- 
sapphire couples in helium accompanying an increase in 
temperature is attributed to chemical reactions between the 
metal surface and the impurity gases in the helium. 

7. The noble metal-sapphire couples exhibit an insensi- 
tivity to oxygen up to 400°C. Above this point the increased 
friction is attributed to a softening and wearing away of the 
metal plating. 

8. A reversible effect in friction is observed for these 
couples in helium when cycled between room temperature 
and —120°C. The effect is attributed either to increased 
adsorption of oxygen or icing of water vapor, each being 
an impurity in the helium. 
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Wear of Carbon-type Seal Materials with 
Varied Graphite Content 


By MAX A. SWIKERT! and ROBERT L. JOHNSON? 


Most carbon-type seal materials contain graphitic carbon as the minor constituent. Materials 
having graphite carbon as the major constituent were studied as possible seal materials at 
10,000 feet per minute sliding velocities, in most experiments the temperature of the mating 
surfaces was 500°F. Carbon materials made graphitic by electro-graphitization were too soft; 
they gave high wear and high friction. Bodies molded with high-graphite-content materials and 
made hard by improved molding methods and impregnation gave acceptable friction and wear 


properties. 


When a hardenable stainless steel was used, the effect of varied hardness of mating surface 
on wear of typical carbon was slight. Within a limited range, roughness of mating surface is 
not important to wear of carbons. 


Introduction 


SLIDING contact seals are very important to the develop- 
ment of turbine-type aircraft engines. They have lower 
leakage than the other common type of seal and thereby 
can contribute to solution of the very important problems of 
reducing oxidative degradation of the lubricant and of 
obtaining maximum engine efficiencies. 

Various types of carbon are the most widely used mater- 
ials for one of the contacting surfaces in a sliding seal. 
Previous research on wear and friction (1) and a considera- 
tion of the chemical properties of carbon indicates that 
carbon-type seal materials are temperature limited in the 
region of extreme interest for aircraft. Seals will be needed 
to operate adjacent to bearings with temperatures up to 
1000°F (2). With sliding interface temperatures likely to 
be substantially higher than ambient temperatures, it 
immediately becomes apparent that direct oxidation can 
cause prohibitive deterioration of seal rings that are pre- 
dominantly amorphous carbon since carbon begins to 
oxidize in air at 622°F (3). 

The oxidation of graphitic carbon in air begins at a 
higher temperature (842°F (3)) than that of amorphous 
carbon. In unreported tests, certain impregnants have been 
found very effective in reducing oxidation of graphitic 
carbon bodies at 1000°F. These facts suggest that highly 
graphitic carbon bodies merit continued consideration as 
high-temperature seal materials. 

An experimental study was therefore conducted to de- 
termine the influence of increased graphitic carbon content 
on wear and friction of carbon bodies suitable for use in 
sliding contact seals. Several other factors such as im- 
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pregnation of highly graphitic carbons, hardness of mating 
surface, and roughness of mating surface were also studied. 
The study was conducted with friction and wear appara- 
tus consisting basically of a loaded hemisphere of carbon 
sliding against the flat surface of a rotating metal disk. 
Runs were usually made with disk temperatures of 500°F 
with surface speeds of 10,000 feet per minute in an at- 
mosphere of dried air and with no lubrication. 


Materials 


Carbons—The carbon materials used in these experiments 
are listed in Tables 1 to 4 along with some properties of the 
materials. Strength, hardness, and certain other information, 
including very general descriptions of compositions, were 
made available by the manufacturers. The varied amounts of 
graphitic carbon were obtained by the manufacturer both 
by changing the basic formulation and through partial or 
full electrographitization of bodies that originally may have 
contained mostly amorphous carbon. 

Detailed information on formulations and degree of 
graphitization was not generally available. To determine the 
influence of graphitic carbon content on wear and friction, 
it was necessary to establish a basis for estimating the rela- 
tive graphitic carbon contents of the various bodies. This 
was done by measuring the axial electrical resistance of the 
cylindrical specimens (# in. diam.; ? in. long) and by 
measuring weight loss by oxidation. 

Materials were provided by manufacturers that could be 
used as standards; those carbons were known to be either 
completely amorphous carbon or fully electrographitized 
carbon. An arbitrary scale of relative graphite content was 
established with amorphous carbon considered as 1 and 
fully electrographitized carbon as 6. Oxidation of the same 
carbon formulation decreased by more than 20% with 
reduction of porosity from 10% to 24%. The effect of 
porosity on oxidation was assumed to be linear in the correc- 
tions made in the process of establishing relative graphite 
content. 
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Figure 1 shows electrical resistance and oxidation weight 
loss for the nonimpregnated carbons that were assigned to 
each of the six different groups considered to contain simi- 
lar proportions of graphitic carbon. After 72 hours at 900°F 
in air the bodies that had been completely amorphous car- 
bon had almost disappeared, only a slight ash residue re- 
mained. Several other bodies containing substantial amounts 
of graphite had slumped into powder as the result of oxida- 
tion attacking the carbon bond; no oxidation data are 
reported for such materials. 
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Fic. 1. Electrical resistance and oxidation of several nonimpreg- 
nated carbon-type seal materials with varied graphitic carbon 
content. 





Comparative porosity data obtained are given in Tables 
1 to 3 for nonimpregnated materials only. These values of 
porosity were obtained by water absorption are for compara- 
tive purposes only and must not be interpreted as absolute 
values. In all cases the absolute porosity of the material 
would be greater than the value reported. 

In most cases, wear experiments were run with both non- 


TABLE 1 
Typical Properties of Carbon-base Seal Matevials; Materials, 
Hardness Data, and Strength Data Provided ly Manufacturer. 
I 





impregnated materials and with these same materials having 
impregnation of a type preferred by the manufacturer. 
Impregnation usually increased hardness and transverse 
strength, but certain of the impregnants are considered 
primarily as oxidation inhibitors and therefore merit 
special interest. The organo-metallic complex impregnant 
was particularly effective as an oxidation inhibitor; a 
typical graphitic carbon treated with this impregnant had 
less than 20% of the oxidation weight loss experienced by 
the same carbon without impregnation. Other impregnants 
used included a phenol formaldehyde resin (cured at 400°F), 
a coal-tar pitch (baked at 1650°F) and a metal salt. 


TABLE 2 
Typical Properties of Carbon-base Seal Materials; Materials, 
Hardness Data, and Strength Data Provided by Manufacturer. 
II 








Material | Estimated | Porosity, | Average | Transverse 
code relative percent | hardness, strength, 
designation | graphite | (NACA |scleroscope psi 
(1) content data) (|(Mfg: data)) (Mfg. data) 
(2) 

I-A-2a 2 9 85 8600 
-5b 5 8 62 6300 
-6c 6 10 51 5200 

I-B-2a 2 oo 81 9600 
-5b 5 — 62 6800 
-6c 6 54 6500 

















(1) I-B materials are I-A materials with the addition of tar 
impregnation and gas bake. Suffixes a, b and c refer, respec- 
tively, to no additional treatment, partially electrographitized, 
and fully electrographitized. : 

(2) Completely amorphous carbon is 1 and fully electro- 
graphitized carbon is 6. 











Material | Estimated | Porosity, | Average | Transverse 
code relative percent | hardness, | strength, psi 
designation | graphite | (NACA |scleroscope} (Mfg. data) 
(1) content data) |(Mfg. data) 
(2) 

II-A-2a 2 14 87 9.000 (min) 

-2b 2 ao 90 11,000 

-2c 2 — 85 11,000 
II-B-3a 3 18.5 57 7,500 (min) 

-3c 3 — can ER 
II-C-3a 3 12 72 5,000 (min) 

-3c 3 — — — 
II-D-5a 5 18.5 45 5,000 

-5c 5 50 6,000 
II-E-6a 6 14.5 40 4,000 

-6c 6 a 45 5,000 
II-F-6c 6 i 65 6,500 
II-G-6a 6 7 77 6,800 

-6c 6 a 81 7,000 
II-H-la | 1 — ‘nie ie 














(1) Suffixes a, b and c refer, respectively, to no impregnation, 
phenol impregnation, and organo-metallic complex oxidation 
inhibiting impregnation. 

(2) Completely amorphous carbon is 1 and fully electro- 
graphitized carbon is 6. 


Mating Surfaces—Most of the data presented were ob- 
tained with the various grades of carbon sliding against 
chromium-plated steel. The effect of hardness on carbon 
was determined with type 440-C stainless-steel disks heat 
treated to obtain four different hardness values, Rockwell-C 
21, 32, 46 and 54. Data on the effect of surface roughness 
were obtained using type 347 stainless steel for the mating 
surface. 


Apparatus and procedure 


Specimen Preparation—The rider specimens of the car- 
bon materials were cylindrical (# in. diam.; } in. length) 
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Typical Properties of Carbon-base Seal Materials; Materials, 
Hardness Data, and Strength Data Provided by Manufacturer. 








iI 
Material Estimated | Porosity, | Average | Transverse 
code relative percent | hardness, | strength, psi 
designation graphite | (NACA |scleroscope} (Mfg. data) 
content data) (Mfg. data) 
(2) 
III-A-2a 2 9 75 10,000 
-2b 2 — 95 12,000 
III-B-2a 2 7 70 9,000 
-2b 2 — 80 10,000 
III-C-3a 3- 12 80 9,000 
III-D,-4a + 10 90 12,000 
-D,-4a 4 4 90 12,000 
-D,-4a 4 2.5 ati 12,000 
III-E-5a 5 11 — — 
-5b 5 — 90 10,000 
III-F-6a 6 13.5 60 7,000 
-6b 6 — 65 8,000 
III-G-la 1 bis _ —_ 

















(1) Suffixes a and b refer, respectively, to no impregnation and 
phenol impregnation. Subscripts 1, 2 and 3 indicate variations 
in molding method such as pressures to obtain greater 
density. 

(2) Completely amorphous carbon is 1 and fully electro- 
graphitized carbon is 6. 


TABLE 4 
Typical Properties of Carbon-base Seal Materials; Materials, 
Hardness Data, and Strength Data Provided by Manufacturer. 
IV 











Material Estimated | Porosity Average | Transverse 
code relative percent hardness strength, 
designation graphite |(Mfg. data) |Rockwell-E) (Mfg. data) 
(1) content (Mfg. data) psi 
(2) 
IV-A-3a 3 4} —_— —_ 
b 3 — 108 10,000-— 
12,000 
IV-B-3a 3 5 — _ 
b 3 — 107 10,000- 
12,000 
IV-C-5a 5 4 — — 
b ce — 95 9,500- 
11,000 

















(1) Suffixes a and b refer, respectively, to no impregnation and 
metallic salt impregnation. 

(2) Completely amorphous carbon is 1 and fully electro- 
graphitized carbon is 6. 


and had a hemispherical tip (4 in. rad.) on one end. The 
carbon rider specimens were soaked in distilled water for 
several hours, scrubbed with a small brush, and dried in an 
oven at 300°F for 2 hours. The specimens were then stored 
in a desiccator until used in the experiments. 
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Fic. 2. High temperature and high sliding velocity friction 
apparatus. 


Unless otherwise noted, the disk specimens were finished 
by circumferential grinding to a surface roughness of 4 
to 6 rms as measured with a profilometer. The disk speci- 
mens were carefully cleaned to remove all grease and other 
surface contamination. 


Apparatus—A diagrammatic sketch of the apparatus used 
for the wear and friction experiment reported herein is 
shown in Fig. 2. This apparatus had a disk specimen (13 in. 
diam.) rotated by a hydraulic motor assembly that provided 
accurate speed control. The disk specimen was mounted on 
a flywheel containing resistance heaters with its shaft 
supported and located by a mounting block which contained 
bearing assemblies. The flywheel heaters are capable of 
providing disk surface temperatures above 700°F with 
surface speeds of 10,000 feet per minute. In all the runs the 
atmosphere was clean, dry air with relative humidity 
usually less than 1%. 


Procedure—Wear volumes were calculated from the 
measured diameters of the wear areas on the carbon speci- 
mens obtained after the runs. Total carbon wear values 
could generally be reproduced within 10% in repeated 
experiments. 

The wear data presented were all obtained in 1 hour 
periods at a surface speed of 10,000 feet per minute and 
with a load of 1000 grams. In reference 1 runs made over 
periods of 1 to 29} hours showed essentially the same wear 
rates. In most runs and in the runs reported herein, unit _ 
load was continually changing. With unit loads from more 
than 173 to 41 pounds per square inch (1), the rate of wear 
of a carbon-type seal material was not affected by changing 
unit loads as long as total load was constant. Further, it was 
shown that wear rate increased linearly with greater total 
load and was independent of unit load within certain limits 
of the experiments. An extended run with one of the fully 
graphitized carbons (II-G-G6a) also showed wear to be 
independent of unit loading, giving a constant wear rate 
during the entire run. 

The nominal temperature of the disk surface was mea- 
sured by a thermocouple extending axially through the 
center of a cylindrical piece of carbon and sliding on the 








2 MS a EE 


inner edge of the disk surface. The specified test tempera- 
tures were maintained within +-10°F after initial tempera- 
ture stabilization. 


Wear and friction results and discussion 


Relative Graphite Content—A variety of carbon-seal 
materials with different amounts of graphite but which also 
included other variables were obtained from four sources. 
Any wear and friction trends that could be established with 
materials picked in such a random manner should also be 
valid where careful control of formulation and processing 
methods could be maintained. 

Figure 3 presents data obtained in a series of 1 hour 
runs with non-impregnated carbon seal materials. These 
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Fic. 3. Wear and friction of various nonimpregnated carbon-type 
seal materials from three different manufacturing sources con- 
taining varied amounts of graphitic carbon. 


data were obtained without added heat; frictional heat, 
however, usually produced stable temperatures of about 
130°F in the carbon specimens in runs of this type. At the 
conditions of Fig. 3 graphite content had essentially no 
effect on wear except with bodies that were electro- 
graphitized. 

Friction coefficient was influenced considerably by rela- 
tive graphite content. Minimum friction (Fig. 3) was ob- 
tained with materials that had been given relative graphite 
content ratings of 3 and 4. Greater graphite content gave 
higher friction. This was probably a result of increased 
softness and friability of the highly graphitic materials. 
The shear strength of the graphite component was un- 
doubtedly less than that of the amorphous carbon in the 
. bodies. The softness and friability, however, would allow 
the real area of shear to increase more rapidly with increased 
graphite content than the resultant shear strength was 
decreased. Since friction force is considered the product 
of the shear area and the shear strength (4), highly graphitic 
materials can therefore give increased friction. While 
increasing the shear area is undesirable as far as sliding 
friction is concerned, it may be accompanied by closer 
accommodation of the interface surfaces and could contri- 
bute to improved seal effectiveness. 

Data of reference 1 showed that a surface temperature of 
500°F (400°F or higher) was sufficient to produce acceler- 
ated wear with carbon-type seal materials under the con- 
ditions of these experiments. Comparison of the ambient 
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temperature data of Fig. 3 with the data obtained at a 
disk temperature of 500°F and presented in Fig. 4 shows 
that the higher temperature caused greatly increased wear 
in these experiments also. The wear at 500°F for these non- 
impregnated carbons was from 3 to 10 or more times that 
experienced at ambient temperatures (~130°F) under 
otherwise identical conditions. : 

In general, wear at 500°F increased with greater amounts 
of graphite in the carbon materials (Fig. 4). The materials 
from source III gave minimum wear with relative graphite 
content ratings of 2 and 3. Minimum friction coefficients 
were also obtained with materials having graphite content 
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Fic. 4. Wear and friction of various nonimpregnated carbon-type 
seal materials from three different manufacturing sources con- 
taining varied amounts of graphitic carbon. 


ratings of 2 and 3. The greatly increased wear and friction 
obtained with higher graphite content made it apparent 
that these fully graphitized carbons would probably be 
unacceptable as seal materials. It was noted, however, that 
for equivalent graphite content, the carbons with the 
lowest porosity generally gave lowest wear at 500°F. 

Porosity—Wear values from Fig. 4 were replotted in Fig. 
5 to indicate how wear varied with porosity. These data 
show that the least porous materials gave lowest wear. 
Within groups of materials of similar porosity, however, it 
was apparent that the materials with the most graphitic 
carbon gave highest wear. 
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Fic. 5. Wear of nonimpregnated carbon-type seal materials with 
varied porosity. 
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In all probability, porosity is a related variable rather than 
the independent variable that determines the wear trend. 
Decreased porosity is probably accompanied by greater 
gross hardness in bodies having equivalent graphite content. 
High hardness is one of the factors that contributes to low 
real area of contact, which usually can be related to wear and 
friction. The scleroscope hardness method commonly used 
with carbons, however, may be misleading in this regard. 
It is a dynamic hardness method that is a better expression 
of elastic properties than of the plastic flow characteristics 
that are considered to determine real area of contact. It is 
also probable that improvement in most strength properties, 
and resistance to bulk oxidation, will accompany reduced 
porosity. 


Orientation of Graphite—One of the types of seal in 
aircraft turbines that have been most subject to failure by 
wear is the circumferential-type seal. Carbon seals of all 
types are usually molded by applying pressure parallel to the 
axis of the ring. The molding pressure would therefore 
cause the graphite to be oriented in the same plane as the 
face of the seal ring or, in other words, normal to the cir- 
cumferential surface. It was considered probable that 
orientation of the graphite would affect wear properties and 
that this effect could explain why carbon rings of circum- 
ferential seals seemed to present more severe wear problems 
than face-type seal rings. 

A series of runs was made with a type of carbon (III-B-2a 
of Table 3) commonly used for both face seals and circum- 
ferential seals in aircraft turbines. The results of these 
experiments made with chromium plate as the mating sur- 
face and at ambient temperatures (~130°F) as well as at 
500°F failed to show that orientation had a really significant 
effect. 


Impregnation—Previous discussion has indicated that 
impregnation of carbons can markedly reduce high- 
temperature oxidation of carbon bodies. Review of the 
physical properties of several carbon materials without and 
with impregnation (Tables 1, 2 and 3) shows that impregna- 
tion also improves physical properties. Further, one of the 
primary reasons for impregnating seal materials is to re- 
duce porosity. Impregnation reduces permeability to the 
fluid being sealed. In the final analysis most impregnants 
probably also serve as oxidation inhibitors by reducing 
permeability of the body to air. 

In reference 1, impregnation was not particularly bene- 
ficial for conventional (low graphite content) seal materials. 
Consideration of the foregoing discussion, however, suggests 
that impregnation might have a more significant influence 
on wear and friction of the weaker highly graphitic carbons. 
The data of Fig. 6 were therefore obtained to indicate the 
effect of several types of impregnation on wear and friction 
of carbons with relative graphite numbers of 5 and 6. These 
base grades are believed to be partially or fully electro- 
graphitized bodies. Because the bonding carbon is graphit- 
ized to at least some extent, these materials are quite friable. 

The data of Fig. 6 show that in some cases the impreg- 
nants cause considerable reduction in both wear and friction. 
Wear was reduced by up to 75% and friction by almost 


70% in some cases. The beneficial influence of the impreg- 
nants was more uniform with respect to friction than was 
true with regard to wear. The effect of the impregnant on 
wear was apparently dependent on some characteristic of 
the base grades of carbon other than graphite content. These 
data confirm the concept, however, that impregnation has 
much more significant influence on wear and friction of 
highly graphitic carbon than on conventional seal materials. 

It should be noted that the wear of one of the impregnated 
fully graphitized materials of Fig. 6 was lower than the best 
unimpregnated seal material of Fig. 4. Since the best 
material of Fig. 4 is already in use for commercial seals, the 
best material of Fig. 6 should also have practical utility. 
Because of much greater oxidation resistance, the fully 
graphitized and impregnated material could be useful at 
much higher temperatures than those reported herein. A 
temperature of 500°F is about the limit of usefulness in 
dynamic seals for the present standard materials that are 
predominantly amorphous carbon. 

In some cases the organo-metallic impregnated material 
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Fic. 6. Wear and friction of highly graphitic carbon-type seal 
materials with impregnation of several types where materials were 
available. Data for unimpregnated base grades are presented 
adjacently. 


was found to efflux from the carbon during operation at 
500°F. It formed a thin coating on the surface of the carbon 
and in one case this coating formed in blisters. Conceivably, 
the efflux of impregnant could be part of its oxidation in- 
hibition mechanism. The effect of this efflux on seals is 
not known; it could be beneficial or harmful. 

Hardness of Mating Metal—Hardness of mating metal has 
usually been considered important to the wear of carbon- 
type seal materials. Results reported in reference 1 sug- 
gested that factors other than hardness of mating surface 
were of greater importance. The data of reference 1 were, 
however, obtained with different types of metals and alloys 
so that hardness was not an independent variable. The 
preseut runs were made with a hardenable stainless steel 
(type 440-C) and variable hardness was obtained by altering 
the method of heat treatment. Therefore, oxidation resist- 
ance and composition of surface metal were not complicating 
variables in these runs. 
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Figure 7 shows that hardness of mating surfaces from 21 
to 54 Rockwell-C had no well-defined effect on wear at 
either ambient temperatures (~130°F) or at 500°F. The 
data (Fig. 7) do not support the common belief that hard 
mating materials give the least carbon wear. 

Roughness of Mating Surface—In manufacturing practice 
it is common to finish the mating metal surfaces of sliding 
seals by wet lapping with a bonded abrasive. This pro- 
cedure produces a very flat and a very smooth surface. 
Flatness is, of course, necessary for the intimate surface 
accommodation that is basic to sealing effectiveness. Ex- 
perience in wear of metals, however, has not always shown 
that the smoothest surface finish gives the least wear. It 
could be important in the performance as well as the manu- 
facture of seals if definite information on the influence of 
surface roughness on wear of carbons were available. 
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Fic. 7. Wear of typical impregnated carbon-type seal materials 
when run against type 440-C stainless-steel disks with different 
hardnesses. 


Type 347 stainless-steel disks were finished by varied 
circumferential grinding methods to give several different 
degrees of surface roughness. These disks were used in 
making runs at ambient temperature (~130°F) and at 
500°F with impregnated carbons of types commonly used 
in sliding seals. These data (Fig. 8) show that with average 
roughness in the direction of sliding varying from 5 to 25 
rms there is generally no significant effect of roughness on 
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direction of sliding averaging 5, 7, 9, and 25 rms, measure- 
ments made normal to the direction of sliding gave average 
values of 5, 13, 27, and 90 rms. One of the carbons (from 
source III) showed wear increasing with roughness (dashed 
line) at 500°F, but at ambient temperature (~130°F) the 
wear of the same carbon was not influenced by roughness. 
It is apparent that variation in surface roughness in this 
range is not of primary importance to wear of carbons. 


Summary of results 


A series of wear and friction experiments on carbon-seal 
materials gave the following results: 

1. A fully graphitized carbon can give as low wear at 
500°F sliding against chromium plate as any other type of 
carbon seal material studied. To obtain low wear with fully 
graphitic materials, however, low porosity and an impreg- 
nant are necessary. In general, nonimpregnated carbons 
with high graphite coment gave greater wear and higher 
friction than the more commonly used seal materials that 
contain much less graphite. 

2. Low porosity and certain types of impregnant improve 
hardness and other physical properties that can help to 
reduce wear and friction with highly graphitic carbon 
bodies. With the same carbon formulation, reducing the 
porosity from 10 to 24% by different molding methods 
gave slightly lower wear and also decreased oxidation by 
more than 20°. The organo-metallic impregnation reduced 
wear of a typical fully graphitized material by up to 75% 
and decreased oxidation by 80° or more. Impregnation is 
no panacea for the wear problem, however; even with 
highly graphitic bodies other factors in the carbon formula- 
tion are apt to be of predominant importance. 

3. Hardness of mating disk surfaces (using hardenable 
type 440-C stainless steel) from 21 to 54 Rockwell-C had 
no well-defined effect on wear of typical carbon-type seal 
materials. Surface roughness of disks from 5 to 25 rms was 
not of primary importance to the wear of typical carbons. 
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Solid Film Lubrication at High Temperature 
By E. P. KINGSBURY? 


The behavior of several solid film lubricants has been experimentally established as a function 
of temperature. These films are formed of a suspension of lubricant particles (graphite, 
molybdenum disulfide) in a thermosetting resin baked onto a hard surface. The test consists of 
heating such a layer and continually observing the friction coefficient until failure. Sliding 
conditions of high unit loading and low rubbing velocity were chosen to provide a comparison 
between the films. They were evaluated as to the highest temperature for which the friction 
coefficient remained low and subsequently as to the number of load cycles sustained at tempera- 
ture before an abrupt increase in friction. Results for all films were similar in that failure was 
caused by a breakdown of the binder rather than the lubricating particles and that the minimum 
friction coefficient (~ 0.03) was observed just before the film failure at temperatures as high 
as 1200°F. 


Introduction 


IN certain high temperature applications solid film lubrica- 
tion is being considered as a means of reducing friction and 
affording protection from wear in difficult circumstances. 
Two solids, graphite and molybdenum disulfide, have given 
good results at room temperature (1, 2). These are applied 
by various methods in various combinations and propor- 
tions and seem to show a great deal of promise as high 
temperature lubricants (3). They, of course, suffer from the 
characteristic of being nonself-repairing and replenishing 
and due account must be taken of this in design. 

Solid film lubricants all work in the same manner, by 
interposing a thin layer of a low shear maicerial between the 
surfaces to be lubricated. Other investigations have shown 
which variables are important in producing the best sliding 
conditions, in brief, these are: a low shear material, a thin 
layer, high lateral strength of the layer, a strong surface 
bond, and a hard underlying material (4). The films con- 
sidered in this paper are all of the same type, consisting of 
the finely divided lubricant suspended in a thermosetting 
plastic carrier. The tests described here are intended to 
evaluate these films at high temperature and to determine 
the mechanism of failure. 


Equipment and procedures 


The tests were conducted in a pin and disk apparatus; 
the essentials of the sliding geometry are shown in Fig. 1. 
The sliding surfaces are provided by a stationary vertical 
pin pressing on a rotating flat plate. The pin is located 
eccentrically from the rotation axis of the flat so that a 
circular wear track is generated. Both the rotationa! velocity 
of the flat and the radial position of the pin may be varied 
to get different sliding speeds and wear tracks. The normal 
load W is provided by a weight directly supported on the 
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pin, and the lateral force F required to balance the friction 
force is measured with a strain gage bridge. Everything 
(except the bridge) is enclosed in a modified electric fur- 
nace capable of 2000°F. The temperature is measured by 
two thermocouples at different places near the sliding 
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Fic. 1. High temperature friction apparatus. 











interface, and the heating elements of the furnace may be 
independently supplied so as to obtain equal temperatures 
at the thermocouples. This ensures small temperature 
gradients and hence a well defined bulk temperature at the 
sliding interface. 

The types of films considered here are commercially 
available and consist except where indicated of MoS,, of 
graphite, and of mixtures of the two suspended in a variety 
of resinous binders. Normally these films are applied by 
spraying or dipping to a specified thickness on the order of 
0.0003 in. However, in the interest of convenience, most 
of the test films were applied by a painting technique and 
were thicker than recommended. As long as all the films 
were applied in the same way the test results should be 
comparable. Checks with a few factory-applied films showed 
no significant difference as far as frictional behavior and 
temperature at failure were concerned, however, the wear 
life at high temperatures was higher for these latter films. 
The manufacturer’s recommendations were followed as to 
curing time and temperature for each particular film. 

In all cases both the flat and the pin were made of 75-A 
commercially pure titanium. The pin was provided with a 
3 mm diameter hemispherical end and the film to be 
tested was applied only to the flat. Titanium was chosen 
for the underlying material as it is normally very difficult 
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to lubricate and resists the formation of contaminant layers 
at high temperatures, thus insuring an easily recognized 
failure of the solid lubricant film. 

Specific conditions used to evaluate the films were: a 
normal load of 1085 gm, a sliding velocity of 0.5 cm/sec, and 
a rate of temperature increase of about 1000°F/hr. Under 
these conditions a typical film would experience about 200 
load cycles at each point on the wear track before failure. 
Similar films under the same geometry but a normal load 
of 5 kg have withstood upwards of 1000 cycles at room 
temperature (5). The principal quantity measured in the 
tests was the coefficient of friction as a function of tempera- 
ture. In some of the tests the electrical resistance between 
the rubbing surfaces was also measured. 

Two of the films which showed good lubrication at high 
temperatures were also given an endurance evaluation. The 
sliding conditions were: sliding speed of 4 cm/sec, normal 
load 1085 gm, temperature constant at 900°F. The tests 
were continued until failure of the film, as evidenced by a 
large and abrupt increase in friction. 


Experimental results 


The general behavior of the films subjected to the tests 
described in the preceding section was all of the same 
character. An initial high friction was followed by a de- 
crease as the temperature reached moderate values and the 
film was broken in along the track. The friction force then 
passed through a2 minimum extending over a wide tem- 
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Fic. 2, Typical variation of friction coefficient with temperature 
for a solid film lubricant. 
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perature range, suddenly rising as the film failed. A typical 
graph of this behavior is shown in Fig. 2. The surprising 
feature of the tests was the low value of friction and the 
high temperatures to which it persisted. The major differ- 
ences between the films were the temperatures at which 
the various transitions occurred. Table 1 enumerates these 
quantities. Here, 7,, the temperature at the failure of 
the film, is defined as that temperature when the friction 
coefficient exceeds 0.30 more than 50% of the time. The 
complete destruction of the film was usually observed very 
shortly afterward. The information on composition is that 
given by the manufacturer. 

It was noted that, in general, high temperature at failure 
was observed with those films which had been cured at the 
higher temperatures for longer times. An indication of this 
is given in Fig. 3 which is a plot of the curing temperature 
of several films against their failure temperatures. 
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Fic. 3. Variation of failure temperature with curing temperature. 


The results of the endurance tests are given in Table 2. 
The films were run at 900°F again until the friction coeffi- 
cient rose above 0.30 more than 50% of the time. This 
distinction was necessary as the films had some tendency 
towards self-healing. 


Discussion 


The basic similarity between results for films of differing 
graphite-MoS, ratios indicates that the critical constituent 








TABLE 1 
Summary of Friction Characteristics for Several Solid Film Lubricants. 
f at room 

Coat temp Min f T, °F Resin Lub. medium 
A 0.18 0.06 720 Alkyd graphite 

B 0.21 0.03 875 Alkyd graphite 

Cc 0.18 0.06 720 Alkyd graphite 

D 0.27 0.05 900 Epoxy graphite 

E 0.27 0.10 850 Epoxy MoS, 

F 0.13 0.02 1200 Silicone graphite 

G 0.16 0.09 850 Ceramic lead oxide 

H 0.13 0.08 1100 — 90% MoS, 10% graphite 
I 0.10 0.05 1100 Silicone MoS, and graphite 
J 0.15 0.07 950 Phenolic = 
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TABLE 2 
High Temperature Endurance for Two Solid Film Lubricants. 





Load cycles to failure 





Coat at 900°F 
F 1650 
I 650 








is the resinous binder. One might expect an organic material 
of this type to be unsuitable as a binder at high tempera- 
tures owing to its thermal decomposition. Actually this 
characteristic appears to be advantageous and beneficial in 
reducing friction. Apparently the thermal decomposition 
results in the formation of materials, e.g. carbon, at the 
sliding interface capable of enhancing effective lubrication. 
This limits the life of the film since the decomposition 
cannot go on without limit. But it must be remembered that 
at room temperature such lubricants do not last indefinitely. 

Measurements of the electrical resistance across the 
sliding interface show that some sort of degradation of the 
layer commences at rather low temperatures, (say) 300°F. 
The resistance gradually drops from its initial near infinite 
value approaching zero at about 600°F. Meanwhile, how- 
ever, the friction force has remained constant or has some- 
what diminished and continues to do so until (say) 900°F 
when its minimum value is reached. Shortly afterward the 
film fails. 

Whether this degradation is due to chemical changes with- 
in the film which result in the formation of a conducting 
layer, or whether the decrease in resistance is simply due 
to an actual penetration of the film with progressively in- 
creasing metallic contact, is open to some question. 
Rabinowicz (6) has noticed a similar effect in experiments 
with an adsorbed boundary lubricant. By making use of 
radioactive tracers he found that heating of the adsorbed 
layer resulted in increased metal transfer even while the 
total friction force was diminishing, and concluded that 
the decrease in shear resistance of the adsorbed layer more 
than offset the increase in friction due to metal-to-metal 
contact. 

In order to check the possibility that a conducting layer 
with low friction characteristics might be formed at high 
temperatures, some tests were run using a film which con- 
tained no low shear material. An exact reproduction of the 
sliding conditions of earlier tests proved to be impossible 
as the resin by itself produced such extremely high friction 
that the film was destroyed, with metal-to-metal contact 
immediately established. However, if the film was heated to 
about 750°F before the application of the load, a drop in 
friction from 0.50 to 0.05 and an accompanying drop in 
electrical resistance was obtained. The film in this test was 
much thicker than those of the earlier tests. 

When a loose powder of MoS, particles is spread on a 
hard surface, the particles originally are randomly arranged. 
If rubbed, they assume a preferred orientation with their 
slip planes parallel to the direction of motion (1, 7). It 
seems reasonable, as has been suggested by Crump (8), 
to suppose that the same sort of reorientation may occur 
even though the particles are held in a plastic matrix. 


Clearly such a reorientation would be easier as the matrix is 
made softer by higher temperatures. This may serve to 
explain the decrease in friction observed in the first part of 
these tests. The removal of water vapor may also be im- 
portant in this connection. 

If more than one lubricant particle is contained in the 
thickness of the matrix between the contacting surfaces, 
oxidation and other chemical changes will be inhibited 
until after the layer itself has decomposed or been worn 
away. This mechanism explains how MoS, which is known 
to oxidize at 750°F with the production of an abrasive 
oxide (3) can be successfully used in solid film lubricants at 
much higher temperatures. 

In summary, good lubrication may be obtained at very 
high temperatures over limited periods with the use of a 
solid film lubricant. A thin layer of this material when 
baked onto a hard surface provides good sliding conditions 
through the action of a low shear material held in a plastic 
matrix. As the temperature is increased the friction drops 
due to reorientation of the lubricant particles at lower 
temperatures and to decomposition of the binder at higher 
temperatures. Failure of the whole film is delayed until 
very high temperatures by the presence of products of 
decomposition which act as good lubricants. The film as a 
whole exhibits very good wear endurance even during the 
latter stages of this process. 

These results indicate that failure temperatures even 
higher than 1200°F could be achieved with solid film 
lubricants if other binder materials with better heat en- 
durance qualities could be developed. No indication was 
found that either the graphite or the MoS, has reached the 
limit of its effectiveness at this temperature. 
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On a Criterion of Cutting Velocity in Metal Machining 


By F. F. LING and EDWARD SAIBEL? 


The conventional model of orthogonal cutting with type 2 chip is modified to include the 

effect of deformation of the work-piece at the immediate vicinity of the tool-tip. The cutting 

velocity condition for optimal force of deformation is examined in the light of two alternate 

criteria: recrystallization temperature and melting temperature. It is shown that a critical 

cutting velocity exists. Furthermore, it is concluded, in part, that proper metallurgical treatment 
and/or preheating the work-piece (hot machining) will improve cutting. 


Introduction 


IN seeking optimum cutting conditions one of the things we 
seek is to reduce the force of deformation at the immediate 
vicinity of the tool-tip. Due to the cutting process the work- 
piece is heated, and as the temperature of the workpiece at 
the tip of the tool increases the workpiece material will 
undergo recrystallization recovery at a rate which depends 
on the temperature and the degree of strain. If the tool-tip 
temperature reached is such that about 90% recovery takes 
place at a rate comparable with the cutting rate, then good 
cutting conditions have been achieved, other things being 
equal. It may be, however, that the melting temperature is 
reached before optimum recrystallization conditions are 
reached. In this case, melting is the desired criterion. There 
is still a third possibility. In some materials a phase change 
may take place, and as a result the strength of the 
material may be greatly reduced. But here too, the question 
of the rate at which this takes place is of great importance, 
in fact a phase change would have to take place almost 
instantaneously to supplant the recrystallization criterion. 


Specific work of deformation at the immediate 
vicinity of the tool tip 


The forces considered in the conventional idealized 
picture of orthogonal cutting with type 2 chip (1) are 
shown in Fig. 1. The independent variables are the materials 
involved, depth of cut h, width of cut 5 (normal to the plane 
shown) rake angle and cutting velocity V. Of the dependent 
variables, only the two components of cutting force, 
F, and F,, shear angle ¢ and length of the shear plane / 
can be measured experimentally. Any estimate of other 
quantities such as the coefficient of friction at the chip-tool 
interface f,(=F/N,) or the shear stress in the shear zone 
S,(=F,/bl) would have to be indirect, at the present at 
least, and therefore their values hinge on the validity of the 
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idealized model just described. It would not be surprising 
to find that the values of f, and s, found indirectly deviate 
from values found from independent tests of the materials 
involved. Considerable effort has been made to correlate the 








Fic. 1. Conventional modél of orthogonal cutting with type 2 chip. 


values of s,, for instance, with those found from tests 
independent of the cutting process (2, 3, 4, 5, 6). Neverthe- 
less, there is a definite indication that the idealized picture 
needs to be modified to incorporate other pertinent factors 
which enter into the picture (7, 8). 

Figure 2 shows the proposed modification of the cutting 
process as conceived hitherto, which consists of the addition 
of a normal force N, on the workpiece and a force F. 





WORKPIECE 





Fic. 2. Modified model of orthogonal cutting with type 2 chip. 
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Now F may be thought of as being composed of two parts: 
F, = f,N, the sliding friction force; and Fy, the force of 
deformation at the immediate vicinity of the tool-tip. The 
significance of F, in this region, at least for an acute angle 
tool, can be partly shown by a photoelastic model due to 
Coker and Filon (9) (see Fig. 3). It is the force component 
(Fg (or F4/bh), the specific work of deformation) that the 
authors wish to discuss in this paper. It is thought that with 
this and further knowledge about friction at (1) the chip- 
tool interface and (2) the tool workpiece interfaces, a broader 
basis of understanding of the cutting process may be 
achieved. 





Fic. 3. Schematic of photoelastic picture due to Coker and Filon. 


The material at the immediate vicinity of the tool-tip is 
under a high degree of strain and is at an elevated tempera- 
ture. In this state, the material tends to recover, recrystallize, 
and undergo grain growth depending on conditions in that 
region. If the material at the immediate vicinity of the tool- 
tip reaches the recrystallization temperature for the par- 
ticular strain condition, it tends to undergo recrystallization 
recovery, at which time the force required for deformation 
is greatly reduced, in fact brought down to a minimum 
(10, 11, 12). Figure 4 shows two schematic diagrams; 
temperature vs. (1) residual stress; and (2) strength. 
It should be noted that the temperature for recrystallization 
recovery 9, is not a unique value. However, various authors 
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Fic. 4. Schematic plot of residual stress and strength vs. 
temperature. 


have used the term as an index for the annealing process, in 
which case one might define 6, as the minimum temperature 
under which a certain metal, under a specific degree of 
strain, would undergo recrystallization. As Beck (13) 
states it, recrystallization (primary) is a condition of the 
metal in which: (a) a release of stored energy of cold work 
in proportion to the volume of cold worked matrix is 
replaced by new unstrained grains; (b) softening occurs as 
work-hardened material is replaced by soft annealed grains, 
and (c) other local orientation occurs. There are many factors 
influencing 6,. Of these, the degree of strain and time are 
most important. In general, 6, tends to be higher, the smaller 
the degree of strain. If the time available is decreased, the 
temperature for a given percentage of recovery must be 
higher. 

In ordinary annealing processes 6, is well below the 
melting temperature @,,. In general, 0, increases when the 
time available is decreased, other conditions being equal. 
In metal-cutting, the time available for a critical volume of 
workpiece material which is heated as it approaches the 
tool is exceedingly short. Therefore, 6, may be very high 
and it may, under certain circumstances, exceed 6,, as 
will be shown later. 

As stated previously, if the tool-tip temperature reaches 
6,, then good cutting conditions will have been reached. 
However, if 0, corresponding to a given cutting condition 
is in excess of 0,,, then @,, will be taken as the desired 
criterion. 


Statement of problem 


The problem resolves itself into the following: (1) find 
the temperature distribution within a certain radius of in- 
fluence in the neighborhood of the cutting edge; (2) 
estimate the degree of deformation in this region, in par- 
ticular the deformation in the immediate vicinity of the 
cutting edge; (3) find the criterion for minimum cutting 
force. This last will be determined from the strain and 
velocity conditions as either the recrystallization tempera- 
ture or melting temperature, as will be explained later. 


Temperature at the immediate vicinity of the tool 
tip 

Experimentally, the Herbert-Gottwein thermocouple 
method measures temperature at the chip-tool interface 
(14, 15). Other attempts have been made to measure the 
temperature at the tool-tip (16, 17, 18, 19, 20). However, it 
is difficult to know just what the real temperature at the 
tool-tip is. It may be expected that this temperature changes 
with cutting velocity in a manner similar to the tool—chip 
interface temperature (21, 22). Trigger (21) correlated the 
chip-tool interface temperature with cutting velocity by a 
power law: T = CV", where n is of the order of 1/5. In 
this paper, it will be assumed that the tool-tip temperature 
6,, is of the general form C(V/V 4)", where Vy is some 
reference velocity. Figure 5(a) shows schematically a 
cutting tool. It will be assumed that heat is dissipated in the 
shaded area below line A—A, since the chip and the tool 
are well heated from the shear zone and tool—chip interface. 
Figure 5(b) shows an enlargement of the tool-tip with a 
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Fic. 5. (a) Diagram showing assumed manner heat at tool-tip is 
dissipated. 
(b) Enlargement of the tool-tip. 


radius of 55. Assuming that the shaded portion is a heat 
source of uniform strength q, and infinite in extent in the 
direction perpendicular to the plane shown, the center 
temperature 65, according to Carslaw and Jaeger (23) is 


nw 6, 
6. = =i | etn | | adr [1] 
wk 2a 
00 


where @, is measured above ambient and K, is the modified 
Bessel Function of the first kind of the zeroth order. 

On introduction of the dimensionless quantities u = 
Vr/2a and R = V8,/2a, Equation [1] becomes 





a R 
8a?q Ucos@ 
6, = z 
: =| | @ PF i alududd [2] 
0 0 
For u<0.2, eos? = 14 yu cos 0 


[3] 





K,u) = —(in5 + +) 


where v is Euler’s constant. 
Integrating Equation [2] in conjunction with Equations 
[3], we find 


— 95 
k 





= 


(ns 4 0.077). [4] 


To calculate @,, the temperature at a distance 5 from “‘O” 
on A—A, numerical methods must be resorted to. However, 
fo rthe first approximation, assume a point source of strength 
16 q/2 for § > So. It has been found numerically that for 
A = 6/8, = 3 and R = 0.01 the method is rather satis- 
factory, of course the larger the value of A the better the 
approximation. 
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Letting A = 6/55, Equation [5] becomes 


2 
0, = 7 e ~* K, [AR]. [6] 


Equation [4] and [6] yield 
B = 0,0, = —e —™ KAR) / (in ; ra 0.077). (7] 


Figure 6 is a plot of Equation [7] for three values of A 
which are within a reasonable range for mild steel (a, 
the thermal diffusivity = 0.0173 in?/sec). 
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Fic. 6. Plot of B(= 03/8) vs. R (= V8o/2a) for mild steel. 


It may be observed that: (1) for a given cutting velocity, 
V, tool radius, 59, and 49, the larger the radius of influence 
5, the lower the minimum temperature within this limit 0,; 
and (2), for a given velocity and A, the smaller the tool radius 
the higher the minimum temperature within the radius of 
influence. However, it is not possible to determine, from 
the present analysis, the effect of the tool radius 5, on the 
overall cutting condition since presumable as 5, changes 
the amount of heat generated at the tool-tip will be changed 
and hence so will 4. 

Now suppose 6, = C(V/V,)", where the values of C 
and m may be found experimentally. With the theoretical 
relation [7], 8, can be calculated in the following manner: 


0, = Oy = sc(;-) [8] 


Recrystallization temperature 


As pointed out earlier recrystallization temperature is 
dependent on many factors, of which time and the degree of 
strain are important in our consideration. Johnson and 
Mehl (24) in discussing the process of nucleation and growth 
of polycrystalline metals introduced the notion of fraction 
transformed f(t), which for a set of annealing conditions 
corresponds to fraction of the transformation completed. 
It is found in the following way, if N is not considered a 
variant with time. 
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fit) = 1 — e- Ginn (9) 


where N is the rate of nucleation, G is the rate of growth and 
t is the time available. Anderson and Mehl (25), and Stanley 
and Mehl (26) in discussing recrystallization, which is a 
process of nucleation and growth, applied Equation [9] 
to aluminum and siliconferrite respectively. Furthermore 
it was found that N and G are both reaction rate processes 
and can be written: 


N = Ae~2n/®T 
10 
G = Be~9a/RT si 


where R is the universal gas constant and T is the absolute 
temperature. Combining Equations [9] and [10], for each 
value of f(t), one gets 


In = = In K — (3Q¢ + Qn)/4RT [11] 


~~) 


for any degree of deformation and degree of recrystalliza- 
tion f(z). It is noted that f(t) changes only the value of K 
and not the exponential. If (30g + Qy)/4 is equated to Q, 
the so-called gross activation energy, and 7 is the time for 
90% recrystallization or f(t) = 0.9, Equation [11] becomes 


In : = In K — Q/RT [12] 
or 
P<. [13] 
In (Kr) 


This may be compared with the derivation of van Liempt 
(27) for a single crystal. His expression takes the form 


T, = on [14] 


In (4y7) 


where 7; is our 0, measured in degree absolute and n is 
the characteristic frequency of atomic jump. Actually Q 
decreases with increase of deformation. For the present 
purpose where large deformations are encountered, this 
variation is neglected. 

From the above discussion, if experimental data for O 
for any particular value of f(t) are known, then T, for a 
given 7 can be computed from Equation [13]. However, due 
to the absence of sufficient data Equation [14] will be 
applied using theoretical values of 7. 

It should be pointed out that @, must be less than or equal 
to 6,,, the melting temperature of the material in question. 
If 6, turns out to be greater than 6,, by the above calculation 
then it will be assumed that the melting temperature is the 
determining criterion. Referring to Fig. 5(b), if the minimum 
temperature within the radius of influence is 4, the maxi- 


mum time available for the material at the immediate 
vicinity of the tool-tip to undergo recrystallization is 
rs) — 85 


+. ees Therefore Equation [14] can be written: 


go 15 
ey [15] 
n (1 TV 
Given T, for a certain 7, 7, for any other time interval can 
be computed. Experimentally it was reported (26) that T, = 


723°K for r = 1000 sec, thus for mild steel (7 = 5 x 10% 
sec~*) 


7 — 73 in(4 x 5 x 10 x 1000) 
~~ Bexex es) 


or 


> 27100 

mm oT 

In 3. “0 
(2 x we, 


where 6 and 5, are measured in inches and measured in 
in./sec. Of course Equation [16] is subject to the condition 
that 0, < 0. 

Van Liempt’s relation [14] was derived for 7 of the order 
of 1000 sec. or higher. The time 7 available in metal cutting 
is of a much lower order of magnitude. In this range, the 
above stated relation may not hold for very small values of 
7. It is quite possible however that there may be some other 
law which will have to be found. Furthermore, even if 
Equation [9] holds for all values of t, for certain materials 
and short time intervals 6, may be excessively high. In this 
case the melting temperature @,, may be the criterion of 
temperature for which cutting force can be minimized. 

From the foregoing discussion, once the proper radius of 
influence 6 is ascertained and a, — V relation established, 
it should be possible to calculate the ratio 05/8, by means of 
Equations [8] and [16]. Clearly the velocity V has two 
opposing effects on the ratio 6/#,. On the one hand, 0, 
increases as V increases; and on the other hand, f de- 
creases, furthermore 6, increases. This suggests an optimum 
condition of V on the ratio of ,/6,. To illustrate suppose 
5, = 10-5 in., 5 = 38, (therefore A = 3) and 


T. [16] 





6, = 3000 (V/100)t [18] 


With the value of 8 from Equation [7] and 6, from Equa- 
tion [16], 9,/8, can be computed for all values of 7. The 
last column of Table 1, shows the computed values which 
is also plotted in Fig. 7. Figure 7 shows the following: 
there is a critical velocity at which the temperature at the 
immediate vicinity, of tool-tip within a radius of influence 
8, reaches a maximum for a given physical cutting set-up. 
At this velocity, the force of deformation should be a rela- 
tive minimum. However, for the best cutting condition 65 
should be equal to 6, or 43/0, = 1. To improve on the hypo- 
thetical case shown, either 0, has to be lowered by changing 
the annealing characteristics of the workpiece material or 








the workpiece material should be preheated. The effect of 
tool radius cannot be determined until experimental 
data on @, in relation to V is available. 
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Fic. 7. Plot of the ratio @3/0r vs. cutting velocity V. 


It should be noted that this analysis is based on average 
annealing characteristics of a material. However, it is known 
that for what purports to be the same material available 
commercially, the annealing characteristics may be de- 
cidedly different. Hence the respective recrystallization 
temperature will be different. This may explain, at least in 
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part, the phenomenon that cutting forces vary from one 
batch to the other of the same material, other conditions 
being equal. 


Conclusion 


Specific work of deformation at the immediate vicinity 
of the tool-tip in metal cutting is high at low cutting velocity. 
It decreases with increase of cutting velocity. For a par- 
ticular material and cutting set-up, there is a minimum 
when the ratio of @, to the temperature for recrystallization 
recovery or melting temperature (whichever is lower) for 
the workpiece material at the immediate vicinity of the tool- 
tip, reaches a minimum. 

Accordingly, this work of deformation can be changed 
favorably by metallurgical treatment to modify the anneal- 
ing characteristics of the workpiece material. Preheating the 
workpiece may also improve the cutting forces, all other 
conditions being equal. 
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TABLE 1 
Computed Values of 8,/6,. 


























8 = 10-5 in. 6m = 2716°F 
A = 38 = 0.173 in.?/sec. 
v B= 05/0 | (Eq. 18) | 0 = Bb, = (8 — &)IV 0,(Eq. 16) 
in./sec. R = V8,/2a Eq. [7] *F °F 10—? sec. °F 64/8, 
20 0.0058 0.715 2175 1550 10.0 2487 0.622 
40 0.0116 0.662 2496 1650 5.0 2509 0.658 
60 0.0174 0.620 2706 1680 3.3 2587 0.650 
80 0.0232 0.586 2891 1685 2.5 2645 0.635 
100 0.0290 0.557 3000 1671 2.0 2694 0.620 
120 0.0348 0.531 3129 1665 1,7 > 6. 0.614 
200 0.0580 0.454 3447 1565 1.0 >6,, 0.576 


























Note: All @’s, unless otherwise specified, are measured above 65°F ambient. 


REFERENCES 


1, M.E. Mercuant; “Mechanics of Metal Cutting. I, Orthogonal 
Cutting and a Type 2 Chip”, ¥. Appl. Phys., vol. 16, 1945, 
p. 273. 

2. E. THavuLow and E. K. Henriksen; Maskinarbejde, (Copen- 
hagen) 2nd ed., vol. 1, 1942, p. 246. 

3. E. K. HENRIKSEN; “Zuspannung und Eigenspannungen”’, 
Ingeniorvidenskabelige Skrifter, A, No. 43, (Copenhagen), 1937. 





4. W. R. Backer, E. R. MarsHAtt and M. C. Suaw; “The Size 
Effect in Metal Cutting”, Trans. ASME, vol. 74, 1952, 
P 





5. M. C. SHaw and I. Finnig; “The Shear Stress in Metal 
Cutting”, ASME Reprint 53-A-158, 1953. 

6. J. T. Lapstey, Jr., R. C. Grasst and E. G. THOMSEN; 
“Correlation of Plastic Deformation during Metal Cutting 
with Tensile Properties of the Work Material’, Trans. 
ASME, vol. 72, 1950, p. 979. 

7. E. G. Txromsen, J. T. Lapstey, Jr. and R. C. Grassi; 
“Deformation Work absorbed by the Work Piece during 
Metal Cutting”, Trans. ASME, vol. 75, 1953, p. 591. 

8. E. K. Henriksen; ref. 7, “‘Discussion’’. 

9. E. G. Coker and L. N. G. Fiton; Photo-Elasticity, (Cam- 

bridge Univ. Press), 1931. 











On a Criterion of Cutting Velocity in Metal Machining 129 


10. R. F. Meu; Recrystallization, Metals Handbook, (ASM), 
1948, p. 259. 

11, H. F. Katser and H. F. Taytor; ‘““The Effect of Type of Cold 
Deformation on the Recrystallization of Armco Iron’, Trans. 
ASM, vol. 27, 1939, p. 227. 

12, J. M. Parks; Reécrystallization Welding. Paper presented to 
National Spring Meeting, Am. Weld. Soc., Houston, June, 
1953. 

13. P. A. Beck; “Annealing of Gold Worked Metals”, Advances 
in Physics, A Supplement of the Phil. Mag., vol. 3, No. 11, 
1954, p. 245. 

14, E. G. HERBERT; ‘“The Measurement of Cutting Temperatures’, 
Proc. Inst. Mech. Eng., vol. 1, 1926, p. 289. 

15. K. Gotrwein; “Die Schneidentemperatur beim Drehen in 
Abhaengigkeit von der Form des Spangnerschnittes’’, 
Maschinenbau, vol. 5, 1926, p. 505. 

16. A. O. Scumipt; “Metal Cutting Temperature and Tool 

Wear’’, The Tool Engineer, July and August, 1952. 

17. W. REICHEL; ‘“Temperatures in Metal Cutting’’, Maschinenbau, 
vol. 15, No. 17/18, 1936, p. 495. 

18. E. Scumipt; Introduction to 


Technical Thermodynamics, 
(Springer Verlag), 1951. 


19. G. PAHLITzcCH and H. Hetmernic; ‘“Thermal Investigation of 
Single Point Tools”, Ver. Deut. Ing., vol. 87, No. 35/36, 1943, 
p. 564. 

20. E. BrikEL and M. Wiper; “Temperatures at the Cutting 
Edge’’, Industrielle Organization, Zurich, No. 8, 1951. 

21.'K. J. Triccer; “Progress Report 1 on Tool—Chip Interface 
Temperature”, Trans. ASME, vol. 70, 1948, p. 91. 

22. K. J. Triccer; “Progress Report 2 on Tool—Chip Interface 
Temperature”, Trans. ASME, vol. 71, 1949, p. 163. 

23. H. S. Carstaw and J. C. JAEGER; Conduction of Heat in 
Solids, (Oxford Univ. Press), 1947, p. 224. 

24, W. A. JoHNSON and R. F. MEHL; “Reaction Kinetics in 
Processes of Nucleation and Growth’, Trans. AIMME, 
vol. 135, Iron and Steel Division, 1939, p. 416. 

25. W. A. ANDERSON and R. F. MEHL; “‘Recrystallization of 
Aluminum”, Trans. AIMME, vol. 161, Inst. of Metals 
Division, 1945, p. 140. 

26. J. K. STANLEY and R. F. MEuz; “‘Recrystallization of Silicon 
Ferrite in terms of Rate of Nucleation and Rate of Growth’’, 
Trans. AIMME, vol. 150, 1942, p. 260. 

27. J. A. M. van Liempt; “Zur Theorie der Rekristallization’’, 
Z. Anorg. Allgem. Chemie., vol. 195, p. 366. 


DISCUSSION 


Mitton C Suaw, Professor of Mechanical Engineering, 
Massachusetts Institute of Technology: 


It seems very probable that strain hardening and subse- 
quent strain recrystallization play an important role in the 
cutting process, and the authors have directed attention to 
this important question. However, the specific problem 
they have chosen for study is a rather unimportant one. 
The energy associated with the indentation of the cutting 
edge will be small compared with the total energy in 
cutting. This may be readily shown by measuring cutting 
forces with a perfectly sharp tool and comparing these 
values with those obtained with different radii of curvature 
at the tool tip. The percent change will not be appreciable 
until the radius of curvature approaches the feed which 
represents a condition few machinists would consider 
practical. It would, therefore, appear that the conclusions 
reached concerning optimum cutting speed and hot machin- 
ing are based on the energy associated with a component 
of the total cutting energy that is normally insignificant. 
There is danger that the casual reader of this paper will 
assume that the conclusions are concerned with the overall 
cutting process and that the optimum speed shown in Fig. 7 
is for che overall process instead of being related to a very 
small component of the process. 

It would further appear that the more important region 
to have considered would have been the one along the cutting 
edge, where a great deal more energy is dissipated and 
where higher temperatures and longer times are available 
for recrystallization. Recrystallization undoubtedly occurs 
along the tool face and probably plays on important role in 
the development of the secondary chip deformation in the 
vicinity of the tool face. Photomicrographs clearly show that 
this secondary flow is not generated at the tool point, but 
appears gradually as the metal flows across the tool face. 

However, even though it could be shown clearly that 
recrystallization plays a major role in the tool face “friction” 
problem it would still not appear that a computation of the 
optimum cutting speed was justified unless it could be also 
shown that the still more important shear process was really 

I 


free from recrystallization effects. Even if there were no 
recrystallization effect for the shear plane the possibility 
for a strain rate effect upon flow stress is still a possibility. 

Cutting experiments clearly indicate that the single most 
important speed effect upon cutting is that associated with 
the size shape and stability of the built-up edge. It is 
possible that some of the reasoning applied by the authors 
to the indentation process might have a bearing upon the 
important built-up edge problem. 


Autuors’ REPLY: 


We certainly share Professor Shaw’s views that the re- 
crystallization recovery argument is pertinent to the 
question of built-up edge and that the phenomenon plays 
an important role in the cutting process. We appreciate his 
candid discussion; however, we would like to clarify the 
following points. 

We were careful to mention all the components of the 
cutting force and then picked F, for discussion. We do 
not claim that this particular component is predominant. 
As to the importance of F,, we mentioned that F,, would be 
important for acute angle tools with a finite nose radius. 
Obviously for a zero rake angle tool and zero nose radius 
there is no F, to speak of. This point will be discussed in 
more detail later. 

We do not doubt that the problem along the tool—chip 
interface is important. As a matter of fact, in a previous 
paper®, we studied the question of galling on the basis of 
recrystallization recovery which is essentially the welding 
or adhesion condition that exists along the said interface. 

Naturally, any rigorous treatment on “the criterion” of 
cutting velocity would involve an analysis which takes into 
account the interaction of all factors which are directly or 
indirectly velocity dependent, such as friction at the inter- 
face which creates a temperature which in turn affects 





3 F, F. Ling and E. Saibel; ‘“Thermal Aspect of Galling of Dry 
Metallic Surface in Sliding Contact”, ASME No. 55-Lub.-4, 
(October, 1955), WEAR, vol. 1, No. 2, October, 1957, pp. 80-91. 
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friction, among other items. Clearly we have not attempted 
to perform this task. 

Regarding the observation that a photomicrograph had 
shown no secondary flow at the tool point, we would like 
to say the following. For a tool point with a finite radius, 
X-ray diffraction pattern of the work material would show 
some measure of grain growth. However, as this location is 
under high degree of strain, the grain size is small (see 
ref. 10) and therefore, any subsequent growth associated 
with recrystallization recovery is not too readily detectable. 

Finally, we would like to show cursorily the ratio of 
F,, to F,, the conventional cutting force component in the 
same direction. For this purpose consider a model as shown 
in Fig. 8. Let the rigid perfectly plastic material of width 





Fic. 8. 


2h be in plane strain as a result of indentation by a sym- 
metrical rigid wedge with a nose radius 59. In the absence 
of secondary build-up and 5, small compared to h, the 
plastic zones may be abg and bcde. The former is, of 
course, that shown by Lee and Shaffer*. The state of 
stress in the area bcde is more complex. If 59 approaches 
zero, the model degenerates into that of Lee and Shaffer 
and F, = 0. Also if % approaches zero 5, ceases to have any 





4 E. H. Lez and B. W. Suarrer; “The Theory of Plasticity 
Applied to a Problem of Machinery’’, ¥. Appl. Mech., vol. 73, 1951, 
p. 405. 


meaning. For simplicity, take the case where the coefficient 
of friction f = 1 (it may be shown that the ratio of F, to 
F, will be greater for a smaller value of f). For this case the 
shear stress along bc is k, the yield stress, and the normal 
stress is at least k. From estimates based on limit analysis, 
the normal pressure may be as high as 8k (of course for 
f = 0, the normal pressure is 2h). 

Now define (Fz) min as the force Fy using p = k along 
be and (Fz) max as that using p = $k along bc, and F, 
that force as shown in Fig. 8. Also let r = (Fg) min/F; and 
7=(F 4) max/F;, it may be shown that 


A(1 + sin % — cos ¢) 


=~ (i = AI + cot #) 
and 

- A(1+1.5siny — cos #) 

= (1 = AT + cot #) 
where 

oo - 


Figure 9 shows r andr vs. A for Y = 30°, 45°, and 60° 
respectively. 
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A Theory of Cutting-tool Wear and Cutting-oil Action 


By A. DORINSON? 


The initiating step in cutting-tool wear is postulated as a temperature-dependent migration 
of chip metal into the tool. The migrated metal softens the tool, which allows wear particles to 
adhere to the moving chip and be carried away. The kinetics of these processes are developed 
quantitatively to yield an expression which explains the Taylor equation in terms of the 
fundamental parameters of cutting. The action of cutting-oils is regarded as a competition 
between the rate of alloying and softening of the tool by migrated chip metal and the rate of 
reaction of the migrated chip metal with the cutting-oil additive. The kinetics of these com- 
peting processes are then developed quantitatively to explain the behavior of the Taylor 
equation when metal is cut in the presence of cutting-oil. 


I INTRODUCTION 


A WIDELY accepted expression for the durability of the 
cutting-tool in metal-cutting is the Taylor equation, 
VL* = C [1] 
where V is the cutting speed, L is the tool life, m is a con- 
stant for a given set of cutting conditions (a given work- 
piece, a given depth of cut, a given chip width, given tool 
geometry and a given cutting-fluid) and C is also constant 
for these given conditions. In its logarithmic form, 
log V + n log L = log C [2] 
the equation is especially useful by virtue of the linear rela- 
tion between the logarithm of tool life and the logarithm of 
cutting speed. 

This paper is concerned with the derivation of a tool wear 
equation from basic concepts of wear during metal cutting 
and with the rational analysis of the effect of cutting-fluids. 
Trigger and Chao (1) have found that the logarithm of 
cutting-tool wear, to a good approximation, is a linear 
function of the reciprocal of the average chip-tool interface 
temperature. Ling and Saibel (2) have treated the problem 
of cutting-tool failure on the basis of the kinetics of rupture 
of the tool material. Neither treatment provides means for 
explicitly expressing the effects of cutting-fluids on tool 
wear, and moreover the treatment of Ling and Saibel 
completely ignores the wear phenomena preceding ultimate 
tool failure. 

The author of the present paper has presented data (3) 
which show (a) that the slope of tool life as a function of 
chip-tool interface temperature for lubricated cutting is 
steeper than the slope of tool life for dry cutting; (b) 
that in some some cases as the concentration of the additive 
in the cutting-oil increases tool life also increases, while in 


- 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Toronto, Canada, 
October, 1957. 

1 Research Chemist, Sinclair Research Laboratories, Inc., 400 
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other cases the reverse occurs; and (c) that in the presence 
of some cutting-oils tool life is actually lower than for dry 
cutting. This is illustrated diagramatically by Fig. 1. A 
qualitative explanation was given based on the concept of 









CUTTING OIL A 


00 


CUTTING OL B 


RELATIVE TOOL LIFE 


HSS CUTTING 
AIS! 4150 STEEL 











\ J J i 
08 1,0 1.8 


RELATIVE TEMPERATURE 


Fic. 1. Logarithm of tool life as a function of logarithm of chip—tool 
interface temperature. 


competition between metal to metal welding at asperities and 
chemical reaction of the cutting-oil additive with the metal 
at these asperities. In the discussion to follow, this concept 
will be treated quantitatively. Although in practice it is 
more convenient to measure tool life rather than tool wear, 
it is easier to attack the theoretical problem on the basis of 
tool wear and then to show its relation to tool life. 


II. A MECHANISM FOR CUTTING-TOOL WEAR 


1. Tool wear as a rate process 


Figure 2 illustrates diagramatically the formation of a 
chip and its progress over the face of the tool. As the tool 
advances in the direction of the cut, the metal of the work- 
piece is sheared along the line AB and the chip flows up- 
ward, rubbing the tool face along the line AC and being 
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pressed against the tool face by the force F. We shall as- 
sume flank wear on the under side of the tool at AD to be 
absent and shall concern ourselves only, with the wear on » 
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Fic. 2, Diagram of chip formation. 





the face of the tool along AC. The geometrical and mechani- 
cal analysis of Merchant (4) for the value and significance 
of force F is assumed to be valid; however, Lee and Shaffer 
(5) have carried out an analysis which includes the effect of 
friction at the flank. 

The chip-tool interface AC is known to be an environ- 
ment of high temperature. Analytical treatments (6, 7) of 
the origin of this interface temperature have been confirmed 
by direct measurement. Let us then examine the conse- 
quences of this high-temperature environment as the chip 
slides over the tool face. 

First, let us imagine a block of tool material with a smooth 
face of unit area sliding with any given velocity over a 
smooth surface of chip material (Fig. 3), perfect contact 





Fic. 3. Unit area of tool material sliding on chip material. 


being assumed throughout the interface and the temperature 
of the interface being assumed to be that prevailing in 
metal cutting. Let us further assume that at this temperature 
the energy requirements of the tool material are so high 
that none of its atoms can migrate into the chip, while the 
energy requirements of the chip material are low enough 
so that it migrates into the tool. The migration of chip 
material into the tool can be written 


Mn —> My 


where My represents chip material as it is found in the chip 
and My represents the chip material which has migrated 
into the tool. The concentration of My is not altered by the 





2 Qualitative studies in these laboratories on the diffusion 
phenomena for high speed tool steel in contact with mild plain 
carbon steel indicate that iron diffuses out of the plain carbon 
steel into the tool steel. 
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migration process and the kinetics of migration are therefore 
given by the equation 


[Mi] = Ayt [3] 


where [Mj] is the surface concentration (quantity per unit 
area) of chip material in the tool, k, is the rate constant for 
migration and ¢ is the time of contact between the two 
surfaces. The dimensions of k, are quantity per unit area 
per unit time: i.e. k, is the amount of chip material which 
crosses unit area of chip-tool interface per unit time. 

We shall next postulate that either chemical interaction or 
alloying can occur between the tool material and the chip 
mi ‘erial which has migrated into it. This interaction softens 
the tool material at the sites where it occurs. Dawihl (8, 9, 
10) has presented evidence for welding at the chip-tool 
interface and Trent (11) has demonstrated preferential 
attack on the tungsten carbide in a tungsten carbide— 
titanium carbide tool. The chemical action or alloy forma- 
tion can be represented as 


M; + Mr—> Mr 


where M; is the diffused chip material, M 7 is tool material 
and Mg is reaction product or alloy. Since My is present 
in overwhelming excess, its concentration can be treated as a 
constant and the following kinetic equation can be written: 


d{[M 
Oe! = mbsIMa) i 





where k, is the reaction rate constant for the interaction or 
alloying and m represents the constant concentration of the 
tool material. The net concentration of unreacted or un- 
alloyed My is given by the equation 


——- = h, — mk,[M}]. [5] 


On integrating Equation [5] and using the result to integrate 
Equation [4], we obtain 


aos ky —mk,t hy 
al + At es . + ake [6a] 
If it is assumed that the rate of chemical interaction or 
alloying is very fast compared with the rate of diffusion of 


chip material across the interface, i.e. k, > k,, then to a good 
approximation [6a] becomes 


[Mr] = &,t [6b] 


and the velocity of migration 6f chip material across the 
interface controls the rate of chemical interaction or 
alloying. 

Finally, we shall introduce the postulate that wear of the 
tool material is proportional to the amount of chemical 
reaction product or alloy formed, so that 

M 
Wy = 9 = hg m1 
where W , is the wear per unit area of tool surface per unit 
time and q is the proportionality factor. The interpretation 
of g is reserved until later in the discussion. 
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2. Asperity encounter and wear 


In a real surface metal to metal contact occurs during the 
encounter of asperities. Let us consider the situation illus- 
trated by Fig. 4, where the surfaces of both chip and tool 
contain numerous asperities, randomly distributed as to 
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Fic. 4. Asperity encounter during chip—tool contact. 


both size and height and with an upper limit for both size 
and height. Equation [7], which gives the wear per unit time 
for unit area of surfaces in total contact, can be used to find 
the wear per unit time for surfaces containing asperities if 
we know the true area of contact. The following expression, 
the derivation of which is given in the Appendix, is obtained 
for the wear of a real tool when a real chip rubs over it for 
unit time: 


W = kygoron!wZpAjA}, [8] 


In this equation, Ay is the mean area of an individual tool 
asperity, Z is a geometric factor, the significance of which is 
explained in the Appendix, oj is the average number of tool 
asperities per unit area of wear scar on the tool face, pAjj 
is the mean length of path of a tool asperity over the face 
of a chip asperity, and oy is the average number of chip 
asperities per unit of chip surface. 


3.Wear as a function of temperature 


Four of the parameters in the right hand side of Equation 
[8] are temperature dependent, namely k,, g, / and An. 
The temperature dependence of k, is given by 


ky = (ky) ge ee, 


E, being the activation energy, R the gas constant and T 
the absolute temperature; k, and (k,), are in moles per unit 
area per unit time. It will be more convenient to use 
Centigrade temperature, 8, which changes Equation [9] to 


E, 
hy = (hy) oe RO@+ 279)- [10] 


To elucidate the temperature dependence of the factor q, 
which was introduced into Equation [7] in an arbitrary 
fashion, let us again examine the model depicted by Fig. 4. 
Because of the topography of the asperities, asperity en- 
counter is not restricted to the passage of a tool asperity 
over the surface of a chip-asperity but also includes en- 
counters in which the elevations of the asperities overlap. 
A tool asperity whose rigidity has been impaired by chemical 
reaction or alloying with chip metal can then be sheared 
when a chip asperity plows through it and the sheared tool 
metal can adhere to the chip. Also, as a chip asperity rubs 


over the surface of a tool asperity and adheres, if the tool 
material has been weakened by reaction or alloying, rupture 
will occur in the tool asperity. We shall therefore identify ¢ 
as the average lump removal factor per unit time for unit 
area of tool asperity surface. It is known from autoradio- 
graphic evidence that lump by lump the removal of wear 
material is heterogeneous, but on the other hand the data 
of Trigger and Chao (1) for cutting-tool wear and the data 
of Archard (12) for less severe rubbing show that the overall 
sustained wear at a given rubbing speed is a linear function 
of time. The amount of tool material removed will depend 
on the effect of temperature on both the adhesion proper- 
ties of reaction-modified tool material and its shear strength, 
and we shall postulate the temperature dependence of q 
as a power function: 


q = ¢,0¢ [11] 


where c, and a are constants. 

The relations expressing the temperature dependence of 
land An are developed in the Appendix. Substitution of the 
temperature dependent values into Equation [8] gives the 
following expression for tool wear per unit time: 


Co 


E, om 
w= (Ay) o@ RO+273)oyonwZPAic, -_ 
3 


cyGe-B/2+y/2-8 [12] 
which on collecting constants transforms to 
E, 
W = K@Se~ R@+ 273) [13] 


In logarithmic form Equation [13] becomes 


ng E, 
log W = S log 0 — > s03R@ + 273) 





+ log K. [14] 


Empirical equations of the following form can be fitted 
to the wear data of Trigger and Chao (1, 13): 


log W = IT log @ + log V [15] 


where JT and ¥ are constants. Equation [14] can also be 
fitted to these data. Figure 5 illustrates the case for the 
cutting of AISI 4150 steel with S-grade carbide. It wae 
found by trial computations that the value of E, in Equation 
[14] must be restricted to 30,000-40,000 calories per mole if 
the factor S is to have any physical interpretation. A value 
for E, of this order of magnitude is too small for the energy 
of activation of iron diffusing into tungsten or into tungsten 
carbide; however, it does seem to be of the right order of 
magnitude for the diffusion of iron into cobalt (which is a 
constituent of tungsten carbide tools). 

We see, then, that thé approach used has yielded an 
expression consistent with the observed wear phenomena of 
metal-cutting. All of the factors in Equation [12], the pre- 
cursor of Equation [14], can be related to the properties of 
the workpiece or to the properties of the tool material or to 
the cutting conditions. Particular mention should be made 
of the rate factor k, for migration of chip material across the 
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chip-tool boundary, which is not a diffusion constant in the 
accepted sense of the word. The units of k, are quantity of 
chip material crossing unit area of chip-tool boundary per 
unit time, whereas the units of a diffusion constant as 
commonly understood are square of distance per unit time. 
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Fic. 5. Comparison of Equation [14] with wear data. 


At the usual cutting speeds the time of contact of an element 
of chip surface with the tool surface over the whole length 
of the wear scar is only 10~-* to 10~* second, and the time of 
contact at an individual asperity is several orders of magni- 
tude less. To make the mechanism of migration consistent 
with the short time available, it is not thought of as trans- 
lation motion across the chip-tool boundary, but rather as 
the breaking of the bonds which identify atoms of chip 
material with the chip side of the boundary and the forma- 
tion of new bonds on the tool side of the boundary. The 
burden of expressing the course of events subsequent to this 
bond transfer then falls upon the reaction rate factor k, 
(see Equation [4]) and the lump removal factor q. 


4.Wear as a function of cutting speed 


A change of independent variable from 6, the chip-tool 
interface temperature, to V, the cutting speed, can be 
effected in Equation [14] by using the following relation: 


6 = AVS [16] 


where A and « are constants.* Equation [14] then trans- 
forms to 


E, 
2.303R(AV" + 273) 





log W = Q log V — + log K+ [17] 


where Q = S‘ and K+ = KAS. Just as Equation [14] 
expresses the linearity between wear and chip-tool inter- 


face temperature, so Equation [17] expresses the linearity 
between wear and cutting speed. 





3 Equation [16] is a simplified analogue of equation [33] in the 
paper by Loewen and Shaw (7). Only @ and V are variable. 


Equation [17] can be put into the form of the Taylor 
equation by assuming that for a given cutting geometry the 
volume wear on the face of the tool equivalent to tool failure 
is a constant. We can write 


where W, is the wear per unit time at cutting speed V, and 
t, is the time required to wear away the amount of tool 
material equivalent to failure, and W, and ?¢, are the wear 
rate and failure time respectively at cutting speed V,. On 
using the value of W given by Equation [17], Equation [18] 
becomes 


E, 
2.303R(AV< + 273) 


E, 
2.303R(AV5, + 273) 


log t, + Q log V, — 





[19] 





log t, + Q log V, — 


Let us fix ¢, at unity, which also fixes the value of V,, and 
then let V, and ¢, become variable. Then, 


1 E, 


log V = & 08 * — s303RO(AVe + 273) 





+ log K++ [20] 


where log K?+ represents the left hand member of Equation 
[19]. Except for the E,/2.303RQ(AV< + 273) term, Equa- 
tion [20] is the same as the logarithmic form of the Taylor 
equation. We have seen that within the accuracy of the 
available data expressions such as Equation [20] plot out as 
straight lines and in this respect are equivalent to the Taylor 
equation. The term log K++ has in it by implication proper- 
ties of the workpiece, properties of the tool material and 
other pertinent aspects of the cutting environment. These 
parameters can be evaluated explicitly by tracing the line 
of reasoning back to Equation [12], and thus we have a 
rational interpretation of the constant C in the Taylor 
equation. 


IlI, A MECHANISM FOR CUTTING-OIL ACTION 


I. The chemical action of additives 


On inspection of Equation [8] it is seen that of the factors 
there, o1, on, Z, p, Arand Ay are associated with the proper- 
ties of workpiece and tool and with the physical condition 
of the chip-tool interface; / and w are predetermined by the 
setting of the machine tool, the geometry of the cutting- 
tool and the properties of the tool material (/ is also affected 
by the cutting speed). No reasonable mode of action can be 
postulated by which the cutting-oil could affect these fac- 
tors. This leaves only the processes governed by k, and 
q as responsive to cutting-oil action. Since effective cutting- 
oil additives are chemically active substances, the mechan- 
ism of cutting-oil action should involve the chemical 
activity of the additive substance. 

Let us go back to the model illustrated by Fig. 3, and let 
us now consider the effect of a certain amount of additive X 
evenly distributed over the interface. Atoms of metal on 
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the chip side of the interface with enough energy of activa- 
tion to migrate across the boundary will also be activated 
enough to react with the additive, 


Mn + X — MnX 


thereby reducing the flux of chip atoms into the tool surface, 
so that the value of k, in Equation [3] will be less for lubri- 
cated cutting than for dry cutting. This by itself could ac- 
count for a reduction in wear (see Equation [7]). However, 
chemical reaction of additive with chip material is not 
restricted to the chip side of the interface but can also occur 
with chip material which has migrated across the boundary 
into the tool. 

We shall therefore examine the kinetics of the two com- 
peting reactions: 


M; + Mr —~> Mr 
and 


My; + X —> MrX 


where the first expression represents the interaction of 
migrated chip material and tool material, and the second 
expression represents the combination of additive with 
migrated chip material. The rate of interaction of chip 
material with tool material is given by Equation [4]. If it 
is assumed that the concentration of X is so large compared 
with the concentration of My that the former can be treated 
as a constant, then the rate of additive reaction can be 
written as 


d[MyX 
Oe) — bala) (2 





where m’ is the factor for additive concentration and k, is 
the rate constant. The net concentration of My is given by 


— = ki, — mky[My] — m'k,[Mi] [22] 


where k, denotes the migration constant for chip material 
across the interface in the presence of lubricant. Integration 
gives 


, 


[Mz] = (1 ans e—(mk, + m7 ,)t), [23] 


1 
mk, +- m'k, 


Substitution of this value in Equation [4] and integration 
gives the following: 
kimk, _ kimk, 
mk, +- m'ks (mk, + m'k,)? . 
kimk, 
(mk, + m’ks)* 


— (mk, + m’k,)t _ 


[Mr] = 


[24a] 


If it is assumed that the rate of reaction of diffused chip 
material is very fast compared with the rate of chip-tool 
interaction, which in turn is very fast compared with the 


rate of migration of chip material, i.e. kj > k, > ki, then 
to a usable approximation Equation [24a] becomes 





mk\k, 
With this value of [Mz] Equation [7] becomes 
’ mk k, 
Wo =F m'ks [25] 


where W, is the wear per unit area of tool surface in unit 
time via the chip-tool interaction mechanism for perfect 
contact. 

A wear mechanism operative in lubricated cutting not 
present in dry cutting involves the following reaction of 
cutting-oil additive with tool metal: 


Mr+ X — Mrx. 
By assuming that the concentrations of both tool metal and 
additive are so large compared with the extent of reaction 
that they remain virtually unchanged, we get the following 
expression : 


[MX] = mm'k,t [26] 


where k, is the reaction rate constant. The expression for 


wear per unit area of tool surface in unit time jy this 
mechanism for the case of total contact is 
MrX 
Wy = 9 A ome’ [27] 


where g* is a proportionality factor for the amount of tool 
metal worn off via direct chemical reaction of the additive. 


2. Chemical action and the Taylor equation 


The following two equations (see the Appendix for their 
derivation) express the wear of a cutting-tool in the presence 
of lubricant when the surface of contact between chip and 
tool contains asperities: 


E, - E, a E, 
2.303R(AV« + 273) 





log W’ = Q log V — + log K’ [28] 


E, 
2.303R(AV© + 273) 





log W” = Q* log V — + log K” [29] 


where W’ is the wear per unit time for that portion of the 
tool wear attributable to the interaction of chip metal and 
tool metal and W’ is the wear per unit time for that portion 
of the tool wear resulting from the direct action of cutting- 
oil additive on the tool material. Total wear is given by 


log Wy = log W’ + log W’. [30] 


The quantity log Wy is a linear function of cutting speed, 
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since it is a linear combination of two expressions which in 
themselves are linear. 

The effect of cutting-oil on the slope of the wear function 
can readily be shown by comparison of Equation [28] with 
Equation [17]. The value of Q, involving as it does proper- 
ties of chip material and of tool material, should not be 
affected by the presence of cutting-oil. But since, in these 
equations, a term of the form E/2.303R(AV* + 273) is 
subtracted from the Q log V term, then if the numerical 
value of E, + E, — E; is greater than the numerical value 
of E,, the slope of the log W function will be greater for 
lubricated cutting. This presupposes that the wear attribut- 
able to direct action of the cutting-oil additive on the tool 
material (Equation [29]) is negligible in comparison with 
wear by chip-tool interaction, a reasonable supposition for 
those cases in which the use of cutting-oil effects a marked 
reduction in wear. 

If the use of cutting-oil results in an increase of wear over 
dry cutting, it is evident that the second term in Equation 
[30] is the dominant one and that the numerical value of 
Equation [30] is greater than the numerical value of 
Equation [17]. 

With certain additives there is a decrease in wear with 
increasing concentration of additive up to a certain level, 
beyond which further increase in additive concentration 
results in increased wear (see Fig. 6). If we examine the 
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relation of Equations [28a] and [29a] in the Appendix to 
Equations [28], [29] and [30], we see that the additive con- 
centration factor m’ appears in the denominator of Equation 
[28a] and in the numerator of Equation [29a]. It can easily be 
determined that there exist combinations of W’ + W” such 
that W’/x + W’x is less than or greater than W’ + W’, 
depending on the value of x, so that therefore the observed 
behavior for progressively increasing additive concentra- 
tion is consistent with Equations [28] and [29]. 

If we wish to interpret the effect of cutting-oils on wear 
in terms of tool life, it is only necessary to recall that the 


wear corresponding to tool failure is a fixed quantity for a 
given set of cutting conditions; i.e. 


W,L = constant [31] 


where Wg may be the wear rate for either dry cutting or 
lubricated cutting. Since log Wg is a linear function of log V 
it follows that log L is also a straight line function of log V 
but with a negative slope. Therefore, the factors in cutting- 
oil action which influence the slope of log Wg influence the 
slope of log L in the reverse sense. If the value of L is 
fixed at unity, the value of Wg is also fixed. If by the use of 
cutting-oil the numerical value of Wg becomes less than 
the numerical value of the dry cutting wear at a given cutting 
speed, or if by increase or decrease of additive concentra- 
tion the wear rate at a given cutting speed is changed,then 
in order to satisfy Equation [31] and keep L at a value of 
unity, the cutting speed must be altered. Now the constant 
C in the Taylor equation is equal to the cutting speed for a 
tool life of one minute; hence we have shown the mechan- 
ism by which cutting oils affect the constant C. 


Conclusion 

In demonstrating that the Taylor equation has a rational 
background it was necessary to make several approximations 
to arrive at a linear expression for the logarithm of wear as a 
function of the logarithm of cutting speed or of chip-tool 
interface temperature. These approximations may not be 
valid for all cutting conditions. In the range of speeds over 
which the Taylor relation has been intensively studied, the 
difficulty of obtaining reproducible data may obscure any 
small systematic deviations from linearity. It is conceivable 
then, that under extremely specialized conditions the rela- 
tion between the logarithm of tool wear and the logarithm 
of cutting speed could become perceptibly nonlinear. 

It has been tacitly assumed throughout this discussion 
that the amount of cutting-oil which actually reaches the 
chip-tool interface is sparse in comparison with the number 
of sites available for migration of chip-metal; otherwise 
we would not expect to find strong concentration-dependent 
additive effects. The mechanism by which cutting-oil 
enters the rubbing zone has never been adequately studied 
and no positive evidence has ever been adduced to demon- 
strate the presence of a liquid film at the chip-tool inter- 
face. According to the theory presented in this paper, it is 
not necessarily required to have an interposing film, liquid 
or solid, to reduce cutting-tool wear. The action of the 
cutting-oil additive takes place at individual active sites to 
decrease the number of atoms of chip metal which migrate 
into the tool and there react with the tool material. 

The cooling effect of cutting-oils was not treated in this 
paper. If it is doubtful that any appreciable liquid film is 
present at the chip-tool interface, it must also be doubtful 
whether there is any significant heat abstraction there. 
Instead, it is more likely that cooling occurs along the back 
surface of the chip, particularly in the vicinity of the shear 
zone, as a gross effect of the flood of cutting-oil over the 
chip and workpiece. The influence of this cooling action 
on tool life would operate by alteration of the constants in 
Equation [16], the relation between chip-—tool interface 
temperature and cutting speed. 
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APPENDIX 


1. Asperity encounter and wear 


The asperities on the chip surface will be regarded as 
deformable, those on the tool surface as rigid and unyielding. 
Let us select an asperity on the tool surface at random and 
examine the encounters between it and the asperities in the 
chip surface as the chip moves relative to the tool for unit 
time with velocity V,. Let the area of the tool asperity be 
Ar;- Now let us consider a random encounter with an 
asperity in the chip surface; a fraction z,; of the surface of 
the tool asperity will come in contact with the surface of the 
chip asperity. If the area of the randomly encountered’ chip 
asperity is Ay;;, the distance that the tool asperity travels 
over it in the direction of relative chip—tool motion is given 
by ~,;/Anij;, where p;; represents the proportionality 
function between the area of the chip asperity and the 
average linear distance of asperity contact. The time of 
contact between an element of the tool asperity area and the 
chip asperity will be given by p,;WAyy;;/V,. As the chip 
travels over the tool for unit time at a velocity V,, the ith 
tool asperity will encounter ; chip asperities. On applying 
Equation [7] to calculate the wear on the ith tool asperity 
we obtain 

hg Au << 
Wi = y, = > py V Ani. [8a] 


ij=1 





To obtain the total wear of the tool as the chip passes over it 
for unit time we must make a similar summation for the v 
tool asperities in the chip-tool interface: i.e. 


i=v 


i= ni 
k << 
W= a > Ai; Zs Pis VArts - [8b] 
t 

=1 j=l 


Now let us regard the wear scar area on the face of the cut- 
ting-tool as a chip—tool interface with a length / and a width 
w. Let us replace the summation of all the 2,;A;, factors in 
Equation [8b] by the quantity oy/wz,Ayz, where Ay is defined 
as the mean area of an individual tool asperity and 2, as the 
mean fraction of this area which makes contact with the chip 
asperities; oy is the average number of such asperities per 
unit area of wear scar on the tool face. This gives us the 
mean total area of tool surface which is actually in contact 
with the chip surface. As the chip travels over the wear 
scar, each tool aspcrity sweeps out an area 2,(Ax)#V,, 
where 2,(A1)* represents the mean width of a single tool 
asperity. We then replace the summation of all the factors 
PijyV Ans by onz,(Ax)*V,p(An)?, where An is the mean 
area of an individual chip asperity and p(Am)* represents 
the mean length of the chip asperity which comes in contact 
with a tool asperity; om is the average number of chip 
asperities per unit area of chip surface. By setting up the 
relation 


i=» ij = pi 
o,lw2,Ayoy;22 (Ax) V,p(An)* = b3 Ay; v3 Spi V Antes 
int fa 


[8c] 


we replace the model with heterogeneously distributed 
asperities by a model with homogeneously distributed 
asperities which has equivalent properties insofar as area 
and time of true interface contact are concerned. If we 
denote the product 2,2, by Z and then substitute the left 
hand member of Equation [8c] into Equation [8b], we get 
Equation [9] of the text. 


2. Temperature dependence of wear parameters 


The average area of a single tool asperity A; can be re- 
garded as constant, but for An, the average area of a chip 
asperity, we shall adopt the expression used by Bowden 
and Tabor (14) for the area of a conical asperity: 


F 


Au= ay [12a] 


where F is the force pressing the chip against the tool face 
(see Fig. 2) and Y is the yield pressure of the chip material. 
Empirically F is known to be a function of cutting speed 
(see Fig. 7), which over a short range can be expressed with 
sufficient accuracy as a negative power function: 


F = c,6-6 ~ [12b] 
where c, is a constant. Similarly, Y can be written as 


Y=c,0-7 . [12c] 
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Fic. 7. Force normal to tool face as a function of cutting 
temperature. 


The length of the chip-tool interface / also depends on 
cutting speed (see Fig. 8) and can be written 














l=c,0-*. [12d] 
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3. Chemical action and wear 


For the case of lubricated cutting Equation [12] becomes 


, E, E, — Es; 
w' = AdoAks)o 6 Re)’ cyonw2pAr**c, 
m'(Rs)o 


Ce a—p/2+y/2-8 
—— C0 [28a] 
3c 


On collecting constants this transforms to 


Ei: +E,—Es 
W’ = K*@8e ~R@+ 273) [28b] 
or in terms of cutting speed 
E, + E, — Es 
W’ = K’'Ve™ RAVE + 273), [28c] 


where Q = Se and K’ = K*)8, 

The surface geometry pertinent to the wear by direct 
chemical action involves only the real asperity contact area 
of the wear scar on the tool; hence 


W’ = q*mm'k,oylwz,Ar [29a] 
If the temperature dependence of g* is expressed by 
g* = c,68 [29b] 
we get 
W" = mm'(k,)¢~ RO TT) oyw2,Ayc,c,6-8,  [29c] 
which on collecting constants becomes 
w= K**$5e-RO +275) [29d] 
Changing the variable to cutting speed gives 
W" = K’VO%e~ RAVE F273) [29e] 
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Boundary Lubrication, Wear-in and Hydrodynamic Behavior 
of Bearings for Liquid Metals and Other Fluids 


By L. F. COFFIN, Jr. 


Various material combinations are investigated in the form of thrust bearings in such fluids as 

sodium—potassium eutectic, xylene and spindle oil. It is found that with these fluids certain 

material combinations can be made to perform satisfactorily as hydrodynamic bearings by a 

process of wearing-in. With these unique combinations it is possible to obtain film thicknesses 

of the order of 10 x 10~* inches by extreme wear-in. The characteristics of bearings worn in 
to this degree are reported and mechanisms for the observed effects discussed. 


Introduction 


THERE are many applications for bearings capable of 
operating hydrodynamically in fluids generally considered 
to be non-lubricants. Examples include thrust and sleeve 
bearings for impellers in the pumping or circulation of 
various fluids, guide bearings for control and activating 
devices, and a host of other possibilities. In order to deter- 
mine the conditions under which non-lubricating fluids can 
be used as hydrodynamic bearings, it is necessary to de- 
termine first the properties which lubricating fluids possess 
which permit their general success in a broad variety of 
applications. 

Two unique properties principally define a lubricating 
fluid. These are (1) a high viscosity at operating temperature 
and (2) an ability to provide effective boundary lubrication 
when the load is only partially supported by hydrodynamic 
action. The former is the single fluid property directly 
related to load-carrying ability, the latter is a property which 
in conjunction with those of the solid materials of the bear- 
ings, prevents or reduces surface damage to the bearing in 
the partial or complete absence of hydrodynamic perform- 
ance. Any fluid can be made to carry a load under completely 
hydrodynamic conditions, provided these conditions are 
maintained at all times. The problem then is to prevent 
damage to the bearing under start and stop conditions, 
where solid contact occurs and the resulting adhesion can 
cause excessive frictional force, scoring, and irreparable 
damage to the bearing surfaces. 

A design relationship exists between the two properties, 
viscosity and boundary lubricating quality or lubricity. 
This can best be seen by considering Petroff’s equation 
for a thrust bearing, or 


2 R&—R,* Zw 
oats R?— R22 P [1] 


where f is the coefficient of friction, c the clearance between 
the fixed and rotating surfaces, Rj and Ro the outer and 
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inner radius of the thrust bearing surface, respectively, Z 
the viscosity, w the angular velocity and P the normal 
pressure. The units are chosen such that f is a dimensionless 
number. This equation is derived by calculating the viscous 
force acting on an unloaded annular surface located at a 
distance c from another surface in a fluid of viscosity Z 
when rotated at an angular velocity of w. A coefficient of 
friction is then defined as this shearing force divided by the 
normal force of P times the bearing area. This gives the 
friction coefficient for a parallel-faced bearing. 

Examination of Equation [1] clearly indicates the role of 
viscosity in determining the magnitude of the film thickness, 
other conditions being equal. Conventional lubricants have 
viscosities of the order of from 10 to 1000 centipoises while 
a large group of liquids, including water and liquid metals, 
have viscosities of about 1 centipoise. Thus film thick- 
nesses for this latter group of liquids can become very low 
and reach the same order of magnitude as the surface 
roughness. Under these circumstances the lubricating 
qualities of the fluid on the particular solids involved be- 
come extremely important, since the changes in the charac- 
ter of the rubbing surfaces determines whether hydro- 
dynamic conditions can ever be achieved. Only when 
“‘wearing-in”’ takes place, a process in which the two sur- 
surfaces become accommodated to one another under con- 
tinuous sliding, can the bearing achieve a hydrodynamic 
state. However, by decreasing loads or increasing speeds 
so as to increase the film thickness, the boundary lubrication 
problem becomes less significant. 

In the development of the sodium technology for applica- 
tion to liquid-metal cooled reactors, limited experience in 
pumping the fluid by mechanical pumps with immersed 
bearings indicated that a better understanding was needed 
of the behavior of bearings in non-lubricating fluids. In a 
hydrodynamically operated bearing, sodium presented no 
problem provided adequate clearance could be maintained 
by making the bearing quite large so as to reduce the unit 
bearing load. When metal-to-metal contact occurred, on the 
other hand, damage to the bearing surfaces tended to be 
severe for most material combinations and unsatisfactory 
performance resulted. It was evident that an improvement 
in the sliding characteristics of materials suitable for bearing 
application in a sodium atmosphere was required before 
immersed bearings could be used satisfactorily. 
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One attack on this problem was to determine a criterion 
for selection of bearing material combinations so as to 
minimize the degree of damage to the bearing surfaces 
during boundary lubrication operation. Results of this 
investigation (1) showed that in an inerf gaseous atmosphere 
the alloying ability of the mating metallic materials de- 
termined the sliding characteristics. When a phase diagram 
of the two constituents indicated no solid solution or inter- 
metallic compound formation, adhesion would be expected 
to be weak, and surface damage minimized. On the other 
hand, if a possible alloy could be formed, this would increase 
the adhesion and lead to marked surface damage. Experi- 
ments showed that this was the case, and in fact, that two 
types of sliding occurred, depending on the degree of 
alloying, sliding by shear, and sliding by welding. Other 
investigators (2, 3) have studied this same problem with 
somewhat similar results. 

Some studies were carried out on the sliding character- 
istics of alloying metal pairs in liquids with poor lubricating 
qualities (4). Here it was found that for each pair and liquid 
a characteristic temperature known as the transition tem- 
perature, existed, below which sliding occurs by shear and 
above which sliding by welding took place. This transition 
temperature was very insensitive to load but increased with 
sliding velocity. More recently Cowley, Ultee, and West 
(5) reported similar effects for lubricating fluids at high 
temperatures. 

The above studies were performed under conditions of 
high load and very low sliding velocity using a disk and 
rider apparatus. It was important to know whether the 
conclusions drawn from these investigations were applic- 
able to actual bearing configurations. Consequently a bear- 
ing investigation was undertaken in which the character- 
istics of various thrust bearing configurations were explored 
with a variety of material combinations in several liquids. 
This paper describes the investigation and the results 
obtained. 


Test apparatus 


The experimental program was conducted in a thrust 
bearing test apparatus shown in Fig. 1. Basically the ap- 
paratus consisted of a floor-mounted drill press powered by 
a thymotrol-controlled variable speed motor. The thrust 
bearing under study was contained in a heavy-walled 
stainless-steel chamber, having a stainless-steel cover con- 
nected to the chamber by bolts and a ring seal. The chamber 
was mounted on a table which pivoted about a vertical axis. 
The frictional torque of the test bearing was transmitted 
through the chamber to a strain-sensitive spring which 
prevented rotation of the table. Normal force was applied 
by a calibrated spring located between the frame and the 
spindle guide. The frictional torque was recorded con- 
tinuously during the test by means of strain gages and a 
Brush strain-gage amplifier and recorder. 

Various fluids could be introduced to the chamber and 
maintained at a given temperature by an external calrod 
heater and suitable temperature controls. In the case of 
fluids such as sodium or sodium—potassium eutectic (NaK), 
requiring an inert atmosphere, a fluid seal was introduced 





Fic. 1. Test apparatus. 


between the spindle extending into the test chamber and 
the chamber cover. It consisted of an annular cup of spindle 
oil mounted to the cover and a thin ring attached to the 
spindle which rotated in the cup. Argon was used as a 
cover gas for the NaK, the gas pressure being adjusted 
until the gas slowly bubbled through the spindle oil. 

Numerous modifications were made to the machine 
during the course of the program as more was learned about 
the behavior of the bearing and the requirements for 
successful performance. Various modifications included: 

1. A fast-response temperature controller to reduce the 

level of temperature fluctuations. 

2. A second bearing for the spindle to guide and support 
the extended spindle containing the rotating member 
of the thrust bearing. 

3. A gimbals arrangement serving as a holder for the 
fixed member of the thrust bearing for improved 
alignment. 

4. Use of a screw jack to carry the thrust load directly to 
the base rather than through the adjustable platform, 
for improved stiffness. 

With respect to item 1 above, an anticipator was used in 
conjunction with a temperature controller-recorder. This 
device produced a small but rapid fluctuation in the thermo- 
couple signal received by the controller, and in effect re- 
duced the time constant of the system so as to produce 
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essentially a constant temperature where otherwise a slowly 
oscillating temperature occurred. The gimbals described in 
item 3 was designed to eliminate relative radial motion 
between the rotating members while permitting a slight 
wobbling motion to the fixed face of the bearing. This con- 
dition was brought on when the face of the rotating member 
of the bearing was not exactly normal to its axis of rotation. 
The relative radial motion was eliminated by designing the 
gimbals so that the two crossed axes of the gimbals were in 
the same plane and coincided with the plane of the bearing 
surface. 

Variables permitted by the equipment included controlled 
speeds from 25 to 1600 rpm, loads up to 500 Ib, controlled 
temperatures up to 500°C. The frictional force measuring 
equipment could detect a force as low as 0.2 Ib, such that if 
full load were applied, a minimum coefficient of friction of 
0.0004 could be measured. 


Materials and fluids 


In the final form, the bearing under test consisted of a 
fixed member of one material in the shape of a 3 in. diam- 
eter flat disk mounted in a gimbals support, and a rotating 
member of another material attached to the spindle of the 
drill press. The desired bearing profile was developed on 
the rotating member. The fluid was initially admitted 
directly to the chamber, following which the cover was 
securely bolted into place. In the case of the sodium— 
potassium eutectic, a small filling tube was connected be- 
tween the sealed chamber and a small NaK container. 
After careful purging with argon, NaK was introduced to 
the chamber. This was accomplished by using NaK con- 
tainers having two openings, one above the free surface, 
the other connected to a tube running to the bottom of the 
container. By connecting this second opening to the cham- 
ber, gas pressure could be used to force the contents of the 
container into the chamber. 

The various materials and fluids used are listed in Table 1. 
Only a few of the combinations possible from this table were 
tested, since the purpose of the program was to study bear- 


TABLE | 
Materials and Fluids Used in Thrust Bearing Investigation. 








Fixed member Rotating member Fluid 
Tungsten carbide | Copper (OFHC) NaK eutectic 
(13% cobalt) composition). 
Tungsten Nickel (grade A) Water (distilled) 
Titanium nitride Beryllium copper Kerosene 
(hot pressed) (Cu-2% Be) (commercial purity) 
Tool steel Aluminum bronze Spindle oil 
(hardened) (Cu-10% Al) 
Titanium carbide | Manganese-copper Silicone oil (G.E. 
(hot pressed) (95% Mn-5% Cu) spec. 9981- 
LTNV-40) 
Xylene (c.p.) 
Titanium 
Steel 
(0.08 C-annealed) 
Silver (silver plated 
copper) 











ing behavior rather than compatibility of material. The 
principal basis for selecting a particular bearing combina- 
tion for study was (a) resistance to chemical attack in the 
environment (especially NaK) and (b) the lack of alloying 
as indicated from the phase diagram of the mating pair (1). 
These two conditions ruled out all but a very limited 
number of possible bearing combinations for NaK, but 
was not too restrictive for other fluids. 

Surface preparation was found to be quite important, as 
will be seen later. It will be observed in Table 1 that the 
fixed member, with the exception of tungsten, was quite 
hard. It was necessary to obtain a high degree of flatness 
and smoothness of this surface. A careful lapping and 
polishing was performed until a surface roughness of 1-2 
microinches rms was reached. Flatness was checked by 
the quality of surface reflection. In some cases an optical 
flat was used to determine the degree of flatness so achieved. 

Various bearing configurations for the rotating member 
were studied during the course of the investigation. These 
are described in detail in Fig. 2. The large number of 
configurations arose as a consequence of the search for the 
optimum bearing geometry when operating with extremely 
thin films. 


Experimental program 


The experimental program was inspired initially by some 
earlier tests which indicated that certain material combina- 
tions might serve as suitable bearing combinations in a 
sodium or NaK environment (1). One such couple, copper 
and cobalt-bonded tungsten carbide seemed particularly 
well suited because of their relative hardness, and the ability 
of tungsten carbide to receive a high quality surface finish. 
Some preliminary bearing tests performed on this couple 
in NaK gave further incentive to the investigation by indi- 
cating a much greater contribution of the hydrodynamic- 
load-carrying capacity than was expected. About twenty- 
five separate experiments were carried out subsequently on 
the copper-tungsten carbide couple in NaK in order to 
learn more about the phenomenon observed and the con- 
ditions required to achieve extremely thin-film hydro- 
dynamic lubrication. Only those tests believed to be perti- 
nent to the present discussion have been included. 


(a) Copper vs. Tungsten Carbide in NaK—Stepped-land 
Profile—Initially it was felt desirable to have carefully 
machined profiles on the rotating copper bearing face so as 
to develop a hydrodynamic action under light loads. The 
form of profile chosen was that of the Rayleigh stepped 
land (6), the dimensions of which are shown in Fig. 2 (type 
I, modification 1). The step was developed by a differential 
etching technique by which steps of the order of 0.0015 in. 
were produced. From reference (6), Equation [8-31], under 
optimum operating conditions a bearing load of about 
0.2 Ib was calculated for this bearing assuming a viscosity of 
0.3 centipoise, a speed of 400 rpm and a clearance of 
0.0017 in. It was apparent then that this particular type of 
lubrication would contribute little to the support of hydro- 
dynamic loads of the order of the capacity of the machine. 
On the other hand, if some other phenomenon was present 
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Fic. 2. Bearing configurations studied. 


to produce hydrodynamic action, the speed and load range 
of the apparatus were suitable for its investigation. 

The action of this particular bearing test did indeed verify 
the observations of the preliminary tests. It was found 
initially that the application of a load of any magnitude 
(above 20 lb) produced a friction coefficient equivalent to 
that which would have been produced in the absence of any 
fluid. However, when this load was maintained on the 
bearing, the friction coefficient would graduaily decrease 
with time. If, after the friction coefficient had dropped to 
about half its initial value, the load was raised, the friction 
coefficient would increase substantially. Maintaining this 
load and with the same speed and temperature, the friction 
again decreased with time. If, following a suitable drop in 
friction, the load was decreased to its original value, the 
measured friction coefficient was found to be substantially 
lower than prior to the application of the higher load. This 
“‘wearing-in” process was found to be a rather consistent 
one. By increasing the load in steps, with suitable intervals 
in between, the friction coefficient could gradually be de- 
creased to lower and lower values until it became apparent 
that the load carried by the bearing was essentially a 
result of hydrodynamic action. It was found, for example, 
that at 200°C this bearing could bear a load of 300 Ib at 
400 rpm with a friction coefficient of 0.006. A typical 
wearing-in curve for this bearing combination in NaK at 
200°C is shown in Fig. 3. The elapsed time for each reading 
is given to show the time dependence of the wearing-in 
process. It is of particular interest to note that in the ad- 
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Fic. 3. Wear-in of copper—tungsten carbide thrust bearing in 
NaK at 200°C, 


vance state of wear-in, a curve of friction coefficient f vs. 
the dimensionless parameter ZN/P occurs which is typical 
of conventional bearings in that a minimum state of friction 
is found, separating the hydrodynamic range on the right 
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and the boundary lubrication region on the left. Although 
the representation of ZN/P vs. f is dimensionless (where Z 
is the viscosity, N the angular velocity, and P the pressure, 
all in consistent units) it is conventional practice to present 
this combination of variables with the viscosity in centi- 
poise, N in rpm and P in Ib/in®. With these units, the value 
of ZN/P for minimum friction becomes 1.12 for this par- 
ticular test. 

In addition to the surprising wearing-in quality of this 
bearing, two other related effects were observed during this 
series of tests. One effect observed was that, although the 
temperature was controlled at 200°C, nevertheless the large 
thermal mass of the system permitted a temperature fluc- 
tuation of +5°C. It was found that when the bearing was 
operating in the boundary region state just to the left of 
the minimum friction state, a pronounced fluctuation in 
friction occurred, which exactly coincided with the tem- 
perature fluctuations. If the temperature oscillation was 
increased (by adjustment of the control voltage to the heater) 
the friction oscillation also increased. 

The second related observation was the drastic effect 
that an abrupt change in temperature had on the friction 
characteristics. If the temperature was increased or de- 
creased by 50 or 100°C from a well-worn-in state, it was 
found that the friction coefficient would in either case rise 
sharply to values corresponding to those initially encoun- 
tered when the wear-in process was just begun. Good 
running qualities could be achieved at this higher tempera- 
ture only by maintaining this temperature and going through 
the wearing-in process as required at the initial temperature. 

It was reasoned from the above observations that during 
the wearing-in process the two surfaces were gradually 
fitting together until an extremely thin, fluid film entirely 
separated the surfaces. The details of this process are dis- 
cussed at a later point; however, it should be pointed out 
here that the thickness of the film must be of the order of 
60 x 10-® inches as determined by applying the experi- 
mentally obtained values of Fig. 3 to Equation [1]. When 
a fit of this kind has been achieved, it is apparent that the 
two sliding surfaces will not be flat, but rather will mesh 
together in a fashion similar to screw threads. From this 
picture it is clear why the bearing was so sensitive to 
temperature fluctuations. Copper and tungsten carbide 
are badly mismatched insofar as their temperature coeffi- 
cients of thermal expansion are concerned (16.5 x 10-® 
vs. 5.5 x 10-*/°C). A small change in temperature then 
produces a relative radial displacement which then leads 
to a misfit in the otherwise meshed surfaces, as would occur 
in the above analogy when the screw threads are of different 
size and pitch. It is possible to calculate from the above 
information, the order of magnitude of the film thickness. 
If, for example, a 5°C change produced a rise in friction, and 
using three quarters of an inch as the mean radius of the 
bearing, there is a relative radial displacement of 0.75 x 
(16.5 — 5.5) x 10-® x 5°C = approx. 60 x 10-® in/in. 
assuming the meshing asperities to consist of 90° V- 
threads. This, then, constitutes the order of magnitude of 
the film thickness. 

Bearing performance with such thin films obviously 
requires the exercise of extreme care in testing. When this 


fact was recognized several modifications in the testing 
procedure were undertaken. First, to control the differential 
expansion problem, the copper bearing face was made by 
diffusion bonding a 4 in. copper face to a nickel—iron alloy 
having an overall expansion coefficient matching that of 
the tungsten carbide over the temperature range used. This 
design is shown in Fig. 2 as type 1, modification 3. A 
heavy layer of copper was also deposited on this alloy by 
electroplating and sintering. Bearings of this type gave 
improved frictional characteristics with temperature oscilla- 
tion, but did not completely eliminate the frictional fluctua- 
tion occurring with temperature control. The oscillations 
were finally eliminated by introduction of a rapidly- 
responding temperature controller, as discussed above. 

A second factor of importance in successful operation of 
thin-film bearings is the need for the development of 
repetitive sliding conditions over the entire bearing face. 
Obviously, if one face of the bearing undergoes some ran- 
dom radial displacement as well as a rotational motion 
relative to the other face, the bearing will never wear in. 
With the apparatus as originally designed, changes in load, 
speed and temperature would produce sufficient relative 
radial motion to make the friction coefficient highly sensi- 
tive to any adjustment in operating conditions. The various 
modifications as described in Test apparatus above were 
necessary to overcome this difficulty. 

Several tests were run using the stepped-land design, 
both with and without radial grooves, using NaK as the 
fluid. Some of the tested bearings are shown in Fig. 4. In 
general, these bearings produced a wearing-in tendency in 
the manner described above, some with more success than 
others, depending largely on the degree of play (relative 
radial motion) developed. The presence of a radial groove 
did not appear to be particularly important, presumably 
because with the extremely thin film clearance, the depth 
of the etched step in the bearing was sufficiently great to be 
effectively a groove. 

Referring to Fig. 4, in experiment 57 some copper has 
been transferred to the tungsten carbide surface. This was a 
very early test and was subjected to rather severe tempera- 
ture and load. For the balance of the tungsten carbide sur- 
faces shown there is no visible evidence of wear or metal 
transfer. Experiment number 64 is an example of a copper- 
faced nickel—iron bearing. 

Because of the thin-film nature of lubrication the degree 
of flatness of the tungsten carbide surface assumed import- 
ance. It was found, for example, that once a tungsten 
carbide surface had been used as a bearing it could not be 
used again with similar success until the surface was re- 


finished. 


(b) Other Successful Stepped-land Bearing Combinations in 
NaK—Although several other material combinations were 
tried, only one combination, tungsten vs. copper, was 
found to develop the wearing-in characteristics of the copper 
vs. tungsten carbide couple in NaK. This couple also 
exhibited good sliding characteristics in dry friction tests (1) 
and is a non-alloying couple. The tested bearing as shown 
in Fig. 5, has a stepped-land copper face. The tungsten 
face was obtained by copper brazing a 4 in. tungsten sheet 
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Fic. 4. Copper-tungsten carbide bearings in NaK. 





Fic. 5. Copper—tungsten thrust bearing in NaK. 


to a stainless-steel block and carefully lapping the surface 
to a finish to 1-2 x 10~* inches rms. 

This particular couple was run to temperatures as high 
as 400°C. At this temperature, a load of 111 lb produced a 
minimum coefficient of 0.0075 at 400 rpm. This corre- 
sponds to a ZN/P (non-consistent units) of 1.47. The wear- 
ing-in of this couple was much more rapid than the corre- 
sponding copper-tungsten carbide bearings but the mini- 
mum ZN/P values* reached were higher, conceivably due 
to thermal distortions of the tungsten face. 





® Here and in the following pages the minimum ZN/P refers to 
the minimum attainable without producing boundary lubrication. 


(c) Unsuccessful Stepped-land Bearing Combinations in 
NaK—Many bearing combinations were run in sodium- 
potassium eutectic under the above described conditions 
which were not successful, that is, did not show any ten- 
dency to wear in, but rather exhibited a more or less con- 
stant friction coefficient regardless of speed or load. In- 
cluded in this group were nickel-tungsten carbide, beryl- 
lium—copper vs. tungsten carbide, aluminium bronze vs. 
tungsten carbide, copper vs. hardened tool steel, man- 
ganese-copper vs. tungsten carbide and titanium vs. 
tungsten carbide. The bearing configurations used were of 
the stepped-land type as shown in Fig. 2. Each of these 
combinations were run for at least 24 hours under low 
load and high speed conditions, which most easily produced 
wear-in for the bearing combinations described above. 
When no wearing-in was indicated the test was stopped. 
Figure 6 shows the resulting surfaces, most of which were 
badly scored. In some tests zinc or other low melting 
metals were added to the NaK at a late stage of 
a test to reduce chatter and to improve wearing-in. These 
conditions were beneficial in quieting the bearing but did 
not improve the wearing-in qualities. 


(d) Flat-faced Radially-grooved Bearings—Copper—Tung- 
sten Carbide in NaK—When it was recognized that the 
clearances developed were in the microinch range under 
the operating conditions of a well worn-in bearing, it 
became apparent that the stepped-land bearing profile 
represented an unnecessary complication in design. As 
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c. 


EXP. 74 ALUMINIUM BRONZE VS. TUNGSTE! 
ARBIDE IN Nak. ZINC ADDED. 





Fic. 6. Unsuccessful bearing combinations in NaK. 


discussed later, the lift action developed in these bearings 
was considered to be a result of thermal heating and ex- 
pansion. Under these circumstances, the requirements for 
the bearing configuration would seem to be (a) the supply 
of an adequate amount of fluid to the bearing pad, and (b) 
the maintenance of a sufficiently short pad to facilitate the 
wearing-in process and prevent excessive side leakage. 
Hence, a new type of bearing profile was introduced, as 
shown in Fig. 2, where the rotating face of the bearing 
consisted of a flat face with closely spaced radial grooves. 
The copper vs. tungsten carbide couple was investigated 
with this configuration using NaK as a fluid. 

By maintaining a temperature of 250°C throughout the 
test, the wearing-in process occurred as before although the 
rate was reduced. Figure 7 gives the results of various f vs. 
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Fic. 7. Wear-in of copper—-tungsten carbide in NaK at 250°C. 
K 


ZN/P data taken at various intervals throughout the test. 
Note that a minimum curve was obtained after some 24 
days of operations. After this time a minimum ZN/P of 
0.8 was obtained, corresponding to a friction coefficient of 
0.0008. The slow wearing-in was attributed to the larger 
surface of the copper requiring adjustment for hydro- 
dynamic operation. 

The bearing surfaces following the test are shown in 
Fig. 8. The copper surface was found to be well polished 
and no evidence of transferred copper was visible on the 
tungsten carbide face. The successful performance of this 
particular configuration confirmed the belief that the thermal 
wedge action was responsible for hydrodynamic lift de- 
veloped by the bearing. 


(e) Three-pad Bearing—Copper vs. Tungsten Carbide in 
NaK—The above bearing tests indicated that substantial 
wearing-in was possible with the copper vs. tungsten carbide 
in NaK. It was desired to find out how much wearing-in 
could actually be achieved in this environment. Conse- 
quently a bearing design was conceived in which fluid 
pressures as high as 10,000 psi were possible without 
changing the capacity of the machine, by reducing the 
bearing surface until it consisted of three } in. square pads. 
This is shown as Type III in Fig. 2. With a temperature of 
250°C, this copper face was run against a polished tungsten 
carbide face. Wearing-in of this bearing surface was 
achieved much more rapidly than those tested previously, 
such that in 8 hours a coefficient of friction of f = 0.007 








146 L. F. Corrin, Jr. 





Fic. 8. Flat-faced bearings: Copper-tungsten carbide in NaK. 


was reached with a ZN/P = 0.05. Figure 9 shows the 
frictional characteristics after about six days of operation. 
The resulting bearing surfaces are shown in Fig. 8(b). The 
polished central region of the tungsten carbide is from a 
previous run, there is no visual evidence of metal transfer in 
this experiment. 
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Fic. 9. Wear-in of copper vs. tungsten carbide in NaK at 250°C. 


The minimum value of ZN/P achieved for this bearing 
was found to be 0.03 (Z in centipoises, N in rpm, and P in 
Ib/in?). Here only the pad area is used to calculate the 
pressure since the bulk of the bearing area contributes 
nothing to the load or hydrodynamic action of the bearing. 
This means that with a viscosity of 0.34 centipoise and a 
bearing speed of 400 rpm, a fluid pressure of 4400 psi is 
being carried hydrodynamically by the NaK. 


(f) Copper vs. Tungsten Carbide in Spindle Oil—Flat-face 
Radial Groove Bearing—The outstanding bearing perform- 
ance of the copper vs. tungsten carbide couple in sodium- 
potassium eutectic raised the question of the performance of 
this couple in a more conventional lubricant. Also of 
interest was the load carrying ability of the flat faced bearing 
when compared with other hydrodynamic profiles. For 
these reasons a series of experiments was undertaken in 
spindle oil (Z = 3.0 centipoises at 100°C). Initial experi- 
ments were performed at room temperature without tem- 
perature control but it was soon found that for well worn-in 
bearings instability developed. In the absence of temperature 
control increasing load increased the friction and tempera- 
ture. These in turn decreased the viscosity and further in- 
creased the friction and temperature, etc. This greatly 
interfered with the quantitative study of wear-in. Con- 


trolling the temperature at 100°C eliminated this difficulty. 

In spindle oil this bearing combination produced the 
same characteristic wearing-in pattern as for sodium. A 
typical curve is shown in Fig. 10 and indicates that minimum 
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Fic. 10. Wear-in of copper vs. tungsten carbide in spindle oil 
at 100°C. 


values of ZN/P of 1.5 could be produced. However, to 
produce these conditions, the full capacity of the machine 
was required because of the substantial difference in vis- 
cosity of NaK and spindle oil. The tested bearing is shown 
in Fig. 11. 





Fic. 11. Copper—tungsten carbide thrust bearing in spindle oil. 
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(g) Copper vs. Tungsten Carbide in Spindle Oil—Three- 
Pad Bearing—The previous series of tests indicated that 
further wearing-in could be achieved if increased bearing 
pressures were applied. Consequently a three-pad bearing 
figuration was examined, the dimensions of which are given 
in Fig. 2, Type III. This bearing has an area of 0.0468 in® 
such that for a 500 lb load it is possible to develop a fluid 
bearing pressure as high as 10,000 psi. 

With a controlled temperature of 100°C, it was found 
possible to wear this bearing in as shown in Fig. 12. Here 
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Fic. 12, Wear-in of thrust bearing composed of copper vs. 
tungsten carbide in spindle oil at 100°C. 


it will be noted that a minimum ZN/P of 0.15 was reached 
after 168 hours of operation. This corresponds to develop- 
ing a fluid pressure of 10,000 psi at 530 rpm. Prolonged 
running at the ZN/P value of 0.015 did not alter this 
minimum value. The tested bearing configuration is shown 
in Fig. 13. The spindle oil had darkened considerably 
following the test and the copper surface had a burnished 
appearance. There was faint polishing of the tungsten 





Fic. 13. Three-pad copper-tungsten carbide thrust bearing in 
spindle oil. 


carbide but no measurable wear. The copper, on the other 
hand, was flat and polished, and somewhat striated. 

(h) Iron vs. Titanium Nitride—Spindle Oil—Various 
Configurations—The couple iron-titanium nitride is a 
highly insoluble pair and undergoes no mutual chemical 
reaction at high temperature. Accordingly, this pair was 
investigated as a bearing couple in both NaK and spindle 
oil. As reported above, no wearing-in was found in NaK, 
however, in spindle oil at 100°C, substantial wear-in was 
observed. Three different bearing configurations were 
were studied; type II and type II, modification 3, and 
type III. For the type II bearing, the minimum ZN/P 
value reached was 3.0, for type II, modification 3, this 
value was decreased to 0.7, while for type III minimum 
ZN/P was 0.07. The low value of ZN/P was achieved by 
reducing the total bearing area such that the increased 
contact pressure permitted more wearing-in. Figure 14 





Fic. 14, Iron-titanium nitride thrust bearing in spindle oil. 
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shows the three bearings tested. Note that the iron surface 
has lapped and polished the titanium nitride face in all 
cases. 


(i) Iron vs. Tungsten Carbide—Spindle Oil—Three-Pad 
Configurations—The solubility of iron in cobalt-bonded 
tungsten carbide is quite low at room temperatures. This 
combination also represents a practical bearing combina- 
tion and hence it was investigated for its wearing-in quali- 
ties in spindle oil. A three-pad configuration (Type III) was 
studied at 100°C. The wearing-in pattern was similar to 
other bearing configurations, such that following six days of 
running a minimum of ZN/P of 0.082 was achieved. In 
obtaining this information, bearing pressures as high as 
14,500 psi were achieved with a completely hydrodynamic 
loading. Post-examination of the bearing (Fig. 15) showed 
a burnishing of the iron pads, and a slight polishing of the 
tungsten carbide, while the lubricating oil darkened sub- 
stantially. Measurement of the wear of iron pads indicated 
no detectable change in the pad height. 





Fic. 15. Iron-tungsten carbide thrust bearing in spindle oil. 


(j) Nickel vs. Titanium Carbide—Spindle Oil—Three-Pad 
Configurations—Another low solubility couple is nickel vs. 
titanium carbide. A three-pad figuration (Type III) was 
investigated in spindle oil at 100°C. Wear-in to a ZN/P = 
0.5 was achieved rapidly but no further wearing-in occurred. 
This might possibly be due to the surface roughness of the 
original titanium carbide face (6-8 x 10-* inches rms) 
since some 0.010 inches of nickel was worn away during 
the ten day test. 


(k) Unsuccessful Couples in Spindle Oil—Three couples 
were tested in spindle oil but did not wear in under the 
above described test conditions. Silver-plated copper vs. 
both hardened tool steel and tungsten carbide showed 
some initial drop in friction under light load but the process 
did not continue with further increase in load. In each case 
silver was smeared to the harder surface and interfered 
with further wearing-in. The titanium-titanium nitride 
couple gave the most dramatic evidence of damage of all 
the bearing combinations tested. Here after about one hour 
of testing the very hard titanium nitride was ground away 
to a considerable extent, such that the rate of wear was 
about equal to that of the titanium. 


(1) Various Couples and Bearing Configurations in Xylene 
—Xylene was studied as a bearing fluid because its struc- 


ture was such as to afford little boundary lubricating pro- 
perties. Its viscosity was low and of the order of that of 
sodium-potassium eutectic. Finally, its boiling point was 
sufficiently high (144°C) such that it could be used in 
bearing experiments at and somewhat above room tempera- 
ture. Various couples and bearing configurations were 
used in this fluid with mixed success. The first couple 
tested was iron vs. titanium carbide using a bearing con- 
figuration shown in Fig. 2 and Type III. Although wearing- 
in and hydrodynamic action were observed, it was found 
upon completion of the test that the three iron pads had 
worn down completely to the base metal. 

The next couple explored was copper vs. tungsten car- 
bide, using the type III configuration. Some wearing-in 
was observed for this couple at low values of ZN/P but 
for the most part the friction remained relatively high, that 
is, above about 0.015. After the test it was found that two 
to four mils of copper had been worn away from the three 
pads. 

Another couple, nickel vs. titanium carbide of the type 
III was also investigated. Hydrodynamic operation was 
found to occur at the very lightest load but for higher loads 
no further wearing-in took place. The wearing of the three 
pads was found to be very slight, less than 1 mil after 7 
days of continuous operation. Since this couple showed 
some possibilities of successful operation in xylene, it was 
re-tested using a type II, modification 1 configuration. This 
permitted a study of the bearing characteristic in the range 
where wearing-in might occur as indicated from the pre- 
vious test. The effect was indeed found for this couple, 
although the process was quite different than had been 
observed formerly. It was found that a type of instability 
existed such that above a particular value of ZN/P wearing- 
in due to hydrodynamic conditions could be obtained while 
below this critical value, the friction would rise very sharply 
to values ten or twenty times as large. The critical value of 
ZN/P found was about 1.7. With the bearing operating 
slightly above this value the friction coefficient was of the 
order of 0.005 or less. Increasing the load by a very few 
pounds or decreasing the speed slightly led to the sudden 
steep rise in the friction coefficient which could not be 
restored to its former low value without increasing ZN/P 
to above its critical value. 

Finally, the couple iron vs. tungsten carbide, which 
performed so well in spindle oil was investigated. At no 
point during the test was wearing-in observed and in fact 
the three pads of the type III bearing configuration 
were completely worn away. 


Discussion of results 


The significant features of the above experiment are 
(a) that hydrodynamic performance can be achieved with 
certain unique combinations of materials with fluids which 
are not necessarily lubricants and (b) that wearing-in can 
be achieved with these couples to a degree which permits 
extremely high load-carrying capacities. Insofar as the 
choice of materials which exhibit this wearing-in quality is 
concerned, there appears to be no hard nor fast rule. When 
the fluid environment is sodium-—potassium eutectic, the 
only combinations of materials found to exhibit extreme 
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wear-in were copper vs. tungsten carbide and copper vs. 
tungsten. It would seem reasonable to assume that for this 
fluid, non-alloying was the basis for its behavior. Unfor- 
tunately, it was not possible to substantiate this hypothesis, 
since all other non-alloying couples similar to copper vs. 
tungsten were subject to very active chemical attack by 
sodium and potassium. It may be argued, of course, that 
the copper-tungsten carbide couple does not constitute 
an insoluble pair because of the possible alloying of copper 
with the cobalt binder which is used to form this particular 
cermet. 

When xylene is the bearing fluid, of the various materials 
examined only nickel vs. titanium carbide appears to ex- 
hibit wearing-in qualities to any reasonable degree. The 
copper-—tungsten carbide couple, so successful with sodium— 
potassium eutectic, now exhibits very little wear-in and 
much greater wear than in NaK. 

Finally, when spindle oil is used as the bearing fluid, 
many more combinations exhibit the marked wearing-in 
tendencies, including such couples as iron vs. tungsten 
carbide and iron vs. titanium nitride. Hence, the boundary 





Fic. 16, Interference pattern of bearing surfaces: Copper— 
tungsten carbide in spindle oil. 


lubrication provided by spindle oil is helpful in some cases. 
On the other hand, the highly insoluble couple iron vs. 
silver did not wear-in to the degree encountered in more 
soluble couples. Undoubtedly the surface reactions occur- 
ring under the extreme conditions encountered are quite 
complex and probably have a very significant role in achiev- 
ing wearing-in. Hence it would appear that at the present 
time, selection of couples and fluid environments to 


achieve the-wearing-in properties described above can only 
be determined by a trial and error process. 

It is interesting to speculate as to what is occurring during 
wear-in whereby the considerable metal-to-metal contact is 
gradually reduced and replaced by a load supporting fluid 
film. Some insight into the wearing-in process can be ob- 
tained by examining the bearing surface profile following 
a particular test in which extreme wearing-in has occurred. 
In Fig. 16 are shown various interference patterns obtained 
for a particular copper-tungsten carbide bearing configura- 
tion when run in spindle oil. Here the light souce is a helium 
arc and an optical flat is placed directly on the bearing 
face. It appears that each pad or sector has developed a very 
definite high spot somewhere near the center of the pad. 
Thus this crowning effect could produce a hydrodynamic 
action in a manner similar to a tapered land bearing. Un- 
fortunately it was not possible to examine the bearing 
profiles obtained in the sodium-—potassium eutectic and 
hence it is not known whether a similar effect can be found 
for this fluid. 

The wearing-in process can also be described in a some- 
what different manner. Either because of the very weak 
adhesion between the two materials of the couple or be- 
cause of the boundary lubricating qualities which the fluid 
may afford, the two surfaces gradually lap themselves to- 
gether to produce a closely-fitting, parallel-face bearing. 
The lift action would then come from the so-called thermal 
wedge effect, that is, from the lift which arises due to the 
expansion coming from the increase in temperature asso- 
ciated with the viscosity effects. Shaw and Macks have 
considered this problem (6) and derived the following re- 
lationships 





p =" [0.091 — p’) (2 
and . 
f=-5 Bl 


The frictional coefficient is given as f; Z is the viscosity, 
U the pad velocity, B the pad length, c the clearance, p’ the 
ratio of exit to entrance density, P the unit pressure and f 
the friction coefficient. If one now assumes the operating 
conditions of the three pad—copper tungsten carbide 
bearing combination in NaK, namely, P = 10,000 psi, f = 
0.0018, Z = 0.3 centipoise or 4.35 x 10-7 reyn, U = 90 
in/sec, and B = 0.125 inches, one finds that the clearance 
c = 0.2 x 10-* in. and p’ = 0.986. 

The extremely small clearance as indicated from the 
above calculations explains to a large degree the observa- 
tions found in the course of the experiment. From these 
observations, certain requirements for successful bearing 
performance are necessary, including (a) the need for the 
fixed bearing face to be of extreme flatness and to possess 
a very low surface roughness, (b) the need to maintain the 
bearing assembly at essentially constant temperature 
throughout the course of a given experiment so as to pre- 
vent radial mismatch due to differential expansion effects, 
(c) the need to design the bearing assembly to prevent any 
radial motion associated with changes of load or speed or 
other variables associated with the experimental program, 
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(d) that preformed hydrodynamic bearing configurations 
such as the stepped or tapered-land type have no effect on 
the bearing performance, since the bearing clearances are 
so small in relation to any fabricated step or taper that 
could be machined onto the bearing. Hence all that appears 
to be required is a parallel-faced bearing with enough 
grooves to permit an adequate supply of fluid to all parts 
of the bearing. 

The above equations lead to a determination of the change 
in density between exit and entrance conditions. From the 
knowledge of this density change and of the dependence 
of the bulk expansion coefficient with temperature, it is 
possible to calculate the temperature rise which would occur 
in the fluid passing under the bearing pad. This temperature 
rise is particularly important when the temperature sta- 
bility of the bearing fluid is a factor. For example, using 
spindle oil having a viscosity of 3 centipoises and maintain- 


ing the other bearing conditions given in the above example, ' 


a temperature rise of 42°C can be calculated. From the 
magnitude of this temperature rise above the ambient of 
100°C, it is apparent that the observed darkening of the 
spindle oil as a result of prolonged service under the operat- 
ing conditions is explainable. The ultimate breakdown of 
the lubricant then may set the upper bounds which can be 
reached as far as pressure and film clearance are concerned. 
Consequently, a more stable lubricant would permit 
wearing-in to smaller film clearances and higher loads. This 
may explain why the NaK bearing fluid worked more suc- 
cessfully than the more conventional spindle oil in the case 
of the copper—tungsten carbide bearing. 

Various mechanisms can be proposed for the gradual 
development of a hydrodynamic action as shown in Fig. 3. 
One possible explanation is the development of carboni- 
ferous particles which result due to the breakdown of the 
spindle oil because of overheating as the fluid passes through 
the bearing. It is conceivable that these particles might act 
as a lapping compound to wear away the leading edge of 
the bearing and so produce the profile observed. Another 
mechanism which might explain the development of the 
hydrodynamic configuration comes about as a result of 
weak adhesion between the two mating surfaces. From this 
point of view particles of the softer material may transfer 


gradually to the harder tungsten carbide base at various ' 


local spots. These localized regions gradually build up 
until they become sufficiently large to break away from the 
tungsten carbide base and reweld to the copper. This 
supplies a mechanism for the movement of material from 
one surface to the other. The copper particles might then 
reweld to the copper base material at some high spot in the 
surface, thereby building up the high spot vntil a profile is 
produced sufficient to support a load hydrodynamically. 
Judging from the time required for the full wearing-in 
to take place, the process is a slow one so that any mechan- 
ism for explaining the behavior observed must account 
for this time element. 

Another conceivable mechanism that might explain the 
lapping and close meshing of the copper to the tungsten 
carbide surface is based on the possibility that wherever 
metal-to-metal contact has occurred, the high pressure and 
temperature created at this point permits the copper to go 
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into solution in the NaK, and consequently removes this 
local high spot from the contact area. By this process the 
localized regions of extremely high pressure that are created 
by the mismatch of mating asperities are gradually smoothed 
out until the two surfaces fit quite closely together. At the 
same time the local pressures and temperatures are reduced 
so that any further solution tendency is eliminated. There 
was no direct evidence found in the experiments to support 
this hypothesis, but such a mechanism cannot be ruled out. 


Summary 


A variety of unusual bearing material combinations have 
been tested as a thrust bearing in NaK, xylene and spindle 
oil. It has been found that certain of these combinations 
exhibit a phenomenon of extreme wear-in such that clear- 
ances in the micron range can be achieved by continuous 
operation of the bearing. At these small clearances the load- 
carrying capacity of the bearing becomes very high. The 
effect does not appear to depend on whether the fluid used 
has boundary lubricating properties or not. 

Certain requirements exist to achieve these unusual 
conditions. These include extreme flatness of the harder 
bearing face and a low surface roughness of this face, careful 
temperature control, elimination of any radial motion of 
the bearing components relative to one another, and the use 
ofsimple bearing configurations suchas flat pads and grooves. 

There does not appear to be any consistent theory for 
selection of materials and fluids so as to obtain this behavior. 
Various mechanisms are described which could account for 
the wearing-in effect, but as yet there is no clear-cut under- 
standing of the phenomenon. 


Acknowledgments 


The above work was performed while the author was 
associated with the Knolls Atomic Power Laboratory 
(operated for the United States Atomic Energy Commission 
by the General Electric Company). Their support of this 
investigation is gratefully acknowledged. The test apparatus 
was designed by W. A. Heywood. Many fruitful discussions 
during the course of the study were held with Mr. Hey- 
wood and C. Mannal. Mr. W. A. Riemen assisted in the 
performance of the experiments. His care, persistence and 
thoroughness were immeasurably valuable. 


REFERENCES 


1, L. F. Corrin, Jr.; “A Study of the Sliding of Metals with 
Particular Reference to Atmosphere’’, Lubrication Engineering, 
vol. 12, 1956, p. 50. 

2..A. E. Roacu, C. L. Goopzeir and P. A. Torta; “Score 
Resistance of Bearing Metals”, Nature, vol. 172, 1953, p. 301. 

3. E. S. MAcHLIN and W. R. YANKEE; “Friction of Clean Metals 
and Oxides with Special Reference to Titanium”, 7. Appl. 
Phys., vol. 25, 1954, p. 576. 

4, L. F. Corrin, Jr.; “A Transition Temperature for Surface 
Damage in Sliding Metallic Contact”, Lubrication Engineering, 
vol. 13, 1957, p. 399. 

5. C. W. Cow gy, D. J. ULTes and C. W. West; “Influence of 
Temperature on Boundary Lubrication”, ASLE paper No. 
56 LC-18. 

6. M. C. SHaw and E. F. Macks; Analysis and Lubrication of 
Bearings, (McGraw Hill, New York), 1949, p. 316. 

7. M. C. SHaw and E. F. Macks; Ibid., p. 309. 























Friction and Oil Feed Characteristics of Journal Box Packing 
By G. L. PIGMAN? and W. M. KELLER? 


An investigation was conducted to determine the friction and oil feed characteristics of the 
cotton waste pack used for railroad journal bearing lubrication. The investigation also included 
wool and nylon fiber materials. An apparatus was constructed in which the pressure force be- 

tween the waste pack and journal could be controlled and measured and the journal friction 

| torque determined. A scraping technique was devised to measure the oil film thickness on the 
journal. ; 

It was found that the friction between the oil saturated waste pack and journal arises from 

viscous shear of the oil. The coefficient of friction normally has values in a range from about 
0.4 to 1.3. The total pressure force varies in value from about 2 lb to 150 lb, depending upon the 

waste pack condition. 

The oil film established on the journal by feed from the waste pack normally has a thickness 
from about 0.0001 in. to 0.0005 in. The oil film thickness decreases with increased oil viscosity, 

journal speed, and pressure force on the journal. 

| The friction and oil feed properties of the waste pack are not affected in significant degree by 





change in waste pack fiber material. 


1. Introduction 


Use of a cotton waste pack for freight car journal bearing 
lubrication has represented almost universal practice in past 
railroad operation. Although this relatively simple lubrica- 
ting method has been utilized successfully for many years, 
and numerous railroad operating and maintenance pro- 
cedures have been centered around its use, serious questions 
have been raised in recent years concerning possible effects 
of this lubrication method upon overheated journal bearings. 
Such questions regarding effective oil transmission by 
waste have led to the increasing use in railroad practice of 
wick fed pad type lubricators, mechanical lubricators, and 
other types of journal lubricators and arrangements. 

As part of a broad research program on the freight car 
hot-box problem, specific investigation was made of the 
friction and oil feed characteristics of waste pack materials. 
It was found at the beginning of such work that little 
published information exists with regard to friction and oil 
feed properties of waste pack lubricators, and it is evident 
that such properties may have an important influence upon 
the operation and possible failure of the journal bearing 
with which the waste pack lubricator is used. 

This paper presents the principal results of this investiga- 
tion. The manner in which the waste pack friction data has 
been applied to broader aspects of the freight car hot-box 
problem has been covered in a previous paper (1). Also, 
data have been presented in other papers arising from the 
same broad research program (2, 3, 4) which concern 
related railroad journal bearing friction characteristics and 
oil feed requirements. 


Contributed by the ASLE Technical Committee on Bearings and 
Bearing Lubrication and presented at the Annual Meeting of the 
American Society of Lubrication Engineers held in Detroit, 
Michigan, April 1957. 

1 Staff Engineer, Research Department, Caterpillar Tractor Co., 
Peoria, Illinois. 

2 Director of Mechanical Research, American Association of 
Railroads, 3140 S, Federal St., Chicago 16, Illinois. 





2. Test materials, equipment and procedures 


Equipment and test procedure 

The test equipment used in investigation of waste friction 
and oil feed characteristics is shown in Fig. 1. It consists 
essentially of a hollow steel journal section (A) with 5.5 in. 
outside diameter, this being the diameter of a standard 
railroad axle journal, driven by a cradled direct-current 
motoring dynamometer (C). The journal section is supported 
by ball bearings. A scale (D) measures the reactive torque of 
the dynamometer. The waste under test is packed in a semi- 
cylindrical pan (E) which simulates the lower half of a 
journal box, and which can be raised or lowered by means 
of a pantographic linkage (F). The pan is guided by slippers 
(G) riding on upright rods. The total force of the waste 

















Fic. 1. Pictorial diagram of waste lubrication test equipment. 


against the journal is measured by a scale (H) at the free end 
of the linkage system. Control equipment consists of neces- 
sary field and armature resistors and electrical meters for the 
dynamometer. 

Journal temperatures were measured by use of a direct 
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reading surface pyrometer of the thermocouple type, applied 
to the surface of the journal immediately after the journal 
was stopped. Reasonable control of journal temperature 
could be obtained, with the temperature stabilized to some 
degree by adding water inside the hollow journal. To 
determine friction characteristics of the waste pack, the 
machine first was loaded with the desired waste-oil 
combination. After a thorough run-in to stabilize the 
waste pack, the machine was operated at a predetermined 
speed and waste load and at the approximate desired tem- 
perature, and the reactive torque of the dynamometer was 
observed. The machine then was stopped, and the journal 
temperature immediately was measured. From these data, 
the coefficient of friction f,, and the friction power were 
calculated. 

Measurement of waste pack pressure force on the journal, 
as obtained under normal journal box packing conditions, is 
secured by observing the force required to hold the bottom 
of the loaded waste pan 3 in. from the bottom of the journal. 

Considerable time and effort were expended in devising 
a satisfactory means for measuring the thickness of the oil 
film produced on the journal by the waste pack under 
different operating conditions. The method finally adopted 
involves initial operation of the apparatus for sufficient time 
until equilibrium conditions are established. The waste and 
supporting pan then are quickly dropped out of contact 
with the journal, and simultaneously, power to the motor is 
switched off. The oil within a 20 in? inscribed area on 
the journal surface is removed with a neoprene scraper and 
transferred to a thin metal strip which is weighed. The oil 
film thickness then is calculated from the net weight of oil 
and the known area it occupied on the journal surface. 


Test materials 

Various types of fiber materials were utilized to form the 
waste packs used in the laboratory tests. Such materials 
included the following: 


(a) New Cotton Waste—New cotton waste material 
(No. 14 cotton count yarn size average), meeting AAR 
specifications, was procured from the supply of a 
major railroad. It is closely similar to the material used 
by all railroads. A ratio of 3.5 lb of oil per pound of 
waste was used for this and other cotton waste mixtures, 
which is the saturation ratio in general use. 

(b) Renovated Cotton Waste—The renovated cotton 
waste also was procured from the supply of a major 
railroad. This material consists essentially of used waste 
which has been cleaned, with short fibers and lint 
removed, and some new waste added. 

(c) Used Cotton Waste—The used cotton waste was 
obtained from a freight car from which the waste 
packs were being removed for repacking of the journal 
boxes. This waste pack contained a relatively large 
amount of gritty dirt material. 

(d) Wool Waste—The wool waste pack contained 
threads of No. 21 wool count size, which corresponds 
to the average No. 14 cotton count yarn size used for 
the cotton waste packs. The wool waste pack required 
more oil to saturate than the cotton waste packs, with 


about 5.0 lb of oil per pound of wool waste being used. 
(e) Nylon Fiber Materials—Several types of waste 
pack utilizing nylon fiber were included in the investi- 
gation. These waste pack arrangements included the 
use of a 3 denier, No. 4A nylon (undrawn) fiber stock, 
spun nylon yarn of No. 21 wool count size, and nylon 
felt (6 denier fibers) having a weight of 4.7 lb per 
square yard in 3 in. felt thickness. 

Two types of lubricating oil were utilized for most of the 

tests. 

(a) Oil meeting AAR Specification EM-906-50 was used 
in the major portion of the tests. This oil has a 
specified viscosity of 50-55 SUS at 210°F, and a 
viscosity index of about 80. 

(b) EX-50 oil is an experimental railroad journal oil type, 
with a viscosity of 40-42 SUS at 210°F and a vis- 
cosity index of about 90. 


Packing method 

In the preparation of the waste pack assemblies for test 
purposes, it was not possible to form the pack in precisely 
the same manner in which it is formed in railroad service. 
The following procedure was adopted in the laboratory 
tests to provide a reproducible pack which is reasonably 
similar to that used in practice: the dry waste material first 
was weighted carefully. The material then was divided into 
four equal parts and formed into rolls by the AAR recom- 
mended procedure. These rolls, saturated with a weighed 
amount of oil, were placed in the lowered pan in the test 
apparatus. The pan then was raised to a fixed position with 
the bottom of the pan 3 in. from the bottom of the journal. 

The waste pack was run against the journal for a pre- 
liminary period, usually consisting of several hours, until 
stabilization was obtained of the pack form and the force 
between the pack and journal. During the stabilization 


period the pan was moved up and down occasionally by 
hand. 


3. Friction characteristics of cotton waste pack 


In the study of waste pack friction it is convenient to 
investigate separately the total pressure force exerted on the 
journal by the waste pack, and the coefficient of friction 
between the waste pack and journal. The total friction force 
is, of course, the product of these two factors. 


1. Total Force of Cotton Waste Pack on Fournal 
The total force exerted by the waste pack on the 
journal is dependent upon the following principal 
factors: 
(a) Amount of dry waste used in the pack. 
(b) Type of cotton waste used (new or renovated). 
(c) Packing or resetting procedure, and amount of 
running time after packing or other disturbance. 
In laboratory tests it was found that immediately after 
waste packing the force on the journal is large (as great as 
160 Ib), but decreases during subsequent operation until a 
final stable value is obtained. The operation time required 
to reach a stable waste pack condition varies from 6 to 15 
hours. The length of operation time required for stabiliza- 
tion is greater with new cotton waste than with renovated 
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waste or used waste (obtained from a service journal box 
after apparent lengthy use). 

Typical values of total force between the waste pack and 
journal, as measured in the laboratory for various waste 
conditions, are shown in Table 1. Values given in Table 1 
for starting force represent average force measurements 
obtained immediately after the waste pack was placed in 
the pan and the pan raised to the required 3 in. distance 
from the bottom of the journal. Values of final stable force 
represent average measurements obtained after the stabiliza- 
tion period, with the waste pan held at the same 3 in. distance 
during measurement. 


TABLE 1 
Measured Total Force between Cotton Waste Pack and 
Journal. 


(Oil—waste ratio = 3.5/1) 








Wt. Starting Final 
Type of pack of force stable 

| pack, lb Ib force, lb 
New waste | 11 160 65 
New waste | 9 110 15 
New waste 7 80 3 
Renovated waste | 9 60 3 
Used waste 9 60 3 

| 











The force values given in Table 1 represent average values 
for only a relatively few tests. The packing procedure used 
was not the same as utilized in service, as the packing was 
placed in approximate position by hand, rather than forced 
into position with a packing iron. The results show clearly, 
however, that large variation of pressure force exists. It is 
indicated that the variation obtained under railroad service 
conditions is even greater. It also is shown that large forces 
exist before the pack stabilizes, and for certain conditions 
remains at a high level after stabilization. 

Use of new cotton waste, and of an over-size pack (assum- 
ing a 9 lb pack to be normal for the 5.5 in. journal), result 
in large forces. The over-size pack (11 Ib) included in Table 
1, which contains about 7 oz more dry waste than the normal 
(9 Ib) pack, has a final force about four times greater. 


2. Coefficient of Friction of Cotton Waste Pack on Fournal 

Fig. 2 shows the variation of coefficient of friction f,, of 
the oil saturated waste pack on the journal as the total force 
on the journal is changed, with the journal speed and oil 
temperature (and viscosity) held constant at typical values. 
It is seen that large values of friction coefficient are obtained 
(as great as about 1.3). 

The coefficient of friction of dry cotton waste (no oil) 
also is shown in Fig. 2, as measured under similar condi- 
tions. Comparison of the curves in Fig. 2 shows that friction 
of the waste pack is greater when oil is present than when 
dry waste is used. 

Fig. 3 shows the variation with journal speed of the co- 
efficient of friction of oil saturated waste, for constant force 
against the journal and for different constant temperatures 


of the journal surface. It is shown that the friction coeffi- 
cient increases with journal speed, and decreases with 
increased temperature. 

Figs. 2 and 3 thus show that the coefficient of friction 
of the waste pack (new waste) rubbing on the journal has 
large values and increases with increased oil viscosity, 
increased journal speed, and decreased pressure force on the 
journal. 

Tests of this type were conducted also with renovated 
waste and used waste (containing a large amount of dirt 
and grit). It was found that identical coefficient of friction 
values are obtained with these types of waste as with new 
waste. The condition or type of cotton waste thus has no 
effect upon the coefficient of friction. 
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Fic. 2. Effect of waste pack force on coefficient of friction for new 
cotton waste. 


(When large waste forces on the journal are obtained in 
the journal box, such as exist with new waste as discussed 
in the previous section, the total friction and the friction 
heating effect will be increased. The coefficient of friction, 
however, will be the same as for any other type of cotton 
waste when it exerts the same force on the journal.) 
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Fic. 3. Influence of journal speed and temperature on coefficient of 
friction for new cotton waste. 


It has been found that data of the type shown in Figs. 2 
and 3 may be plotted on a single curve to show the combined 
effect of pressure force, journal speed, and oil viscosity. 
This type of plot is given in Fig. 4. 
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Fig. 4 utilizes the non-dimensional parameter P,,/uN’, 
where P,, is waste pressure force per unit projected area 
of the waste pack (Ib/in*), » is the viscosity of the oil 
(reyns), and N’ is the journal rotation speed (rps). It is 
shown in Fig. 4 that a straight line relationship is obtained 
(on log-log coordinates) between coefficient of friction and 
the non-dimensional parameter. 
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Fic. 4. Change of coefficient of friction with change of parameter 
PylpN’. 


In order to check the validity of the use of the term P,, 
(load per unit area on the waste pack), tests were conducted 
with a waste pack having reduced area compared to that 
normally obtained. This reduced pack had a controlled 
area on the journal of about 2 in. by 9 in. It is shown in 
Fig. 4 that data obtained with the small pack fall on the same 
straight line. 

Examination of the form of the non-dimensional para- 
meter P,,/uN’ shows that it closely resembles the ZN/p 
factor (used in plotting performance characteristics of 
journal bearings) with regard to relationship between load, 
speed, and viscosity. It is concluded, in fact, that the waste 
pack acts in a manner similar to a lightly loaded bearing 
with regard to friction properties. 

Friction of the waste pack on the journal thus is asso- 
ciated with shearing of an oil film at the porous interface 
between the waste and journal. The precise mechanism 
cannot be described because of its complexity, but the 
general nature of the waste friction is clearly established. 
It is found that the average thickness of the oil film being 
sheared, as computed from the basic relation between shear 
stress and shear rate for the known viscosities, varies from 
a few ten-thousandths to a few thousandths of an inch over 
the range of conditions shown in Fig. 4. 

The relationship shown in Fig. 4 applies to cotton waste 
in all normal conditions, and can be utilized to predict 
coefficient of friction of the waste pack on the journal if 
the waste force, journal speed, and oil viscosity are known. 


3. Total Friction of Cotton Waste Pack on Journal 

The coefficient of friction, which was discussed in the 
preceding section, is given approximately by the following 
equation: 


This equation expresses the straight-line relationship 
shown in Fig. 4, with the same terms used. 

Using this relationship, the friction horsepower asso- 
ciated with waste pack friction (for a 5.5 in. journal) can 
be expressed in the following form: 


H = 0.00228D W*70\y’1-80(,, 4)0-30 [2] 


where H = waste pack friction, hp 
D = journal diameter, in. 
W = total force of waste pack on journal (= P,,A), 
Ib 
N’ = rotation speed of journal, rps 
p = oil viscosity in reyns, lb sec/in® 
A = contact area between journal and waste pack, 
in?, 
For a normal waste pack used with a 5.5 in. journal, the 
area of contact between the waste and journal is about 36 
in?, Equation [2] then becomes: 


H = 0.115 W 9-70 N’2-30,,0.30, [3] 


Equation [3] can be used to compute the waste friction 
horsepower for a 5.5 in. journal for any operating condition 
where values of pressure force, journal speed, and oil 
viscosity are known. Typical waste friction horsepower 
values are plotted in Fig. 5 for 18.5 Ib force on the journal 
to show variation with car speed and journal temperature. 
It is shown in Fig. 5 that waste friction horsepower values 
are obtained from a fraction of one horsepower to about 
1.7 horsepower over the range of conditions illustrated. 
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Fic. 5. Variation of waste friction horsepower with speed and 
journal temperature. 


The waste force on the journal is the only factor of those 
mentioned which is not fixed within fairly definite limits in 
present railroad practice. As discussed previously, the value 
of this force apparently varies widely in railroad service, 
from a few pounds to more than 150 lb. Waste force values 
greater than about 3 to 5 lb result in friction horsepower 
values of significant magnitude.- However, if the waste 
pressure force on the journal becomes extremely small, the 
possibility may exist that the waste will lose contact with 
the journal (for example, after car impact involving journal 
movement) and that complete loss of lubrication will occur. 
Thus, large pressure force leads to excessive friction, and 
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extremely small pressure force may lead to lubrication 
failure. Maintenance of a small positive waste pack pressure 
force under all operating conditions is required to provide 
safe and efficient performance. 

The waste pack friction data which have been discussed 
apply accurately only to the 5.5 in. journal. It is indi- 
cated, however, that coefficient of friction data obtained 
with the 5.5 in. journal apply closely to other size journals, 
and that Equation [2] can be used for computation of 
friction horsepower in such cases if proper substitution 
is made for values of journal diameter and waste pack 
contact area. 


4. Oil feed characteristics of cotton waste pack 


It was indicated in Section 2 that accurate measurement 
of oil film thickness on the journal is difficult within the 
range of film thickness values provided by waste pack oil 
feed. For practical purpose, the relatively simple scraping 
procedure used in the present investigation provides 
reasonably accurate knowledge of oil film thickness values 
and the manner in which such values vary under different 
operating conditions. 

Figs. 6 and 7 show typical values of oil film thickness on 
the journal as supplied by a waste pack made from new 
cotton waste. It is seen that the oil film thickness decreases 
with increased oil viscosity and journal speed. It also 
decreases moderately with increased waste pressure force. 
The magnitude of oil film thickness varies from about 0.0001 
in. to 0.0005 in. 























-4 
 5xl0 
£ Journal Dia = 5.5 in. 
= Oil Temp = 220°F 
2 4b EM-906-50 Oil 
3 New Cotton Waste 
c ae 
° Waste Pack Force 
% 20 Ib 
& ab 
x) 
y 
me 
ie? 
i 

0 | l | l 

e) 200 400 600 800 1000 


Journal Speed (rpm) 
Fic. 6. Effect of journal speed on oii film thickness. 


4x0“ 





EM-906-50 Oil 

New Cotton Waste 
Journal Speed= 200 rpm 
Waste Pack Force=30 Ib 
Journal Dia= 5.5 in. 


uw 
q 





Film Thickness on Journal (in) 
~ 
T 








S 1 1 n 1 l “a 
° 20 640 60 80 100 =: 120 140 


Absolute Viscosity, Pu (reyns) 
Fic. 7. Effect of oil viscosity on oil film thickness. 





Oil film thickness values obtained with renovated waste 
are given in Fig. 8 for different journal speeds and waste 
forces. It is shown in Fig. 8 that the renovated waste sup- 
plies an oil film of smaller thickness than that supplied by 
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thickness for renovated waste. 


new cotton waste, and that some difference exists in the 
shape of the curves and in the magnitude of effect obtained 
by changing waste force. A probable explanation of these 
effects is provided by the observed tendency for dirt par- 
ticles (from the waste) to collect on the waste pack surface 
which is in contact with the journal, to form a film which 
interferes with oil flow. 

The observed tendency for oil film thickness on the 
journal to decrease with increasing journal speed, oil 
viscosity, and waste pack force appears to be consistent with 
a reasonable physical picture of the process involved. It is 
indicated that the oil film thickness established on the 
journal surface as it rotates out of the waste pack is deter- 
mined, first, by the available rate of oil flow through the 
waste pack, and second, by the rate of removal of oil by the 
journal surface from the top of the waste pack. The rate of 
oil flow through the waste pack will decrease with increasing 
oil viscosity, with decreasing surface tension of the oil 
which occurs at a relatively slow rate with increasing 
temperature, and with decreasing average capillary pore 
size in the waste pack which occurs with greater packing 
density or packing pressure force. Further, with a given 
limiting rate of oil feed to the journal surface by capillary 
action in the waste pack, the thickness of the oil film 
carried away by the journal may be expected to vary in- 
versely with journal surface speed. 

A full picture of this process would require correlation 
of both the oil film thickness data and the friction data 
previously discussed. Present data appear insufficient to 
provide a complete description of this action. 


5. Friction and oil feed characteristics of wool and 
nylon waste packs 


Wool waste pack 

The variation of coefficient of friction with waste pressure 
force is shown in Fig. 9 for oil saturated wool. The material 
used is No. 21 wool count size, and corresponds to the 
average No. 14 cotton count yarn size found in the new 
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cotton waste previously tested. The wool waste was found 
to require considerably more oil to saturate than is neces- 
sary for the cotton waste. About 5 Ib of oil is required per 
pound of wool waste, compared to 3.5 lb of oil per pound of 
cotton waste. ; 
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Fic. 9. Effect of waste pack force on coefficient of friction for 
No. 21 wool waste. 


The coefficient of friction obtained with the wool waste 
(full contact area) is about 10% greater than that obtained 
with cotton waste. Oil film thickness values measured on 
the journal, as obtained with the wool waste pack, are 
shown in Fig. 10 for different journal speeds. At low speed 
the film thickness is about the same as obtained with cotton 
waste, but at high speed the film thickness is appreciably 
less than that supplied by the cotton. 
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Fic. 10. Effect of journal speed on oil film thickness for No. 21 
wool waste. 


The total pressure force of the waste pack against the 
journal is relatively large for the wool waste as compared to 
cotton waste. The initial force for wool waste after packing 
is about 150 lb, and after waste pack stabilization is about 
45 lb. The stabilization time for the wool waste also is 
somewhat longer than required for the cotton waste. 


Nylon waste pack 
Friction and oil feed measurements were conducted with 
waste packs formed from nylon fiber, yarn, and felt. 
Friction tests first were attempted on a 3 denier, No. 4A 
nylon (undrawn) fiber stock saturated with EM-906-50 


oil. These tests were unsuccessful, as the individual fibers 
cling to the journal with such force that the entire waste 
pack is pulled from underneath the journal. 

In further tests conducted with No. 4A nylon stock dry 
(without oil), the dry material was found to behave in the 
same manner as the oil saturated stock. The No. 3A 
(drawn) nylon stock also acts in the same manner. It is 
indicated by these tests that formation of electrostatic 
charges, with resulting attraction between the filaments of 
nylon and the oppositely charged journal, possibly may 
explain the observed adherence of the filament to the metal. 

Additional tests were conducted by wrapping nylon 
yarn around the pack in such manner as to reduce consider- 
ably the number of free ends which might adhere to the 
journal. Operation under these conditions was found to be 
possible. 

Results of friction tests with oil saturated spun nylon 
yarn having a No. 21 wool count size are shown in Fig. 11. 
It is observed that coefficient of friction values obtained 
with this material are similar to those obtained with wool 
waste, and are slightly greater than those obtained with 
cotton waste. 
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Fic. 11. Effect of waste pack force on coefficient of friction for 
No. 21 spun nylon. 


Samples of nylon felt also were tested. This material is an 
experimental product made by “needling” nylon filaments 
through a woven nylon base material. The samples tested 
were one-half inch thick and weighed 4.7 lb per square 
yard. Several layers of this material were used to form the 
waste pack. 
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Results of friction test with the nylon felt are shown in 
Fig. 12. It appears that change in fiber orientation and 
elimination of free ends (as compared to the nylon yarn in 
Fig. 11) results in slightly decreased coefficient of friction, 
with values approximately the same as those obtained with 
cotton waste. 

The measured oil film thickness on the journal, as ob- 
tained with spun nylon yarn, is slightly greater than that 
obtained with new cotton waste, but the difference is 
small. 

Oil film thickness measurements with nylon felt pads are 
too erratic to allow plotting a definite curve. Oil film thick- 
ness values obtained with the nylon felt (with oriented 
fibres) are appreciably greater than for nylon, wool, and 
cotton materials with random arrangement of fibers, and 
generally are in a range from 0.0004 in. to 0.0009 in. 


6. General discussion 


Comparison of waste pack materials 

The data presented above concerning coefficient of 
friction values obtained with various waste pack materials 
reveal that little difference exists in friction properties 
between the various materials investigated. Wool, several 
forms of nylon, and different forms and conditions of cotton 
waste, all provide essentially the same coefficient of friction 
characteristics. 

It is indicated that the friction properties of these 
materials, when used in a waste pack saturated with oil, 
are associated with the basic form of the fiber materials 
used and not with the type of material or with fiber dimen- 
sions (within reasonable limits). This conclusion is con- 
sistent with the observed dependence of waste pack 
friction upon oil shear properties, as discussed previously. 
It is concluded that unfavorable coefficient of friction 
properties of cotton waste cannot be improved by substitu- 
tion of other fiber materials having different basic composi- 
tion or fiber size. The total force of the waste pack on the 
journal could not be measured in a realistic manner in 
laboratory tests of the nylon materials. Advantage over 
cotton waste (from a friction standpoint) will be obtained 
by use of these materials only if low positive waste pressure 
force on the journal is obtained under all operating condi- 
tions. The nylon is not affected appreciably by presence of 
water, so that reasonably constant resiliency may be ob- 
tained. 

A similar condition exists-in comparison of oil feed pro- 
perties of other fiber materials with those of cotton waste, 
except for the nylon felt. Other materials have about the 
same or less oil feed than the cotton waste, but the nylon 
felt has moderately increased oil feed compared to cotton 
waste, particularly at high speed. 

No advantage is obtained by use of wool waste as com- 
pared to cotton waste, from the standpoints of friction and 
oil feed. However, wool waste is indicated to be less sensi- 
tive than cotton waste to presence of water. Also, the rela- 
tively high resiliency of wool waste may provide possible 
advantage in forming mixtures of the two materials, if 
resiliency of the mixture does not become great enough to 
cause large friction. 


Effect of contact width 

The general effect upon waste pack friction of reducing 
the width of contact between the waste pack and the journal 
already has been indicated by Equation [2]. It is shown that 
the waste pack friction is reduced as the area of contact 
decreases, if the total force between the waste pack and 
journal remains constant. If this force also decreases with 
the contact area, the friction becomes even smaller in 
magnitude. 

As advantage exists from the friction standpoint in re- 
ducing contact width, a question arises concerning the effect 
of this change upon oil feed characteristics of the waste pack. 
Oil film thickness tests were conducted with a contact width 
of about 2 in. between the waste pack and the journal, 
utilizing cotton waste and nylon. With the cotton waste it 
was found that this reduced contact width (amounting to 
about one-half of the width obtained with the normal waste 
pack) provides essentially the same oil film thickness on the 
journal as the full width pack. Similar tests with nylon felt 
material provide identical results. 

It is concluded that reduction of the width of the waste 
pack to 2 in. (and possibly less) causes reduction of waste 
pack friction and has no appreciable effect upon waste pack 
oil feed properties. It it recognized that considerable 
practical difficulty may exist in forming such a waste pack 
and holding it properly in place. 


Relation of waste pack characteristics to journal bearing 
performance 

The friction characteristics and the oil flow requirements 
of the railroad journal bearing have been discussed in a 
separate paper (2). Comparison of the friction and oil feed 
properties of the waste pack with these bearing character- 
istics reveals the potential influence of the waste pack upon 
possible bearing failures. 

It is found from such comparison that the rate of friction 
heat generation by the waste pack normally is as great or 
greater than that of the railroad journal bearing under 
conditions of hydrodynamic lubrication. The possible 
serious effect of this relatively large heat generation by the 
waste pack also has been discussed in separate papers 
(1, 6). It is shown that large friction heat generation by the 
waste pack can contribute in an important manner to 
journal bearing failure when other critical conditions also 
exist, such as poor bearing fit and reduced bearing cooling 
associated with high ambient air temperatures. 

Comparison of the oil feed characteristics of the waste 
pack with the oil flow requirements of the railroad journal 
bearing shows that opposing tendencies exist in the two cases 
with regard to effects of journal speed and oil viscosity. 
With larger values of journal speed and oil viscosity, the 
bearing requires greater oil film thickness to establish a 
full hydrodynamic film. Under these same conditions the 
waste pack supplies an oil film of decreased thickness. 

In making numerical comparison between the oil film 
thickness on the free surface of the journal and in the bear- 
ing, it is observed that the oil film at the point of maximum 
oil pressure in the bearing (where the velocity gradient 
across the oil film is linear) will have twice the thickness of 
the film on the journal outside the bearing if bearing end 
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leakage is neglected. At relatively large bearing loading, the 
point of minimum oil film thickness in the bearing will 
be located close to the point of maximum pressure, so that 
the above factor of 2:1 may be applied approximately to 
the minimum film thickness value. 

Upon this approximate basis it appears that the waste 
pack supplies full oil flow requirements of the bearing for 
relatively large bearing loads, where the minimum oil 
film thickness in the bearing is in a general range from 
about 0.0002 in. to 0.0010 in. (A minimum oil film thickness 
of 0.0002 in. represents the approximate lower limit for 
full hydrodynamic lubrication in the bearing.) For smaller 
loading of the bearing, with corresponding increased mini- 
mum oil film thickness, the bearing will operate under a 
relatively starved oil flow condition. 

The effects of reduced oil flow upon bearing operation 
have been discussed by several investigators (3, 5). In the 
present case it is indicated that oil supply limitations of the 
waste pack have no serious effect upon safety of bearing 
operation under normal conditions. If extreme conditions 
beyond those utilized in the laboratory tests should be 
experienced in service, such as large dirt or water concen- 
trations, the waste pack oil feed may reduce to a dangerous 
level. Railroad service experience indicates that such serious 
conditions sometimes are met in practice. It is evident that 
the rate of oil circulation from the waste pack is insufficient 
to have’ significant cooling effect on the bearing, as com- 
monly occurs in other bearing applications. 


7. Conclusions and summary 


The magnitude of friction heat generation associated with 
rubbing of the oil saturated waste pack upon the journal 
normally represents the major portion of heat generated in 
the railroad journal box. The resulting increased operating 
temperature contributes significantly to decreased load 
capacity of the bearing and can lead to bearing failure when 
existing in combination with other unfavorable bearing 
operating conditions. 

The friction between the waste pack and journal arises 
from viscous shear of the oil. The coefficient of friction is 
essentially independent of the type and form of fiber 
material utilized in the waste pack. The friction force can 
be kept to a minimum value by limiting the total force 
between the waste pack and journal to a small magnitude, 


and by using a minimum contact area between the waste 
pack and journal. 

The thickness of the oil film established on the journal 
surface by oil feed from the waste pack has a magnitude of 
about 0.0001 in. to 0.0005 in. The oil film thickness de- 
creases with increased oil viscosity, journal speed, and waste 
pack pressure. It is independent of contact width between 
the waste pack and journal over a reasonable range. Moder- 
ate increase of oil film thickness is obtained with a nylon 
felt waste pack material, as compared to a cotton waste 
pack. 

The oil film thickness supplied by the waste pack is 
sufficient to meet the hydrodynamic film requirements of the 
railroad journal bearing under relatively heavy load con- 
ditions. Under lighter bearing load, the bearing operates 
with relatively starved oil supply. This situation does not 
appear to be serious in normal operations, but provides 
small safety factor for abnormal conditions such as the 
presence of excessive dirt or water. 
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A Solution for the Finite Journal Bearing 
and its Application to Analysis and Design: | 


By A. A. RAIMONDI? and JOHN BOYD? 


The first in a series of papers which are directed towards facilitating the analysis and design of 

journal bearings. By employing computer techniques, numerical solutions of Reynolds’ equation 

"are obtained for centrally-loaded bearings having arcs of B = 360°, 180°, 120° and 60° for 

the widely used case of L{D = 1. Assumptions are based on constant viscosity and no film 

rupture. Performance curves are presented which eliminate the need for side leakage factors ; 

the ease of application of the charts is shown by two illustrative problems. The effect of 
changing such design parameters as bearing clearance is illustrated. 


Introduction 


THE analysis and design of journal bearings using present 
bearing information is considerably hindered by the neces- 
sity of employing side flow factors for treating bearings of 
finite length to diameter proportions. This necessity has 
been brought about because exact solutions have only been 
available for what has come to be referred to as the case of 
the “infinite bearing’. That such factors complicate 
analysis is evident from the fact that several improper 
treatments of their use appear in the literature. Even when 
they are properly employed, the factors ordinarily used in 
charts and tables are based on a 120 degree bearing (1) and 
are therefore not strictly applicable to bearings of other arcs. 

Michell (2) and Muskat, Morgan and Meres (3) elimi- 
nated the need for side flow factors for the case of plain 
slider bearings by solving the fundamental equation for 
sliding pads of finite length-to-width proportions. A paper on 
the application of their solutions to analysis and design 
of pad type bearings has been presented by the authors (4). 

Unfortunately, the case of the finite journal bearing 
cannot be dealt with as summarily as that of the finite slider 
because of the more complicated film shape and the addi- 
tion of two more variables; the bearing arc and the position 
of the load line with respect to the bearing. 

The L/D ratio, which is one of the parameters upon which 
side flow factors depend, is sometimes combined with other 
bearing parameters such as the Sommerfeld number to 
avoid the use of the factors themselves. However, none of 
the combinations so far employed appears to have any 
mathematical or experimental justification except in the 
case of the very short full journal bearing (5). 

In 1949, Cameron and Wood (6) published data for the 
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360 degree finite bearing for eccentricity ratios up to 0.8 
which they obtained by relaxation methods. More recently, 
Sassenfeld and Walther (7) gave friction and film thickness 
information for both the 360 and the 180 degree bearing. 
Data on finite bearings of special types has also been pre- 
sented by Pinkus (8) and others. 

In this paper, the authors report the results of a portion of 
a comprehensive program directed toward obtaining data 
not included in previous investigations and towards pro- 
viding new information essential to a more complete basis 
for analysis and design. Digital computer techniques were 
used to solve the fundamental equations numerically and 
the results are presented in charts and tables which permit 
the determination of friction, film thickness, flow, tempera- 
ture rise, etc., for bearings having arcs of 60, 120, 180 and 
360 degrees for the widely used case of L/D = 1. Other 
cases will be treated in subsequent publications. The com- 
plete presentation will supercede a previous paper (9) in 
which the authors treated the finite journal bearing by the 
use of side flow factors. 

As pointed out above, the paper is based upon a mathe- 
matical solution. Application of the charts and tables, 
therefore, will yield the theoretical performance to be 
expected when operating under conditions analogous to 
those for which the solution was obtained. The various 
assumptions involved are outlined in the following section. 
Numerical examples illustrating applications to problems 
with various known conditions are included. 

It is not within the scope of this paper to recommend 
clearances, allowable temperature rises, etc. These must be 
left to the judgment of the designer to be decided on the 
basis of experience and test. 


Types of journal bearings 


Journal bearings may be grouped into two main classes— 
full bearings in which the bearing arc completely surrounds 
the journal and partial bearings in which the arc is less than 
360 degrees. Partial bearings may be further classified as 
centrally or eccentrically loaded depending upon whether 
the load line bisects the bearing arc or divides it eccentri- 
cally. They may also be of either the clearance type in which 
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the radius of the bearing is greater than the radius of the 
journal by an amount equal to the radial clearance, or of 
the fitted type in which the radii are equal. 

Full bearings and centrally-loaded, partial bearings of 
the clearance type are the more common and it is to these 
bearings that the following analysis applies. A partial 
bearing of the above type is shown in Fig. 1. 








g 
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f FILM PRESS. 
DISTRIBUTION 
P mox 
Fic. 1. Bearing nomenclature. 
Nomenclature 


The following nomenclature was used in this paper. Some 
of the terms are shown diagrammatically in Fig. 1.° 


= load, lb 

= speed, rps 

= journal radius, in. 

= journal diameter, in. 

= axial length of bearing, in. 

= load per unit projected bearing area = W/2RL, 
psi 

= viscosity in reyns, lb sec/in.? 


who Ss 


= minimum film thickness, in. 

= radial clearance, in. 

= journal displacement or eccentricity, in. 

= e/c = eccentricity ratio, dimensionless 

= friction force on journal, Ib 

= F/W = coefficient of friction, dimensionless 

= power consumed in friction, hp 

= journal peripheral speed, in./sec 

= flow of lubricant drawn into clearance space by 
journal, in.?/sec 

= flow of lubricant out both sides of bearing, 
in.3/sec 


oam es * ay, 


~ 





8 In the authors’ previous paper (9) speed was expressed in 
revolutions per minute. While this is convenient in some respects, 
it can lead to confusion when dealing with dimensionless quantities. 
In we present paper speed will be expressed in revolutions per 
second. 


B = angular length of bearing arc, deg 
a = leading angle, extending from beginning of 
bearing arc to the line of action of load, deg 


¢@ = position of min. film thickness, deg 

9, ax == Position of max. film pressure, deg 

9 nin = Position of min. film pressure, deg 

§,, = position at which film pressure becomes less 
than ambient pressure, deg 

p = film pressure, psig 


Pmax = max. pressure developed in lubricant film, psig 
Pmin = min. pressure developed in lubricant film, psig 


Po = ambient pressure, psig 

S = (R/C)*uN/P = bearing characteristic number, or 
Sommerfeld number, dimensionless 

th = lubricant inlet temperature, °F 

t, | = lubricant outlet temperature, °F 

At = temperature rise of lubricant = t.— t,, °F 

t, | = average film temperature = t, + At/2, °F 

c = specific heat of lubricant, BTU/Ib °F 

y = weight per unit volume of lubricant, lb/in.* 

F = mechanical equivalent of heat = 9336 in. 
Ib/BTU 

Assumptions 


Most of the assumptions upon which the present solution 
is based are the same as those in general use and need not be 
repeated here. Two, however, require comment. 

The first is that the viscosity remains constant as the 
lubricant passes through the load area. Although it is 
known that the viscosity varies with both the temperature 
and the pressure and although these variations may be taken 
into account for specific, arbitrary conditions, it is not 
practical to include these effects in a general solution because 
of the greatly increased complications involved. The result 
of disregarding the variation of viscosity with pressure, 
however, is usually negligible and the error made by assum- 
ing that it does not change with temperature may be 
minimized by taking the viscosity to be constant at the 
value corresponding to the mean rather than to the inlet or 
outlet temperature. A numerical example illustrates a 
convenient manner in which this may be done. 

The second assumption is that rupture does not take place 
in the trailing portion of the film. This usually does not 
occur except at high loads and low speeds. Even under 
these conditions, analysis based on this assumption remains 
valid if the ambient pressure is sufficiently high to prevent 
the film pressure at any point from falling below atmos- 
pheric. The analysis is well suited, therefore, to bearings 
operating under high ambient pressures, such as is the case 
in certain atomic power apparatus and various types of 
pumps, but can also be employed to give approximate 
results under other conditions. A treatment for the case 
where rupture occurs will be presented in Part III of this 
series of papers. 
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Cuart 6, For determining film temperature rise. 
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Cuarts 7, 8. For determining maximum and minimum film pressures. 
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CHART 9 
L/p s| 


NOTE: FOR B=360°, 8): = 180° - 
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Cuarts 9, 10. For determining position of maximum.and minimum film pressure and angle Opp. 
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rs = 0.60 FOR MAX. W CONDITION 
* 


0.50 » MIN. H 


90 120 150 180 


BEARING ARC, B (deg) 
Cuart 11, For determining value of minimum film thickness variable corresponding to 
maximum load or minimum power loss. 


Viscosity of the lubricant 


As all of the other quantities involved are given ‘. English 
units, it is desirable that the viscosity of the lubricant be 
expressed in reyns which have the units of lb sec/in.?. 
Figure 2 shows the viscosity, in reyns, plotted against the 
temperature, in °F, for a series of typical SAE numbered 
oils. 


Bearing characteristic number 


For convenience in making calculations, the results of the 
computer solutions are presented in chart form. While the 
charts may be plotted in many ways, the authors prefer to 
show the various performance variables as functions of the 
bearing characteristic or Sommerfeld number, S, where S = 
(R/C)*uN/P. This number unites in one dimensionless 
variable* most of the factors (only the bearing arc is 
omitted) over which the designer has direct control and 
when once this number has been established for a given 
condition of operation, all of the operating characteristics 
become fixed. 

In order to minimize the number of charts required the 
various bearing performance characteristics such as mini- 
mum film thickness, coefficient of friction, etc., are com- 
bined in dimensionless groups such as the minimum film 
thickness variable, h,,/C; the coefficient of friction variable, 
f R/C, and so forth. The manner in which these quantities 
are used will be illustrated by sample problems. 


Minimum film thickness 


Chart 1 illustrates the minimum film thickness variable 
h,,/C plotted against S for bearings of different arc 8. The 
insert in the lower right hand corner shows the path that 
the journal center describes as S varies from zero to in- 
finity. The running position of the journal within the 


bearing is shown for various values of S by the figures below 
the chart. 

As an example of the use of Chart 1 (as well as the other 
charts also), let it be required to solve the following prob- 
lem: 

Problem 1: A boiler water circulating pump bearing 

operates in water at 200 psig and 210°F. If the 
following variables are given, calculate the minimum 


film thickness. 
Given Variables: 8 = 180° 
W = 300 lb 
N = 30 rps (= 1800 rpm) 
R =2in. 
L =4in. 
C =0.002 in. 


p = 4.35 x 10-8 reyns.4 
Solution: The bearing pressure per unit projected area, 
P = W/2RL, on the basis of the given data is 
calculated to be 18.7 psi and the S-number is given by 
R\? uN 2 24.35 x 10-§ x 30 
()-> se (; x 0) 18.7 


Entering Chart 1 with S = 0.070 gives the minimum 
film thickness variable h,,/C for 8 = 180° as 


=0.070 





hy, 
== 0.245 
from which the minimum film thickness h,, is found to 


be 
hy, = 0.245C = 0.245 x 2 x 10-% = 0.00049 in. 


Position of minimum film thickness 
Chart 2 shows the position of the minimum film thickness 





4 Viscosity of water at 210F, see ref. (9). 
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¢, as measured from the load line, for various bearing 
arcs. 

For the foregoing example, the angle ¢ is found by enter- 
ing Chart 2 with S = 0.070 giving 


$ = 49° 


Coefficient of friction 

The coefficient of friction can be calculated from the 
quantity {R/C which is plotted against S in Chart 3. 

The coefficient-of-friction variable for the 180° bearing 
of Problem 1 is found from Chart 3 to be 





R 
from which f is calculated as 
C 2 x 10% 
f = 1.76 x > 1.76 x 2 = 0.00176 


Power loss 

The power which must be applied to the journal in 
order to overcome the fluid friction can be calculated by 
applying the following equation® 


H = 9.52 x 10+ x WRNf [1] 


Thus, using the data of Problem 1, the power loss is 
given by 


H = 9.52 x 10-* x 3 x 108 x 2 x 30 x 1.76 x 10-7? = 
0.030 hp 


Lubricant flow 

The lubricant flow requirements may be found from the 
flow variable Q/RCNL which is plotted in Chart 4. 

For the bearing in Problem 1, the flow variable is 


a ae 
RCNL 


which upon solving for Q gives 


QO = 3.28 x RCNL = 3.28 x 2x 2x 1077 x 30x 4= 
1.58 in.3/sec 


The flow Q calculated by means of Chart 4 is the amount 
of lubricant which is drawn into the leading edge by the 
pumping action of the journal. Of this flow, the amount 
which escapes laterally from both sides of the bearing may 
be found from the flow ratio Q,/Q which is plotted in 
Chart 5. For Problem 1, for example 

Qs = 0.695 
giving Q 


Q, = 0.695 x Q = 0.695 x 1.58 = 1.10 in.3/sec 


Since the bearing in Problem 1 is operating submerged in 
a high ambient pressure, sufficient lubricant will be 
available at the bearing leading edge at all times. However, 


= 3.28 





5 Equation [1] is derived from the fundamental definition of 
horsepower, namely, H = FU/6600. Substituting F = fW and 
U = 2nRN yields Eq. [1]. 


if the ambient pressure is atmospheric rather than 200 psig, 
and if the lubricant is supplied by external means, it is 
obvious that the rate of supply must equal Q. If the 
amount supplied is less than Q, the bearing is said to be 
starved and although it will not necessarily fail to operate, 
its performance characteristics will be altered—the degree 
of alteration increasing with diminishing supply of lubri- 
cant. 

If a bearing is so arranged that the lubricant is supplied 
at a pressure greater than the ambient, it is again obvious 
that the performance characteristics will be altered. Under 
these conditions, part of the lubricant may by-pass the load 
carrying portion of the bearing arc, thus appreciably chang- 
ing the amount of lubricant chargeable to the bearing. 

It is also clear that certain types of grooving will alter 
radically the flow and performance characteristics. Such 
cases must be solved by special methods. 


Temperature rise 


If it is assumed that all of the heat generated by friction is 
effective in raising the temperature of the lubricant as it 
flows through the bearing, and if none of the lubricant 
leaving the trailing edge is carried over to the leading edge 
by the journal, the resulting temperature increase can be 
determined through the use of the temperature rise variable 
FycAt/P plotted in Chart 6. 

For Problem 1, the temperature rise variable is found to 
be 








FycAt _ 
= 10.2 
which upon solving for the temperature rise® gives 
P 18.7 . 
a= Te Ree OS X 9336 x 035 x 1.0 0.60 F 


Maximum film pressure 


The maximum pressure developed in the lubricant film 
can be found from Chart 7 through use of the maximum 
film pressure ratio P/p,, shown in Chart 7. It should be 
made clear that the pressure distribution depicted in the 
insert in Chart 7 (and Charts 8, 9, and 10 as well as Fig. 1) 
were plotted on the assumption that the ambient (or 
reference) pressure was atmospheric (zero psig). Thus if the 
ambient pressure is increased by an amount, say Po, -the 
pressure at all points in the film will be raised the same 
amount. 

For the 180° bearing in Problem 1, the value 





| 
= 0.315 
max 
is obtained from Chart 7. Solving for p,. gives 
- 18.7 


Pas = 0315 ~ 0.315 ~ >? Psi 
Thus the greatest pressure in the film is 200 (ambient) plus 
59.4, or 259.4 psig. 


® Using y = 0.035 and c=1.0 as representative values for water. 


















The position of the maximum film pressure is given by the 
angle @,_,, plotted in Chart 9. For the foregoing problem, 
6, ..:'== 25° 


Pmax 


Minimum film pressure 


The minimum pressure in the lubricant film can be 
obtained from the film pressure ratio p which is 
shown in Chart 8. 

For the bearing in Problem 1, the value 


PuulPans = —0.33 


is obtained. Solving for the minimum film pressure gives 
Poin = —0.33 X p,,, = —0.33 x 59.4 = —19.6 psig. 
Thus the lowest pressure in the film is 200 (ambient) plus 
(—19.6), or 180.4 psig ’. 

The position of the minimum film pressure is given by 
the angle 6, plotted in Chart 9. For the foregoing prob- 
lem, a 


seal max 


Pmin 


6 = 70.2° 


Pmin 


The position at which the film pressure becomes less 
than the ambient pressure is given by the angle 6, shown 
in Chart 10. For the bearing in Problem 1, 


Oy, = 55.2° 


thus indicating that a region of 90 minus 55.2, or 34.8° of 
sub-ambient pressure exists near the trailing edge of the 
bearing. 


Method of solution table and optimum conditions 


The steps taken to obtain the various operating charac- 
teristics of the bearing in Problem 1 are outlined in their 
proper sequence in Table'1, Case 2. With other combinations 
of given variables, different methods of solution are re- 
quired. The procedures for a few of the more useful cases 
are also given in the table. 

To use Table 1 (and Table 1A), one should list the known 
variables and determine the proper case number by com- 


paring them with those given in the upper part of the table. 


He should then proceed to the same case number in the 
main table and work from left to right, calculating all of the 
bearing performance characteristics listed or selecting 
only those which may be of particular interest. 

When designing a bearing for a given application, it is 
clear that an infinite number of solutions is possible. This 
being the case, one may wish to select the solution which 
gives, say, the maximum load <apacity, or the minimum 
power loss. This is termed designing for an optimum 
condition. The two optimum conditions mentioned are 
covered in Cases 5 and 6 respectively, and are solved with 
the aid of Chart 11. 





7 If the calculated value of the lowest pressure in the film were 
negative, as would be the case for a lower ambient pressure, 
rupture of the film would occur near the trailing edge of the 
bearing. Although this renders the analysis subject to error, it is 
still useful for obtaining approximate results. The case of film 
rupture will be treated in Part III of this series of papers. 
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Obtaining solutions when lubricant and inlet 
temperature are specified 


Depending upon the manner in. which the data relative 
to the lubricant are stated, two classes of problems are 
possible. In one, the viscosity is given and in the other, the 
lubricant and its inlet temperature are specified. The for- 
mer, illustrated by Problem 1, is the simpler and is useful 
for study and instructional purposes. The latter is the one 
usually encountered in practice. Solving this class of prob- 
lems involves finding the point at which the film tempera- 
ture, as determined from viscous losses, coincides with the 
viscosity-temperature properties of the given lubricant. 
This can easily be carried out graphically with the aid of 
the viscosity-temperature chart given in Fig. 2. 

The film temperature previously mentioned will be 
assumed to be the average film temperature ¢, given by 


t 
t, = avg film temp = ¢, + : [2] 


where ¢, is the inlet temperature and Jt is the temperature 
rise calculated on the basis that the viscosity is constant. 

A method by which a solution may be obtained when the 
lubricant and the inlet temperature are specified is illus- 
trated by the following problem. 


Problem 2: Calculate the minimum film thickness and 
other performance characteristics of a centrally 
loaded journal bearing if the following variables are 
given. 

Given variables: 8 = 120° 


W = 7200 lb (P = W/2 RL = 200 


psi) 
N = 60 rps (= 3600 rpm) 
R =3 in. 
L =6in. 
C = 0.006 in. 


Lubricant = SAE 20 oil 
Inlet temp., t; = 110°F 


Solution: Since the average temperature is not known 
beforehand, and hence the viscosity cannot be 
determined at the outset, a trial value of the viscosity 
must be assumed. To begin the calculation, assume 
a convenient value, say, 1» = 6 xX 10~® reyns. 

Calculating the S number gives, 


= 0.45 





R\?yN _ 3 \*6 x 10-* x 60 
Cc} P =(& 03) 200 


Going directly to Chart 6 


FycAt 
r 





= 20.4 


from which At = 36.4°F 8. 





8 Using y = 0.03 and c = 0.40 as representative values for a 
lubricating oil. 
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TABLE 1 
Method of Solution for Problems on Fournal Bearings 


GIVEN VARIABLES AND CONDITIONS 
VARIABLES 
NI RIL CI] Mal pw 


x 


x 


+e 


x} Xx 


x 


x 


x 


DETERMINE CASE NO. FROM ABOVE. THEN WORK 





FROM 


LEFT TO RIGHT IN TABLE BELOW 














































































































§ METHOD OF OBTAINING QUANTITIES LISTED BELOW 
CASE 
NO. 
64:30:74. 3% : s w P C Mn » N 
, , : h , : : 2 
| | given | given | given} +. = a. given ac given given (g) 5 given 
e from*™ (ay BN ° -(*) i 
chart | |\c) ~P- C-\s']] given 
‘ z un from r\* BN : . 4 
3 chart | 2RLP (8) = given 
‘ . ‘ ‘ R i . Ss i c¥ ps 
o given PRL (g) m7 
x , ss n from F rie wnt . 
5 chart 1! arp |(8) S| m+(@)] * 7 given 
, w 2 ps 
6 given RL (g) WT 
METHOD OF OBTAINING QUANTITIES LISTED BELOW (CONT’D) 
CASE NO. 
R 0 Qs See _ Pmin OPmox » 
¢ cf f H RCNL Q Q Qs P a Pmox Dees Pmox ro Ormin | °P0 
, from from R 9,52x104} from |/_a_\. from , from |(%cSt) P| from |p, P| from Pmin \ . from | from 
1106 inc.} cnoer'2 | chart 3 | (Ef) | wRNE | chort'a |RENC)"RONL] cnort's (9):2 | chore {(78—) | chart 7 | Bear | chorre@ | (bee) Pmen | chort'9 |chort 10 





























*Calculate S before entering chart | 


t Calculate C first 


The average film temperature is then found from 
Equation [2] to be 


36.4 
g. = 110 oe oOo = 128.2°F 


Plotting the assumed viscosity (6 <x 10~® reyns) 
as the ordinate » and the average film temperature 
(128.2°F) as the abscissa ¢ in Fig. 2 gives point A. 
Since the point falis above rather than on the line 
for SAE 20, it can be seen that the assumed vis- 
cosity was too high. Repeating the calculation with 
p =3 x 10-* reyns gives point B(u = 3 x 10-, 
t = t, = 124.3°F). The intercept between a line ® 
connecting A and B and the line for SAE 20 oil 
determines the operating viscosity, » = 4.4 x 10-* 








® A straight line is sufficiently accurate if the points are close 
together. 


reyns, and the average temperature ¢, = 126.1°F, 
which satisfy the given conditions of the problem. 
Upon using 4.4 x 10~ reyns for the viscosity one 
can recalculate the S number to obtain S = 0.33. 
The minimum film thickness variable can then be 
found from Chart 1 to be h,,/C = 0.565, from which 


h,, = 0.00339 in. 
Continuing as in Problem 1, the following results 


are obtained for the remaining performance charac- 
teristics: 


At = 32.2°F 

¢ = 42 deg 

f = 0.00650 

H = 8.00 hp 

Q = 17.4 in.3/sec 
Q, = 5.09 in.?/sec 


Puss = 13 psig 
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TABLE 1A 
Method of Solution for Problems on Journal Bearings Where the Lubricant and Inlet Temperature are Among the Variables 
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DETERMINE CASE NO. FROM ABOVE. THEN WORK FROM LEFT TO RIGHT IN TABLE BELOW 
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METHOD OF OBTAINING QUANTITIES LISTED BELOW 
| “No. ejrit|sl ® S w p c mm |—3—| ai | wo] N 
1A } given | given | given. ty tn a given sc given given Pinna Crt given am % (gy 88 given 

2A ° . ; Bae : on 2 ¥ x ‘ CG (3 ) 7 % 5 given ey 2 ¥ 

3a] » « | oo " we | from) | 2RLP (2 fan" . given : i, . ‘ nats . . 
4a} * " “ “ . " given ste . “ " (ae). “ « a, te y os. 
| we ge ae * | * |chortn {enor t | 2? (ay ma(Z)] ‘ hooe. * . note 4 | given 
| 6A i « ° " . « ® given x . . ” (3=)¢ ¥ od * (£) 5s " 

| 

METHOD OF OBTAINING QUANTITIES LISTED BELOW (CONT’D) 
CASE NO. - Ry f - ao Q Ss Qs | se | pmx | == Pmin og oO 
| a cmt cat 3 (2 ‘he OWRNE Pi Ponce (aéwc)-RONL ome ($)-0 chert? P+(se5) Bang 8 Fa) Pmox oan? one 
| * Obtain At and pb first. t obtained by entering chart.! with S. *Obtain C first, then get yz by applying note 4. 


Note 1: The proper lubricant is the one whose viscosity- 
temperature curve passes through the point given by : oe 
» and t on a visc.-temp. chart (such as Fig. 2) where the viscosities. 
temp., t, equals t, = t, + 4t/2. 


lubricant with the curve comprising the locus of the trial 


;' ; Te) 
s Note 4: Enter Chart 6 with S, ob Ps).0 trial val 
Note 2: Assume a trial value of yu; calculate S = (2) ls si xe st + ee 
t R\?pN 1 
Obtain (2s) from Chart 6, calculate 4t by equation, of », calculate 4t from equation, 4t = ( a) = x Iye x 
t id At 
4t = a) x Fre - Then follow procedure given ( =). Then follow procedure given in note 3 above to 
in note 3 below to obtain correct ». Using correct p, obtain correct ». Using correct p, calculate P from 
calculate S and complete solution of problem. R\? zN 
Note 3: Using a visc.-temp. chart, plot trial 1 against temperature, equation in above table, namely, P = (2) F° 


t, where t = t, = t, + 4t/2. Several trial viscosities (see 
for example, points A and B, Fig. 2) may be necessary to Note 5: The viscosity, u, is obtained from a visc.-temp. chart for 
arrive at the correct viscosity which is given by the the given lubricant. Enter the chart with the temperature, 
intersection of the visc.-temp. curve for the given t, equal to t,, where t, = t, + 4t/2. 
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Pin = Zero psig 
Oonax = 3-6 deg 
9yuin | = (does not occur within bearing arc) 


By extending line AB through additional assumed values 
of viscosity, operating conditions with other SAE oils are 
readily obtained. In addition, since the temperature rise is 
a constant quantity for each assumed value of viscosity, 
increasing the inlet temperature by a given amount in- 
creases the average film temperature by the same amount as 
may be seen from the equation, t, = t, + At/2. The curve 
for an inlet temperature of, say, 130°F, can therefore be 
easily added to Fig. 2 by drawing a line parallel and 20°F 
(130°F-110°F) to the right of AB. 

The steps used to solve Problem 2 are outlined in Table 
1A, Case 2A, which is seen to be the counterpart of Table 1, 
Case 2, but with the lubricant and inlet temperature given 
rather than the viscosity. The other cases of Table 1A are 
similarly related to those of Table 1. 


Discussion 

While a theoretical analysis, such as that contained in the 
present paper, is helpful in predicting performance charac- 
teristics for a given set of specified conditions, its greatest 
value probably lies in the fact that it enables one to examine 
the effect of changing the various parameters. For example, 
suppose one wished to determine how varying the radial 
clearance would influence the performance of the bearing in 
Problem 2. Proceeding as before, but for different clearances 
(also different unit loads) gives the results plotted in Figs. 
3, 4, 5, 6 and 7. 

Figure 3 shows that an optimum value of the clearance 
exists and that it varies with load. It also shows that the 
peaks of the curves are sharper at the higher loads indicating 
that the range of near-optimum clearances is considerably 
reduced as the load rises. The curves illustrate the need for 
caution against making sweeping generalities as to proper 
clearance ratios, etc. 

Figure 4 shows that the power loss reflects the film thick- 
ness relationship given in Fig. 3 in that the lower losses 
correspond to the greater film thicknesses. 
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Fic. 3. Effect of clearance on minimum film thickness for bearing 
in Problem 2. 
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Fic. 5. Effect of clearance on flow for bearing in Problem 2. 
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Fic. 6. Effect of clearance on average film temperature for bearing 
in Problem 2. 
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Fic. 7. Effect of clearance on rnax. film pressure for bearing in 
Problem 2. 


Figure 5 shows that the flow passing through the film is 
roughly linear with clearance and that it is lower the higher 
the load. 

Figure 6 shows that above a certain value, the average 
film temperature does not change appreciably with clearance. 
At low clearances the temperature rises rapidly as a result 
of the decreased flow under these conditions. 

Figure 7 shows that at low loads the maximum pressure is 
relatively unaffected by clearance but at heavier loads rises 
rapidly, thus concentrating the peak pressures in a smaller 
portion of the bearing arc. 

Space limitations do not permit commenting on many of 
the important and interesting implications brought out by 
the various charts. Mention should, however, be made of 
the fact that the film thickness curves for the 60° bearing 
cross over and lie above those for the 360° bearing at the 
lower S numbers. This means that, for the same film thick- 
ness, the 60° bearing has the greater load capacity. That 
this should be the case may be seen from Figs. 8 and 9 
which show the above ambient (positive) and below 
ambient (negative) pressure distributions for the two bear- 
ings. The figures also show the relationship of the resultant 
load vectors. 
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Fic. 8. Pressure ‘distribution and force diagram for full journal 
bearing, e= 0.97, L/D = 1, 
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Fic. 9. Pressure distribution and force diagram for centrally 
loaded partial bearing, B = 60°, « = 0.97, and L/D = 1. 


Appendix 


The pressure distributions for bearings of 360, 180, 120 
and 60 degrees arc length were obtained by solving on a 
digital computer the finite difference approximation to 
Reynolds’ equation having the form given as Equation [14] 
in reference (10) with boundary conditions as stated in 
Equation [15]. A 20 x 14 mesh was used, the 20 intervals 
being taken in the circumferential direction. Numerical 
integration and differentiation techniques were applied 
to the pressure distribution in order to obtain the perform- 
ance characteristics plotted in the charts. 
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A Solution for the Finite Journal Bearing 
and its Application to Analysis and Design: Il 


By A. A. RAIMONDI! and JOHN BOYD? 


This second in a series of papers is a continuation of the work described in Part I. Performance 

curves for B = 360°, 180°, 120° and 60° bearings are given for L/D values of 4 and } thereby 

extending the solutions to encompass both the L/D ratios and bearing arcs most widely used 

in practice. A problem illustrating the effect of L|D ratio on journal misalignment shows that 

the shortest bearing is not necessarily the one most capable of tolerating the maximum 
misalignment. 


Introduction 


Tuis is the second in a series of papers directed toward 
facilitating the analysis and design of journal bearings. In 
Part I (1) the authors presented a solution of the funda- 
mental lubrication equations in the form of design curves for 
full and partial journal bearings of finite length having a 
length-to-diameter ratio (L/D) equal to one. Prior to that, 
a similar paper dealing with journal bearings of infinite 
width (L/D = co) was published (2). The present paper 
gives the results for finite length journal bearings having 
L/D ratios of 4 and } respectively, thereby extending the 
solutions to encompass both the L/D values and the bear- 
ing arcs most widely used in practice. 


Assumptions 


As explained in the previous paper, the data presented is 
applicable to full bearings and centrally-loaded partial 
bearings of the clearance type. The assumptions on which 
the present solution is based are identical with those pre- 
viously stated, namely, constant viscosity and inadmissi- 
bility of film rupture in the trailing portion of the film. A 
treatment for the case where rupture occurs will be given 
in a separate paper (Part III). 


Nomenclature 


The nomenclature is the same as that previously em- 
ployed (1) and will not be repeated here. The symbol B, 
which was not previously required, is used herein to repre- 
sent the linear extent of the bearing arc f in inches, i.e., 
B = 2nR (8°/360°) where R is the journal radius. The 
symbol 7 is used to denote a misalignment angle (Fig. 8) 
in radians. 


Performance charts 


While the present charts (given at the end of this paper) 
pertain to two different L/D ratios,they are identical in form 
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and scope with those of Part I (1) and are numbered in the 
same manner. This permits the solution of problems by 
the use of the method of solution tables already given. 


Comments on the use of side flow factors 


In addition to simplifying bearing calculations, the present 
charts provide greater accuracy in computing theoretical 
performance under specified assumptions than methods 
based on presently available side flow factors. An idea of the 
difference between the load capacity and the friction, as 
computed by both methods, may be obtained by referring 
to Figs. 1 and 2. 

The lower portion of Fig. 1 shows the load factor, (i.e., 
the ratio of the !oad which can be carried by a finite bearing 
to the load which can be carried by an “infinite bearing” 
for the same eccentricity ratio) plotted against the bearing 
aspect ratio, B/L, for an eccentricity ratio of 0.9. The upper 
portion of the figure shows similar data for friction. 

Since there is considerable spread between the curves for 
the various bearing arcs, it is clear that the usual side flow 
factors based on a single curve independent of the bearing 
arc may be subject to considerable error depending upon 
the particular values of B/L and f involved. 

Figure 2, which shows the load and the friction factors 
plotted against the eccentricity ratio, illustrates that the 
usual assumption that these factors are independent of 
eccentricity ratio may also be subject to appreciable error. 

For comparison purposes, Needs’ curves for the 120° 
bearing (3) are superimposed on Figs. 1 and 2. The differ- 
ence between his results and the present curve for the 120° 
bearing is probably due to the fact that he excluded negative 
pressures in his solution. 


Effect of L/D ratio 


The curves presented in this series of papers for various 
L/D ratios make it convenient to illustrate the effect of 
changing the proportions of a bearing having a particular 
set of operating conditions. Using the conditions of 
Problem 2, reference (1), for example, let it be required to 
determine the performance for various L/D ratios when the 
following variables are specified : 

W = 7200 lb 

N = 60 rps (3600 rpm) 

B = 120° (and 60°) 
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Lubricant, SAE 20 oil 
Inlet temperature, t; = 110°F 
L = lf, 3, 6, 12 inches for L/D ratios }, 4, 1, and 2 
respectively. 
Using the methods described in the previous paper (1) 
and balancing the temperatures, the effect of varying the 
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various bearing arcs. 


L/D ratio on the minimum film thickness, the power loss, 
the flow, the average film temperature, and the maximum 
pressure are illustrated in Figs. 3, 4, 5, 6 and 7 respectively. 

Figures 3 and 6 illustrate that the longer the bearing the 
greater the film thickness and the lower the temperature. 
It is clear, however, from Figs. 4 and 5, that increasing the 
length raises the horsepower and the flow requirements of 
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the bearing. The choice of the best L/D ratio will therefore 
depend upon what criterion of performance is applied. 
BE 4 One criterion for judging the optimum L/D ratio is based 
on the proportion which tolerates the greatest amount of 
& misalignment. It is generally assumed that the shorter the 
6 ry “ bearing the greater the allowable misalignment. This is 
true as far as the dry fit of the journal in the bearing is 
& concerned, but it is not true when the minimum film thick- 
4+ & 7 ness is taken into account as will be illustrated with the aid 
of Figs. 8 and 9. 
Figure 8 shows in solid lines the position of the journal 
ar "4 in the bearing if perfect alignment exists. Some misalign- 
ment, however, is always present and the amount of mis- 
‘ :' ; alignment » which can occur before the journal touches the 
0 bearing can (for small angles) be expressed b 
r Vo Vp . g can ( gles) be exp y 
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Fic. 8. Misalignment in a journal bearing. 








When 7 is calculated for the present problem and plotted 
against L/D as in Fig. 9, it will be seen that a definite opti- 
mum occurs in the neighborhood of L/D = 1. This con- 
clusion agrees with experience in showing that an improve- 
ment can be made by reducing the L/D ratio from 2 to 1. 
Figure 9 also points out that a large further reduction will 
not necessarily prceduce a beneficial effect. 
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assistance in carrying out the digital computer solutions 
utilized in this paper. 
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APPENDIX 


Interpolation 


The data given in this and previous papers (1, 2) embrace 
bearings having arcs of 360°, 180°, 120° and 60° and L/D 
ratios of infinity, 1, 4 and }. If one wishes to obtain per- 
formance characteristics for bearing arcs or L/D ratios which 
fall within the range of data given by the authors but for 
which curves are not specifically drawn, he may do so by 
cross plotting or using interpolation formulas. As an aid 
to this end, two interpolating formulas are given below. 

Interpolating for 8: The following equation may be used 
for obtaining the performance variables (such as h,/C, 
FRIC, etc.) for a bearing whose arc f falls within the range, 
180° > B < 60°, 


* = zoqp lB — 1208 — 60150 — 
— 2B — 1808 — 60)x,29 + (B — 180)(8 — 120)red)- (1) 


In Equation [1], x represents the performance variable being 
sought for a particular bearing arc B while x,,9, x,29 and 
%go9 designate the values of the performance variable for 
bearing arcs of 180°, 120° and 60° respectively which can 
be obtained from the performance curves given in this 
paper (and ref. 1). 


Example: Calculate the minimum film thickness variable 
h,C for a 90° bearing operating with S = 1.0 and having 
an L/D ratio of 4. Entering Chart 1 (L/D = 3) with S = 
1.0 yields x,35 = 0.65, x99 = 0.622 and x,, = 0.465. 

Substituting these values and 8 = 90 into Equation [1] 
and solving for x gives 


x = 0.560 


which is the sought value of h,/C for the 90° bearing. If 
desired, similar substitutions could be made to yield the 
coefficient of friction variable fR/C, the flow variable 
Q/RCNL, etc., for B = 90°. 

Interpolating for L/D: The performance variables for a 
bearing whose L/D ratio lies within the interval, co > 
L/D < }, may be obtained from the following equation 


+ ainl- ACB 3) Bp 
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where y designates the performance variable being sought 
for a particular L/D ratio and yoo, 3, y, and y, represent the 
values of the performance variable for bearings whose L/D 
ratios are infinity, 1, } and } respectively. These values can 
be obtained from the performance curves given in this 
paper and references (1) and (2).* 

Example: Calculate the minimum film thickness variable 
h,,/C for a 120° bearing operating with S = 0.20 and having 
the ratio, L/D = 2. From the appropriate charts, the 
following values are obtained 

Yo= 0.628 (from ref. 2, Chart 4)4 

y, = 0.445 (from ref. 1, Chart 1) 

y, = 0.293 (this paper, Chart 1, L/D = 34) 





3 Used for obtaining y,,; i.e., the performance variable for the 
infinite bearing. 
4 Using S = 0.20 x 60 sec/min = 12 sec/min. 
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¥, = 0.158 (this paper, Chart 1, L/D = }). 
Substituting the above values and L/D = 2 into Equation 
[2] and solving for y gives 


y = 0.534 
which is the desired value of h,/C. 


Method of plotting 


Following the example of the previous paper (1), the 
present charts are plotted for a fixed value of the L/D ratio 
(L/D = 4 and } respectively) with the bearing arc B as the 
plotting parameter. An impression as to how the curves 
would appear when cross plotted for a fixed value of B (say, 
B = 120°) with L/D as the parameter may be obtained from 
Fig. 10. The curve for L/D = 2 in Fig. 10 was obtained by 
use of interpolation Equation [2]. 
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Fic. 10. Plot of h,/C vs. S for 120° bearing with L/D as the parameter. 
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Cuarts 4, 5. For determining lubricant flow (L/D = 4). 
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CHART 6 
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Cuart 6, For determining film temperature rise (L/D = }). 
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Cuarts 9, 10. For determining the position of maximum and minimum film pressure and angle 6p, (L/D = 4). 
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Cuart 11. For determining value of minimum film thickness variable corresponding to maximum load 
or minimum power loss (L/D = 3). 
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CuartT 1. Minimum film thickness variable vs. bearing characteristic number (L/D = }). 
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Cuarts 4, 5. For determining lubricant flow (L/D = }). 
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Cuarts 7, 8. For determining maximum and minimum film pressures (L/D = }). 
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Cuarts 9, 10. For determining position of maximum and minimum film pressure and angle @y, (L/D = }). 
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A Solution for the Finite Journal Bearing 
and its Application to Analysis and Design: Il! 


By A. A. RAIMONDI? and JOHN BOYD* 


This is the concluding paper in a series. The effect of modifying the assumptions in Parts I 

and II to include the influence of rupture of the film is discussed in detail. Numerical solutions 

which account for film rupture are presented for Reynolds’ equation in the form of performance 

curves and tabulated data for centrally-loaded bearings having arcs of 360°, 180°, 120° and 60° 

for L/D values of o0, 1, 4 and}. The method of obtaining the computer solutions is discussed 
in the appendix and the results compared with similar work of other investigators. 


Introduction 

Tuis is the third in a series of papers (1, 2) whose purpose 
is to facilitate the analysis and design of journal bearings. 
Parts I and II presented a solution of the fundamental 
lubrication equations in the form of design curves for 
centrally loaded bearings of various bearing arcs and 
different L/D ratios. The solution was based on the usual 
assumption that the film was continuous throughout the 
bearing arc and that at no point did the film pressure become 
low enough that rupture of the film could occur. 

The above assumption is justified if a bearing is not 
heavily loaded or if it is not operating at low speed. If the 
load is great or the speed is low, the pressure in the divergent 
portion of the film in the region of the minimum film thick- 
ness may fall below atmospheric pressure, making it 
possible for rupture of the film to occur. When this happens, 
the performance characteristics of the bearing may be 
considerably different from those obtained on the assump- 
tion that rupture does not take place. 

The present paper presents design curves for the con- 
dition when rupture due to sub-atmospheric pressure is 
taken into account. The data was obtained by the use of a 
computer from the same fundamental equations employed 
in Parts I and II but with the boundary conditions altered 
to fit the rupture condition. 

For the case of the partial bearing, the solution for 
Boundary Condition 1, without rupture, and the solution 
for Boundary Condition 2, with rupture, are identical for 
high speed and low loads, i.e., for large values of the bearing 
characteristic number, S. At small values of S, however, the 
two solutions may yield widely different results, depending 
upon the characteristic being considered.* The most im- 
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3It should be noted that a low value of the S number does not 
always imply that sub-atmospheric pressures will be encountered 
as the bearing might be operating in an ambient pressure high 
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portant differences between the solutions are to be found in 
the film thickness and the friction, with the Type 2 (with 
rupture) Boundary Condition giving the larger film thick- 
ness and the lower friction. For the case of the full journal 
bearing, although the Type 2 solution gives the lower fric- 
tion, it may also give either a greater or smaller film thick- 
ness than the Type 1 solution, depending upon the value 
of the bearing characteristic number S. 

To ascertain which solution is applicable in a given case, 
one can readily check for the presence of sub-atmospheric 
pressure by the curves and methods given in Parts I and II. 
If such are found to exist, the Type 2 solution is applicable. 
If not, the Type 1 solution should be used. 


Nomenclature 


The nomenclature employed in the present paper is the 
same as that previously used with the exception that the 
angles 0 and 94, and the ambient pressure p,, have been 
added. All of the quantities which are used are listed and 
defined in the Appendix. 


Charts and tables 


Following the pattern of the previous work, the data are 
presented in the form of design charts in which the various 
operating factors such as the minimum film thickness 
variable, the coefficient of friction variable, etc., are plotted 
against the bearing characteristic number, S. Since the 
current data cover the same number of cases as were 
previously included in Parts I and II combined, it was not 
found possible to present all the information in curve form 
because of space limitation. For this reason, curves are 
shown only for the widely used case of L/D = 1 and 
bearing arcs of 60°, 120°, 180°, and 360°. Tables 2, 3, 4 and 
5 cover the same bearing arcs but with L/D ratios of infinity, 
1, $, and }. Table 6 gives the necessary data for determining 
optimum conditions. Users may construct their own curves 
for the other L/D ratios from the values given in Tables 
2, 3, 4 and 5 or may obtain such curves by writing the 
authors. 

The present data is more extensive than any of the 
currently available solutions (3, 4) and because of the use of 
computer techniques is felt to be quite accurate for calcula- 
tion purposes. Details of the assumptions employed, the 
method of calculation, etc., may be found in the appendix. 
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Use of the charts and tables 


Since the manner in which the charts and Tables 1, 1a are 
employed is largely identical with that in Parts I and II, a 
discussion of their use need not be repeated here. The reader 
is referred to the earlier work for this information. 


Discussion 


In order that the differences between the solution when 
rupture of the film is considered and the solution when 
rupture is neglected can be compared, the various operating 
variables for the two cases are plotted against the bearing 
characteristic number S in Figs. 1 and 2 for a partial and 
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Fic. 1. Effect of film rupture on performance characteristics of 
120° bearing, L/D = 1. 


full journal bearing, respectively. While Fig. 1 is drawn for 
a 120° bearing with an L/D ratio of 1, similar curves will be 
obtained for other partial bearing arcs and other L/D 
ratios. In general the difference between the solutions in- 
creases with increase in bearing arc or reduction in the 
L/D ratio. 

Fig. 1a shows that the Type 1 Boundary Condition 
(rupture neglected) gives a lower value of the minimum 
film thickness. (It should be noted that, while the actual 
differences in film thickness may be small, the relative 
differences at small S values may be quite large.) A similar 
relation exists for the 60°, 180° and the 360° bearing (see 
Fig. 2a). However, Fig. 2a shows that the situation is 
reversed at large values of S. 

Another important difference between the solutions may 
be found in the position of the minimum film thickness ¢. 


Fig. 1£ shows that ¢ goes to zero as S approaches zero for 
the Type 2 Condition. This causes the locus of the journal 
center to be elliptically shaped as shown in the insert in 
Chart 1 of the present paper rather than S-shaped as in 
Chart 1 of Part 1 (1). 

A further important difference between the solutions can 
be noted in the coefficient of friction variables, (R/C)f. 
Fig. 1B shows that (R/C)f approaches zero as S approaches 
zero for the Type 2 Condition. For the Type 1 Condition, 
(R/C)f approaches 1. This peculiarity of the Type 2 solu- 
tion does not at first seem to check with experiments for it 
is usually found that the coefficient of friction rises for the 
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Fic. 2. Effect of film rupture on performance characteristics of 
360° bearing, L/D = 1. 


small values of S. The explanation of the difference prob- 
ably lies in the fact that the measured friction is a combina- 
tion of fluid friction and solid friction resulting from mis- 
alignment or the rubbing of surface asperities. In addition 
to these effects may be added the possible increase in fric- 
tion caused by increase in lubricant viscosity produced by 
the pressure-viscosity effect. 

It is not felt necessary to comment on the other curves 
shown in Figs. 1 and 2 as these are adequately illustrated 
and, in most cases, can be deduced from what has already 
been said. 


Summary 

The present paper concludes this particular series on 
centrally loaded journal bearings by giving solutions which 
account for the effects of film rupture. The data presented 











encompasses the bearing arcs and L/D values most widely 
used. 

Film rupture is discussed and it is shown that for partial 
bearings calculations based on film rupture yield larger 
film thicknesses and lower coefficients of friction than those 
calculated on the basis of no film rupture. 





196 A. A. RAIMONDI AND JOHN BoypD 


Acknowledgments 

The authors wish to express their sincere appreciation to 
Mr. Carl Saalbach of the Analytical Section of the 
Westinghouse Electric Corporation for programming and 
carrying out the computer solutions utilized in this 


paper. 


APPENDIX 


Nomenclature 
The nomenclature used is identical with that previously 

employed (1, 2) and is repeated below. Some of the terms 

are shown diagrammatically in Fig. 3. 

load, Ib 

speed, rps 

journal radius, in. 

journal diameter, in. 

== axial length of bearing, in. 

W/2 RL = load per unit projected bearing 

area, psi 

= viscosity in reyns, lb sec/in? 

= minimum film thickness, in. 

= radial clearance, in. 

= journal displacement or eccentricity, in. 

= e/C = eccentricity ratio, dimensionless 

= friction force on journal, Ib 

= F/W = coefficient of friction, dimensionless 

= flow of lubricant drawn into clearance space 

by journal, in*/sec 
= flow of lubricant out both sides of bearing, 
in®/sec 
= Angular extent of bearing arc, deg 
= angular coordinate, measured in direction of 
rotation; deg 
= angle from line of centers to start of film, 
measured in direction of rotation; deg 

a = leading angle, extending from start of film to 
the line of action of the load, deg 

¢ = position of min. film thickness, deg 

6 = position of max. film pressure, deg 

6,, | = position at which film terminates, deg 

p = film pressure, psig 

p == max. pressure developed in lubricant film, psig 

Pa == ambient pressure, psig 

(R/C)? » N/P = bearing characteristic num- 

ber, dimensionless 

= lubricant inlet temp., °F 

= lubricant outlet temp., °F 

temp. rise = ft, — t,, °F 

specific heat of lubricant, BTU/Ib °F 

weight per unit volume of lubricant, lb/in* 

mechanical equivalent of heat = 9336 in. 

Ib/BTU 

n = number of mesh intervals taken in direction of 
motion, dimensionless 

m = number of mesh intervals taken perpendicular 
to direction of motion, dimensionless 

o = convergence criterion, dimensionless 
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Assumption 


The present solution is based on the usual assumption of 
constant viscosity. However, film rupture is taken into 
account by altering the boundary conditions for the film 
pressure p from those previously employed in (1, 2). These 
two different boundary conditions are denoted by Type 1 
and Type 2. 








FILM PRESS. 
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Fic, 4. Illustration of boundary conditions. 


Type 1 B.C. which was used in the authors’ previous 
papers, is illustrated in Fig. 4(a) and requires that the pres- 
sure p equal the ambient pressure p,, taken to be zero, at 
the edges of the bearing, i.e., p = p, = 0 psig. This per- 
mits the existence of sub-ambient pressures near the 
trailing edge of the bearing for those operating conditions 
where the film shape is diverging in this region. Figure 5, 
drawn on the assumption that the ambient pressure is 
atmospheric (i.¢e., that p, = 0 psig), requires the sub- 
ambient pressures to be “negative” as illustrated by the 
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dotted curve. (Since raising the ambient pressure a given 
amount raises the film pressures by the same amount it is 
clear that there would be no “negative” pressures if the 
ambient pressures were raised sufficiently high.) The 
existence of negative pressures implies that tensile forces are 
being exerted on the lubricant film and, since liquids cannot 
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Fic. 5. Pressure distributions along bearing center line, B = 120° 
L/D = 1, « = 09. 


ordinarily withstand forces of such a nature, rupture or 
cavitation of the film will occur near the trailing edge. 
The film pressures will then take up the distribution as 
shown by the solid curve in Fig. 5. Flow continuity (5) 
and stability (6) considerations require that the point of 
rupture be determined by the additional requirement that 
dp/d6 = 0 as well as p = p, = 0 as shown by Fig. 4 (b) 
representing the Type 2 B. C. 


Solution of Reynolds’ equation 


The pressure distributions for the bearings studied in this 
paper were obtained by solving numerically* on a digital 
computer® the finite difference approximation to Reynolds 
equation having the form given as Equation [14] in refer- 
ence (8) and using the Type 2 Boundary Condition. 
Incorporation of this new boundary condition was effected 
in a manner similar to that used by Christopherson (9), 
namely, by stipulating that the pressure is never to be 
negative. Then, since the pressure curves (in the direction 
of motion) are polynomials (and therefore continuous), 
they will assume the necessary zero gradients automatically. 
The Type 2 B. C. problem proved to be a more economical 
case to work on the computer, requiring less time, for a 
given mesh size, than the Type 1 B. C. problem. A typical 
pressure distribution is given by Fig. 6 which shows the 





4 That is, using an iteration technique similar to that of 
Liebman (7). 
5 IBM 704, 
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pressure contours for a 120° bearing operating with a high 
eccentricity ratio. The pressure distribution along the 
bearing center line is given by the solid curve in Fig. 5 for 
the same bearing. Various numerical integration and 
differentiation techniques were employed on the pressure 
distributions to evaluate the basic formulas given by others 
(see for example, references 10 and 11) for such performance 
characteristics as load, friction, flow, etc. It should be 
mentioned, however, that the coefficient of friction variable 
FRIC listed in Tables 2, 3, 4 and 5 was calculated so as to 
include the effect of shear in the ruptured region of the 
film, as was done by Cameron and Wood (3) for the case 
of the full journal bearing. Values of {R/C which neglect 
this effect were also calculated but were not tabulated 
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Fic. 6. Pressure contours for 120° bearing, L/D = 1, « = 0.9, 
centrally-loaded. (Developed view). 


because of space limitations. The temperature rise variable 
JycAt/P was calculated in a manner similar to that used by 
Boswall (12) by assuming that all of the heat generated 
because of friction was available for increasing the lubri- 
cant temperature and that the mean temperature of the 
lubricant leaving the sides of the bearing Q, was equal to 
the average of the inlet and outlet temperature. The 
tabulated angles 0, and 6, were determined from graphs 
of the pressure distribution taken along the bearing center 
line and hence are inherently not as accurate as the other 
tabulated characteristics. However, for those cases where it 
was feasible, values of 6, (and P/p,,.) were calculated by 
passing parabolas through the points straddling the peaks 
of the pressure curves. The values of A,/C for optimum 
conditions given in Table 6 were also determined graphic- 
ally. 





6 Using these assumptions, it can be shown that 
R 
Jvcdt 4m (os ) 


'-3() (aewz) (1) 
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Convergence criterion and mesh size 

Prior to performing wide scale computations, an investi- 
gation was made of the convergence criterion o in order to 
determine the probable error. If the pressure at a given 
point on the bearing surface is denoted by p, then the 
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every point in the mesh, influences the value of the pressure 
at some arbitrary point. It is shown in Table 7 that although 
the error between two successively iterated values of p may 
be quite small, that is, equal to o, that the pressures con- 
verge to values that-may differ from each other (and hence 


TABLE 1 
Method of Solution for§Problemsfon fournal Bearings (Type 2 Boundary Condition). 





GIVEN VARIABLES AND CONDITIONS 





VARIABLES 





CASE 
NO. 
BIiWiIN;] RIL 
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METHOD OF OBTAINING QUANTITIES LISTED BELOW 
CASE 
NO. 
B 2 L 5 < Ss W Pp Cc he mn N- 
; ' E * h from w c¥ es] .. 
| given | given | given| 35 .4 chort | given SRL given given (£) W| given 
‘ : 5 ; from ™|/R\* BN i is : ha ‘ 
2 chor |(2) c-()| iver 
o o w cf ba from R ‘ BN " 
3 = chort | 2RLP (8) 3 given 
: Ww c\* PS 
4 “ " " “ " ” given PRL “ * (£)  ¢ 
“ ie 1 " from “ A 4 S y + *e\ “ 
5 chort 10 2RLP 3 se le (% oven 
' ' » . » W . ere. 
ot See Sake given | aac (5) Fi 
METHOD OF OBTAINING QUANTITIES LISTED BELOW (CONT'D) | 
CASE NO. 
R Q a Jycdt p 
¢ c! ‘ 4 RCNL Q Q Q, P ~ Pmor | Pmox | 2Pmox | Po 
= 4 
: from from Re), c [9.52x10 from oN: from Qs\_ from Jycht\ P| from ce from from 
I to 6 inc. chort 2 | chart 3 (@ t) R | WRNf chort 4 (nea) RCNL chart 5 (3) Q chart 6 ( P ): Yyc| chart 7 sibs Pmox | chart 8 | chort 9 





























* Calculate S before entering chort | ft Colculote C first 


pressure at the same point after k successive iterations’ can 
be called p,. Using this terminology, a convergence cri- 
terion o can be defined as 
Pe — Pri 

Px 


Table 7 shows how the convergence criterion o, applied to 


c= 





7 Thatis, using an iteration technique similarto that of Liebman (7). 


with the correct value which it is not possible to determine 
for a finite journal bearing at the present time) by an error 
considerably more than o. Thus, very small values of o 
are required to ensure high accuracy. On the basis of Table 
7, a value of ¢ = 0.00005, which is much smaller than that 
used by others in similar problems, was selected for com- 
putation purposes as providing a reasonable compromise 
between accuracy and iteration time. 
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TABLE 1A 


Method of Solution for Problems on Journal Bearings where the Lubricant and Inlet Temperature are Among the Variables. 
(Type 2 Boundary Condition). 


GIVEN VARIABLES AND CONDITIONS 
VARIABLES 
RIL] cla, 


XTX] xX] xX 


xX] xX] xX 





DETERMINE CASE NO. FROM ABOVE. THEN WORK FROM LEFT TO RIGHT IN TABLE BELOW 
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* Obtain At and pm first. * optoined by entering chort | with S. * Obtain C first, then get yu by applying: note 4. 

Note 1: The proper lubricant is the one whose viscosity—-tempera- by the intersection of the visc.-temp. curve for the given 
ture curve passes through the point given by yw and t ona lubricant with the curve comprising the locus of the trial 
visc.—temp. chart (such as Fig. 2, ref. 1) where the temp. viscosities. 

t, equals t, = t, + 4t/2. 
R\* uN Note 4: Enter Chart 6 with S, obtai C=) A trial 
: Enter Cha w , obtain [—,— }. Assume a 
Note 2: Assume a trial value of u; calculate S = (2) = ° ps : P 
cAt R\? 
Obtain Cr) from Chart 6, calculate 4t by equation, value of y, calcula*e 4t from equation, 4t = (4) od x 
Fycht\ iP (et). Th foll edure given in note 3 
C. = x . Then follow procedure given in note 
4t = (a) X Fe" Then follow procedure given in Ive P " 4 
note 3 below to obtain correct ». Using correct p, calculate above to obtain correct 4. Using correct , calculate P 
S and complete solution of problem. R\? 
5s pe i from equation in above table, namely, P = (2) a f 

Note 3: Using a visc.—temp. chart, plot trial » against temperature, 

t, where t = t, = t, + At/2. Several trial viscosities (see Note 5: The viscosity, », is obtained from a visc.—temp. chart for 
for example, points A and B, (Fig. 2, ref. 1)) may be the given lubricant. Enter the chart with the temperature, 


necessary to arrive at the correct viscosity which is given t, equal to t,, where t, = t, + 4t/2. 











A. A.-RAIMONDI AND JOHN Boyp 


TaBLe 2 
Performance Characteristics for Full Journal Bearings (values in brackets from ref. 3). 
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9 fe 64.200 501 .0128 25.57 -681 .380 , 22.5 ~30T 13.3 36.8 
-97 .03 74.650 500 . 00384 15.43 416 .119 . 44.0 .190 9.1 20.7 
1.0 ) 90 500 fe) fe) 0 0 . @ 0 fr) 0 
1 ° 1.0 fe) 500 @ 90 @ 1 fe) @o ---- ° 90 
0.1 0.9 11.500 500 1.40 78.50 14.1 3.34 139 57.0 525 4.5 90 
2 8 21.000 500 -670 68.93 7.15 3.46 252 29.7 -513 5.9 90 
4 6 34.167 - 500 .278 58.86 3.61 3.49 425 16.5 466 10.8 80.8 
6 4 45.000 .502 128 44.67 2.28 3.25 .572 12.4 403 13.4 66.8 
8 is 58.000 498 - 0463 32.33 1.39 2.63 -T2l 10.4 313 12.9 48.5 
9 aS 66.000 499 .0193 2h. 14 921 2.14 .818 9.13 244 11.3 55.2 
97 .03 75:.584 499 ‘ 3 14.57 483 1.60 -915 6.96 157 8.2 20 
1.0 te) 90 500 0 (e) te) ---- 1.0 ° 0 fe) ° 
1/2 fe) 1.0 fe) 500 @ 90 @ x te) (2) --- fe) 90 
0.1 0.9 10.000 500 4.38 79.97 44 .O 3.41 -167 | 177 -518 5.4 90 
i 8 17.800 500 2.06 72.14 21.6 3.64 . 302 87.8 499 9.1 90 
4 .6 32.000 500 -T94 58.01 9.96 3.93 . 506 42.7 438 13.7 71.9 
6 4 45.000 500 321 45.01 5.41 3.93 665 25.9 365 14.1 59.1 
8 “2 59.000 498 -0921 31.29 2.54 3.56 806 15.0 273 12.1 43.9 
9 mS 67.200 .500 -0314 22.80 1.38 3.17 886 9.80 .208 10.4 31.5 
-97 -03 76.500 499 . 00625 13.63 581 2.62 -951 5.30 .132 6.9 18.1 
1.0 ° 90 -500 te) ° re) ---- 1.0 0 fe) ° fe) 
1/4 to) 1.0 ° -500 @ 90 r) x ° o ---- 0 90 
0.1 0.9 9.000 -498 16.3 81.40 163 3.44 .176 653 -513 6.3 90 
ef 8 16.300 -500 7.60 73.70 79.4 3.71 -320 | 320 489 12.4 80.9 
4 -6 31.000 .500 2.84 58.99 35.1 4.11 534 | 146 -417 15.8 70.5 
6 4 45.000 -500 1.08 44.96 17.6 4.25 .698 79.8 - 336 14.8 53.6 
8 2 59.300 -502 263 30.43 6.88 4.07 -837 36.5 2h 11.4 39 
9 = 68.900 498 0736 21.43 2.99 3.72 -905 18.4 .180 9.3 27.3 
-97 -O3 77.680 -500 - 0104 12.28 -877 3.29 .961 6.46 -110 6.3 17.5 
1.0 ° 90 .500 ° ° ore 1.0 ° ° fe) to) 
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TABLE 4 
Performance Characteristics for 120° Bearing, Centrally-Loaded. 
Q 4 
R 's Jy¥cAt - 
wo} « | aye | g fae | s | o | & | de | 2) fo] &, 
3) 0 1.0 30 500 Cs) 90 @ - 0 re) oe-- ) 60 
0.1 -9007 53.300 500 .877 66.69 6.02 3.02 4 25.1 610 0.4 60 
a 8 67.400 -500 431 52.60 3.26 2.75 2 14.9 -599 0.9 60 
4 6 81.000 500 181 39.02 1.78 2.13 : 10.5 -566 2.4 60 
6 4 87.300 -500 0845 32.67 1.21 1.47 2 10.3 -509 5.1 60 
8 93.200 - 500 . 0328 26.80 .853 -759 ° 14.1 - 405 8.2 4k .2 
9 & 98.500 -500 -OL47 21.51 .653 . 388 . 21.2 -31l 8.7 32.9 
97 03 106.15 .500 . 00406 13.86 399 .118 2 ho.k .199 6.6 19.6 
1.0 te) 120 .500 0 re) re) 0 . @ 0 co) ) 
1 fe) 1.0 30 .500 © 90 @ n fe) © +--- fe) 60 
0.1 -9024 47.500 -500 2.14 72.43 14.5 3.20 .0876] 59.5 427 1.1 60 
.2 8 62.000 .498 1.01 58.25 7.44 3.11 .157 32.6 - 420 1:3 60 
4 6 76.000 .500 385 43.98 3.60 2.75 272 19.0 396 3.2 60 
6 4 84.500 499 .162 35.65 2.16 2.2k 384 15.0 356 6.5 60 
8 2 92.600 500 0531 27.42 1.27 1.57 535 13.9 -290 8.6 43.6 
9 ey 98.667 .500 .0208 21.29 .855 1.11 .657 14.4 .233 8.5 32.5 
-97 03 106.50 .500 - 00498 13.49 461 -694 .812 14.0 .162 6.3 19.3 
1.0 0 120 500 0 r) 0 <ose- 1.0 0 ) 0 0 
1/2 }} . 0 1.0 es as ® 90 @ x ) @ ---- 0 60 
0.1 -9034 45.000 .500 5.42 74.99 36.6 3.29 -124h | 149 431 1.2 60 
ft .8003 56.650 500 2.51 63.38 18.1 3.32 225 77.2 -4ok 2.4 60 
4 .6 72.000 499 914 48.07 8.20 3.15 386 40.5 . 389 4.8 60 
-6 4 81.500 -500 354 38.50 443 2.80 -530 27.0 336 8.1 53.4 
8 . 92.000 -500 -0973 28.02 2.17 2.18 684 19.0 -261 9.0 40.5 
9 1 99.000 .500 0324 21.02 1.24 1.70 . 787 15.1 203 8.2 30.4 
97 03 107.00 -500 00631 13.00 -550 1.19 .899 10.6 136 6.0 18.2 
1.0 ° 120 -500 ° 0 to) ---- 1.0 te) 0 ) re) 
i/4 e) 1.0 0 .500 © 90 t) x fe) ts) -o-- fe) 60 
0.1 -9044 3.000 .500 18.4 76.97 124 3.34 143 502 456 3.0 60 
2 8011 54.000 .500 8.45 65.97 60.4 3.44 -260 | 254 438 4.8 60 
4 6 68.833 -500 3.04 51.23 26.6 3.42 ~4h2 | 125 389 8.4 60 
6 4 79.600 -500 1.12 ko. ke 13.5 3.20 .599 75.8 321 10.4 48.3 
8 2 91.560 500 268 28.38 5.65 2.67 Be 42.7 .237 9.4 35.8 
9 x 99.400 .500 0743 20.55 2.63 2.21 - B46 25.9 .178 7.8 26.9 
-97 -03 108.00 499 -O105 12.11 .832 1.69 -931 11.6 .112 $.5 17.4 
1.0 0 120 .500 ) (o) fe) oe 1.0 0 fe) 0 0 
TABLE 5 
Performance Characteristics for 60° Bearing, Centrally-Loaded. 
@, Jy¥cAt P 
L/D € h /c ) a/B Ss Ry * cm. PST ARe 7 OF. 9 r) 
n A ¢ Cc RCNL Q P a ae the I 
@ 0 1.0 60 .500 4) 90 @ - ) @ — ° 30 
0.1 9191 84.00 -502 5.75 65.91 19.7 3.01 “a 82.3 -337 0.16 | 30 
2 .8109 | 101.00 502 2.66 48.91 10.1 2.73 ® 46.5 336 0.18 | 30 
4 .6002 | 118.00 501 931 31.96 4.67 2.07 “i 28.4 329 0.25 | 30 
.6 4 126.80 -500 322 23.21 2.40 1.40 ’ 21.5 317 0.54 30 
8 .2 132.60 . 500 0755 17.39 1.10 -T22 ° 19.2 .287 Os 30 
9 2 135.06 -500 0241 14.94 .667 372 " 22.5 .2k3 3.2 25.5 
-9/ 03 139.14 -500 00495 10.88 372 115 ss 40.7 163 4.2 16.9 
1.0 ° 150 500 ) ) re) ) . @ 0 ) re) 
1 ) 1.0 60 .500 o 90 3) - fe) co) o-- ) 30 
0.1 -9212 82.00 -501 8.52 67.92 29.1 3.07 .0267 | 121 252 0.3 30 
2 -8133 99.00 -50L 3.92 50.96 14.8 2.82 -O481 67.4 -251 0.3 30 
4 .6010 116.00 - 500 1.34 33.99 6.61 2.22 . 0849 39.1 247 0.54 30 
.6 4 125.50 499 -450 24.56 3.29 1.56 127 28.2 .239 0.95 | 30 
8 2 131.60 -50L -101 18.33 1.4e .883 .200 22.5 .220 2.2 30 
9 as 134.67 .500 .0309 15.33 .822 519 . 287 23.2 .192 3.5 25.9 
97 -03 139.10 .500 . 00584 10.88 422 226 465 30.5 .139 4,2 16.9 
1.0 ) 150 .500 ) 0 0 | ses. 1.0 0 ) re) ) 
1/2 fo) 1.0 60 -500 @ 90 4) x fe) C4) ---- fe) 30 
0.1 -9223 81.00 +500 14.2 69.00 48.6 3.11 -0488 | 201 239 ) 30 
.2 8152 97.50 498 6.47 52.60 2k.2 2.91 .0883 | 109 239 0.03 | 30 
an -6039 | 113.00 500 2.14 37.00 10.3 2.38 -160 59.4 233 0.45 30 
6 4 123.00 .500 695 26.98 4.93 1.74 236 40.3 225 1.0 30 
8 2 130.40 .500 149 19.57 2.02 1.05 .350 29.4 -201 2.2 30 
9 Pe 134.09 500 .Oh22 15.91 1.06 -664 464 26.5 -172 3.8 25.4 
97 .03 139.22 . 499 . 00704 10.85 -490 329 -650 27.8 .122 4.2 16.6 
1.0 0 150 ° .500 ) ) QO <5 PY sense 1.0 0 0 ) 0 
1/4 ) 1.0 60 -500 © 90 @ x fe) @ = (e) 30 
0.2 -9251 78.50 499 35.8 71.55 121 3.16 -0666 | 499 251 ) 30 
2 .82k2 91.50 -500 16.0 58.51 58.7 3.04 -131 260 .249 0.1 30 
4 -6074 | 109.00 .500 5.20 41.01 24.5 2.57 -236 | 136 242 0.5 30 
-6 4 119.80 -50L 1.65 30.14 11.2 1.98 346 86.1 .228 1.5 30 
8 2 128.30 -500 333 21.70 4.27 1.30 . 496 54.9 195 3.2 30 
9 * | 133.10 .500 - 0844 16.87 2.01 894 -620 41.0 .159 4.3 23.7 
97 03 139.20 -500 -0110 10.81 «713 -507 - 786 29.1 -107 41 15.9 
1.0 ° 150 -500 fe) fe) aa Bee 1.0 0 ° fe) 0 
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TABLE 6 


Values of h,|C for Max. Load and Min. Friction Coefficient Conditions. 


A. A. RAIMONDI AND JOHN BoypD 


TABLE 7 
Effect of Convergence Criterion. 









































p= @ 1 1/2 1/4 Convergence Pressure, Iteration 
Criterion, p*C2/pUR Time 
B Max. W | Min. fi] Max. W] Min. f]] Max. Ww] Min. f |] Max. Ww] Min. f or eo 
° 0.0001 5.3432 34 sec. 
360 0.655 0.60 0.533 0.30 0.427 0.116 0.272 (0.03) 
° 0.00005 5. D441 3 ° 
180 0.640 0.60 0.52 0.44 0.418 0.233 0.276 (0.03) 
me 0.00001 5.3453 47 * 
120 0.53 0.50 0.46 0.40 0. 382 0.279 0.259 (0.06) 
60° 0.25 0.23 0.23 0.22 0.20 0.16 0.15 0.10 


























Table 8 illustrates the effect of the mesh size on some of 
the performance characteristics and on the time® required 
to complete a solution. A high eccentricity ratio (« = 0.97) 
and a large bearing arc (8 = 180°) were selected as imposing 
a severe test on the mesh size and time. It is obvious that 
both accuracy and computation time increases as the 
number of meshes is increased. As a result of these and 
similar investigations, various mesh sizes were used in 


16 to 60 x 16. Hence, the data for the finest mesh must be 
close to the correct solution, probably, well within 1%. For 
values of ¢ less than 0.97, the error would be considerably 
less since the pressure distributions become smoother and 
thus lend themselves more favorably towards a numerical 
approach. 

The results for the full journal bearing of finite length 
were found to agree quite well (within 1%) with the work 


TABLE 8 
Effect of Mesh Size on Performance Characteristics and Iteration Time 





















































8 € y nxm a/p s ¢ . f zat = ge 
20 x 16 0.5006 - 004617 14.23 - 4639 1.555 0.9404 1.3 
180 0.97 75°40" | 4ox 16 -4987 | .004835 | 14.57 | .4630 | 1.602 | 0.9146] 2.8 
(L/D = 1) 60 x 16 .4987 | .004833 | 14.57 | .4828 | 1.606 | 0.9127] 5.2 
obtaining the solutions given in Tables 2, 3, 4 and 5 and TABLE 9 
are tabulated in Table 9. Mesh Sizes used in Computer Calculations (For all L/D 
values) 
Accuracy 
At the present time, no precise method exists of deter- Mesh Sise, nx a 
mining the error incurred by employing the numerical 
techniques described in this paper. This arises because e B = 360° | 180° 120° 60° 
analytical solutions of Reynolds’ equation have not been 
obtained other than for the case of the journal bearing of cs ok EB aak 2 dak tt een se 
infinite length. The magnitude of the error can be estimated, 
however, by comparing the performance characteristics spend su | Onis | We : 
given in Tables 2, 3, 4 and 5 for L/D = oo with those cases 0.8 ' 
for which analytical solutions are available. These com- 0.9 60x 16 " " " 
parisons were made by the authors and revealed discrepan- 
cies well under 1%. _—— mae 


Another estimate of the error may be obtained from Table 
8 which shows that the performance characteristics of an 
180° bearing with « = 0.97 are changed a maximum of only 
0.39%, when the number of meshes is increased from 40 x 





8 The “iteration” times listed include the time required to 
calculate the performance characteristics as well as the time 
required for the individual pressures in the mesh to converge. 
However, the time for calculation of the performance characteristics 
was of the order of one second for all cases. 























of Cameron and Wood (3) who also approached the prob- 
lem employing numerical techniques, namely hand ‘“‘re- 
laxation” methods. The values of S for 8 = 180° are in good 
agreement with the data of Sassenfeld and Walther (4) 
who employed a different type of numerical approach but 
there is some divergence in the other performance charac- 
teristics, presumably because they used much coarser mesh 
sizes (about 10 x 4) than the present authors. 
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CHART | 
Lip =! 


LOCUS OF JOURNAL CENTER FOR VARIOUS 
VALUES OF BEARING CHARACTERISTIC NO. S 


S:@ 


01 02 04 06 .08 .10 .20 .40 .60 .80 1.0 2.0 4.0 6.0 80 10 
R\* HN 
BEARING CHARACTERISTIC NO., S=(-) 45 (dimensionless) 


Cuart 1. Minimum film thickness variable vs. bearing characteristic number (L/D = 1). 
(Type 2 boundary condition.) 





























POSITION OF MIN. FILM THICKNESS, @ (deg) 


COEF OF FRICTION VARIABLE, -&-f (dimensionless) 
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CHART 2 
Yo =! 


° -O1 .02 .04 -06 .08 .10 -20 -40 -60 .860 1.0 2.0 4.0 6.0 6.0 10 


2 
BEARING CHARACTERISTIC NO., S= (2) oe (dimensionless) 


CHART 3 
Yip =| 


i) oO 02 0 8 8 1 20 A) 60 £0 WO 20 40 60 80 


BEARING CHARACTERISTIC NO,S=(B) 4° (dimensiontess) 


Cuarts 2, 3. For determining position of minimum film thickness and friction coefficient (L/D= 1). 
(Type 2 boundary condition.) 
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FLOW VARIABLE, nL (dimensioniess) 


0 
FLOW RATIO, i (dimensionless) 
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CHART 4 
LYo* | 


pre, 


po 


° -O1 -02 -04 -06 .08 .10 -20 -40 -60 .80 1.0 


BEARING CHARACTERISTIC NO., s=(R) ra (dimensioniess) 


CHART 5 
ly +! 


°o -O1 02 04 06 08 WO .20 40 60 860 WwW 
oe 
BEARING CHARACTERISTIC NO., S+(2) 45 (dimensionless) 


Cuarts 4, 5. For determining lubricant flow (L/D = 1). 
(Type 2 boundary condition.) 
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CHART 6 
lyp*' 


Jycht 
TEMPERATURE. RISE VARIABLE, ~ZE— (dimensionless) 
LS 





° fe) 02 04 0 € Ww 20 40 60 80 10 20 40 60 80 10 
2 
N 
BEARING CHARACTERISTIC NO,S=(&) 4S (dimensionless) 


Cuart 6. For determining film temperature rise (L/D = 1). 
(Type 2 boundary condition.) 
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MAX FILM PRESSURE RATIO, 
°o 





° 01 -02 04 06 08 10 20 40 60 .60 10 20 40 60 80 10 


BEARING CHARACTERISTIC NO., s: (BY a (dimensionless) 


POSITION OF MAX. FILM PRESSURE, 8 (deg) 





° -O1 -02 -04 -06 .08 .10 -20 -40 -60 .80 1.0 2.0 4.0. 6.0 8.0 10 


2 
BEARING CHARACTERISTIC NO., $= (2) au (dimensionless) 


Cuarts 7, 8. For determining magnitude and position of the maximum film pressure (L/D = 1). 
(Type 2 boundary condition.) 











ANGLE , 9, (degrees) 





130 


120 


Ho 


70 


50 


30 


20 


A Solution for the Finite Journal Bearing and its Application to Analysis and Design : III 209 


CHART 9 
lip =! 


.O1 


(dimensionless | 


ha 
E 


MINIMUM FILM THICKNESS VARIABLE, 





-02 -04 -06 .08 .10 -20 -40 0 .80 1.0 2.0 4.0 6.0 8.0 10 
2 wN 
BEARING CHARACTERISTIC NO., S=(2) 4 > (dimensionless) 


Cuart 9. For determining film termination angle, 8,, (L/D = 1) 
(Type 2 boundary condition.) 


CHART 10 
L/p =! 


NOTE: h 
WHEN £8 = 360°, so =0.53 FOR MAX. W CONDITION 


e- 8 * * #0.30 + MIN. H ” 





° 30 60 90 120 150 180 


BEARING ARC, B (deq) 


Cuart 10. For determining value of minimum film thickness variable corresponding to 
maximum load or minimum power loss (L/D = 1), 
(Type 2 boundary condition.) 





Temperature Effects in Journal Bearing Lubrication 


By W. F. HUGHES! and F. OSTERLE? 


Treating viscosity as a function of temperature and pressure the problem of the journal-bearing 

without side-leakage is solved for the temperature and pressure distributions for the case of 

adiabatic flow of the lubricant subject to the Reynolds boundary conditions. A numerical 
example is solved to illustrate the method. 


Nomenclature 


journal radius, in. 

radial clearance, in. 

eccentricity, in. 

eccentricity ratio, dimensionless 

film thickness, in. 

journal peripheral velocity, in/sec 

= inlet angle, radians 

= angular position, see Fig. 1, radians 
= inlet lubricant pressure, psi 

= lubricant pressure at 0, psi 

= inlet lubricant temperature, °F 

= lubricant temperature at 0, °F 

= inlet lubricant viscosity, reyns 

= lubricant viscosity at 0, reyns 

= lubricant density, lb/in® 

lubricant specific heat, in lb/Ib °F 
lubricant flow, in*/sec in. 

= pressure coefficient of viscosity, in?/Ib 
= temperature coefficient of viscosity, °F—* 
= angle defined by Equation [9], radians 
‘» Ja Fg = Quantities defined by Equations [10], [11], and 
[12], dimensionless. 
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Fic. 1. The partial journal-bearing. 
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Introduction 


SoLuTions which assume isothermal lubricant flow are 
available in the literature for the journal-beaing problem. It 
is well known of course that in reality the temperature of the 
lubricant does not remain constant as it flows through the 
bearing but rises due to the absorption of at least some of 
the heat generated by viscous friction. This temperature 
rise can easily reduce the viscosity of the lubricant to such an 
extent that the pressure distribution in the film differs 
appreciably from the predictions of isothermal theory. 
However, the isothermal solution does provide one bound 
on the pressure distribution since the viscosity on which it is 
based (if taken at the inlet temperature) will never be less 
than the viscosity of the lubricant in the real bearing. 

Another bound on the pressure distribution can be ob- 
tained by assuming the lubricant flow to be adiabatic, i.e., 
all of the heat generated by viscous friction is absorbed by 
the lubricant. In this case we observe that the viscosity 
will never be greater than the viscosity of the lubricant in a 
real bearing. Adiabatic bounds have been worked out by the 
present authors for slider-bearings (1) and hydrostatic 
bearings (2), and were found to differ significantly from 
the isothermal bounds. 

To our knowledge the adiabatic bound for journal- 
bearings has not been reported in the literature although 
several papers on temperature distribution in journal- 
bearings have appeared recently (3, 4). It is the purpose of 
this paper to present the adiabatic bound for a partial 
journal-bearing without side-flow. 


Theory 


The equations governing the pressure and temperature 
distributicns in a lubricant flowing adiabatically and with- 
out side-flow through a slider-bearing are derived in detail 
in reference (1) from the laws of conservation of mass, 
momentum, and energy. These equations can be applied 
as well to a journal-bearing where they take the form 


d(Uh I® dp 

Wz — Taw) ~° ] 
mt | i (dp\*_ (UK _ i dpydt 
h 12ru\ do) ~ “°\ 2 ~ 12% db}de 


The first of these relationships is the familiar Reynolds 
equation and the second is an energy equation for adiabatic 
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flow. Implicit in these equations are the assumptions that 
the inertia and weight of the lubricant are negligible and 
that the film is so thin that the pressure and temperature 
(and hence viscosity too) are essentially constant across its 
thickness. 

Integration of Equation [1] leads to 


dp 12rm/Uh 
do ~ ws =i 0). O] 
Substituting this into Equation [2] we obtain 


dom 2 129 -) 


db Ye 


io @ + (4 


The viscosity variation with pressure and temperature is 
adequately represented by 
B = eget? ode B(t-t,) [5] 
from which we can write 


dt 3): (6] 


d 
me) = w(e ~~ *w 
Substituting Equations [3] and [4] into [6] we obtain 


d,_, fBf4u% 12U , 129 
a0 = selag — ae + | - 


-{¢-F} 


To proceed further the film thickness variation must be 
known. For a journal-bearing we have 


h = c(1 + «€ cos 6). [8] 


Making the substitution 


y _(l—e\t 0 


we can form the following integrals 


6 


1 Sake 
9 
¢ 1 1 
j= | j= Gayl — ye) — esiny + 
9 
+ €sin yo] [11] 
6 


1 1 : 
is al jae = Gap lA + Ny — 90) — Ae siny + 


0 
+ 4 sin yp + <& sin y cos y — e* sin yg cos yo]. [12] 


Now if we integrate Equation [7] and substitute from Equa- 
tion [10] through [12] there results 


a on 


i a (je 6aU 
a, 


yee? \ye 8 +S) n+ 


+ (Ce + ied aa]. [13] 


ye yc 





Substituting Equation [13] into Equations [3] and [4] we 
obtain the following expressions for the pressure and 
temperature distributions for adiabatic lubricant flow 


6 
U Q 
22 «Oh 
P—-Pe= 2m | dé [14] 
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aa eee 
1 + mR 


To 


=, tf 5 
ry d [15] 
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where R is the expression within the square brackets in 
Equation [13]. 


If the lubricant flow is isothermal rather than adiabatic 
the pressure distribution is given by 


P—he= Leno -o s =) [16] 





which is obtained from Equation [14] with R set equal to 
zero. 

Equations [14] and [15] are the answer to our problem but 
they are not directly usable in their present form. The 
quantity Q (which appears by itself and in R) in these 
equations is still unknown. However, one boundary con- 
dition has not yet been used. We have already used the 
fact that p = py» and t = ty when @ = 65, now we must 
state the conditions under which p will again return to po. 
Following Cameron (5) we will employ the Reynolds 
boundary condition for this purpose, according to which the 
pressure will equal p, at the same point in the film that the 
pressure gradient equals zero. It is this condition which will 
determine Q. Once Q is known, the integrations indicated 
by Equations [14] and [15] can be carried out to give the 
pressure and temperature at any point in the film. Due to 
the complexity of the form of Equations [14] and [15] these 
integrations as well as the determination of Q is best done 
numerically. 

We will now proceed to illustrate the procedure outlined 
above for determining the adiabatic pressure and tempera- 
ture distributions in journal-bearings by working out a 
numerical example. The computations for this example were 
carried out on an IBM-650 digital computer. 
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Numerical example 


Consider a 180 degree, 1 inch (radius) journal-bearing 
operating under the following conditions 


Radial clearance (c) = 0.003 in. 

Eccentricity ratio (e) = 0.80 

Inlet angle (65) = 60 degrees 

Journal peripheral velocity (U) = 50 in/sec. 
If it is further assumed that the lubricant is a medium oil 
entering at 100°F, the following properties are reasonable 


Inlet viscosity (49) = 10 x 10-* reyn 

Density (y) = 0.032 Ib/in® 

Specific heat (c,) = 4300 in lb/Ib °F 

Pressure coefficient of viscosity (2) = 15 x 10-° 

in?/Ib. 
Temperature coefficient of viscosity (8) = 0.029 °F-}. 
For this configuration, values for A and the 7’s work out 

as shown in Table 1. The problem now is to determine Q. 








TABLE 1 
Tabulated Values of h and the } Functions for c = 0.003 and 
e = 0.80. 
Angle (deg) DA Ss Js h = 103 (in.) 
60 0.000 0.000 0.000 4.200 
75 0.201 0.155 0.239 3.621 
90 0.439 0.371 0.635 3.000 
105 0.732 0.702 1.385 2.379 
120 1.112 1.255 3.012 1.800 
135 1.625 2.270 7.073 1.303 
150 2.345 4.272 18.331 0.922 
165 3.348 8.145 48.519 0.682 
180 4.602 14.159 106.41 0.600 
195 5.856 20.172 164.29 0.682 
210 6.859 24.045 194.48 0.922 
225 7.579 26.047 205.74 1.303 
240 8.093 27.062 209.80 1.800 

















We remember that Q must be such that the Reynolds bound- 
ary condition is satisfied. According to this condition the 
pressure gradient should be zero at the point in the film 
where the pressure returns to po. On the digital computer it 
was easy to arrange the program so that the correct QO was 
determined automatically. In this example the correct flow 
works out to be 0.0207 in®/sec per inch of bearing width. 

Now that Q is determined, the integrations indicated by 
Equations [14] and [15] can be carried out for the pressure 
and temperature distributions. The results of these calcu- 
lations are shown in Table 2 and Fig. 2. The maximum 
pressure works out to be 478 psi and the total temperature 
rise to be 17°F. 

Also shown in Fig. 2 is the pressure distribution which 
would result if the flow were isothermal (at 100°F) rather 
than adiabatic. The peak pressure for this case is seen to be 
750 psi (about 60° greater than for the adiabatic case). The 


flow rate for the isothermal problem is 0.0184 in*/sec per 
inch of bearing width (about 10% less than for the adiabatic 
problem). 


TABLE 2 
Pressure and Temperature Distributions. 











Angle | Pressure (psig) Temperature (°F) 
60 0.00 100.00 
75 39.62 101.64 
90 89.93 103.38 

105 156.97 105.22 
120 248.38 107.14 
135 | 365.87 109.03 
150 469.33 110.74 
165 423.33 112.39 
180 189.63 | 114.15 
195 23.37 115.37 
210 0.00 115.99 
225 0.00 116.46 
2409 0.00 116.90 
| 








PRESSURE , (P—Pp) p.si. 
TEMPERATURE, (t—to)°F 





ANGLE, 6, (DEGREES) 
Fic. 2. The adiabatic pressure and temperature distribution. 
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The Effect of Bearing Deformation in Slider-bearing Lubrication 


By F. OSTERLE! and EDWARD SAIBEL? 


The slider-bearing with the bearing elastic is analyzed for its load carrying characteristics. 
The deflection of the bearing under load acts to reduce the load capacity by an amount which 
can be significant as is illustrated by a numerical example. 


Introduction 


IN the mathematical analysis of thrust bearing performance 
it is necessary to specify the film thickness variation under 
the slider. In this specification it is conventionally assumed 
that the slider and bearing are perfectly rigid. Actually, of 
course, this is not strictly true since the bearing load will 
cause elastic deformations. With the continuing trend 
toward higher and higher bearing loads the effect of these 
deformations on load capacity becomes of increasing inter- 
est to bearing designers. It is the purpose of this paper to 
contribute to an understanding of elasticity effects in thrust 
bearing lubrication by analyzing such effects for a slider- 
bearing in which the slider is perfectly rigid but the bearing 
is elastic. 


Basic equations 


The slider-bearing configuration to be investigated is as 
shown in Fig. 1. An infinitely wide perfectly rigid inclined 














BEARING 


Fic. 1. The slider-bearing configuration. 


slider moves with a certain velocity over a bearing which will 
be considered a semi-infinite elastic solid. The pressure in 
the viscous lubricant drawn between slider and bearing by 
the motion is governed by the Reynolds equation which can 
be written 
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d/..dp dh 
4 3 a 
‘el z) 7s (1) 


where p is the lubricant pressure, y is the lubricant viscosity 
assumed constant, and the rest of the notation is as illus- 
trated in Fig. 1. Integrating Equation [1] once we have 


dp hy, —h 
ye 6u.U B [2] 


where h,,, is the constant of integration which may be inter- 
preted as the film thickness where the pressure is a maxi- 
mum. The boundary conditions on this equation are that 
p =Oatx =Oandx = B. 

It is well to note that Equation [2] is actually implicit in 
the pressure since the bearing deflection, a function of the 
pressure, contributes to the film thickness. For a rigid 
bearing, however, the film thickness is not a function of the 
pressure and this case can be solved readily. In this paper a 
solution for the elastic bearing will be obtained by starting 
with the solution for a rigid bearing and computing a 
“correction” to account for the elasticity of the bearing. 


The rigid bearing case 


For a slider-bearing with the bearing rigid the film 
thickness variation is given by 


in hf Ply ge al [3] 


where h, is the minimum film thickness, B the slider length, 
and r the inlct te outlet film thickness ratio h,/h,. The 
zero subscript will be used to denote the fact that the 
bearing is being considered rigid. For this case Equation 
[2] takes the form 


dp» Pe Ru, She hy ; 
=. = 8uU i [4] 


which upon substitution of Equation [3] is readily inte- 
grated to give 


oi 
ee) - . 
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for the pressure distribution. In obtaining this equation the 
constant h,,, was evaluated by the boundary conditions. 
For future reference 


he ad 6 
at (=) [ ] 
The load capacity per unit slider width defined by 
B 
wy = | pul m 
0 
is readily shown to be 


6.UB* 1 r—1 


The elastic bearing case 





Now, for the case of interest where the bearing elasticity 
is considered we will write h = hy + H, p = P, + P, and 
and w = wy + W where H, P, and W are small quantities 
which correct the rigid bearing case to the elastic bearing 
case. Substituting these expressions into Equation [2], 
taking account of the assumed smallness of the corrections, 
and subtracting off Equation [4] we are left with 


dP = GU Iino 


as the equation relating the corrections. In Equation [9] the 
quantities h, and h,,, are given by Equations [3] and [6] 
respectively. The film thickness correction H is nothing 
more than the deflection of the bearing surface due to the 
pressure distribution p, and can be found readily by a 
separate analysis. Equation [9] will then yield (upon inte- 
gration) the pressure correction P and by an integration of 
P over the slider length the load capacity correction W 
can be found. 

To determine the deflection of the bearing surface it was 
assumed that the bearing is a semi-infinite elastic solid 
with a modulus of elasticity E. The configuration of the 
bearing deflection is shown in Fig. 2. We note that 


H=y—Jo [10] 
where y is the deflection of the bearing surface from its 


original unloaded position. In general, this deflection can 
be written 


B 
(2) = | i(x, s)p(s)ds [11] 
0 


where i(x, s) is an influence function giving the deflection at 
x due to a unit load at s. We have then that 


B 
a“ | fis 8) — i(0, s\Ipals)ds. [12] 
0 


From ref. 1 we obtain for this situation 





i(x, s) — i(o, s) = = In a | . Se 
Therefore H is given by 
B 

Pe In | —— | as 14 

> Pols) par . [14] 
0 


Since pf, is known from Equation [5], H is given explicitly 
by Equation [14]. This value of H must be substituted into 
Equation [9] which will be of the form 


H[2 ete ~~ a 
dP _ 6U @+nl1+o—n5| 


dx x]? [5] 
1 = dh nal D5 





Equation [15] when integrated gives the pressure correction. 
The load capacity correction is then given by 
B 


W = | Pax. [16] 














H \y 
Fic. 2. The deflected bearing. 


Summary 


Here the procedure for finding the corrections to the 
pressure distribution and load capacity will be summarized 
and the principal results put in non-dimensional form for 
the sake of generality. 

For a given value of 7, the film thickness ratio, the pres- 
sure distribution if the bearing is rigid is given by 








am r—1 x (1 — x) 
bo 8 (a) [pa] 
where 
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7 a h, 
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The load capacity for this case is given by 
i 6 r—1 
Wy = (—1? {In r—2 (5) [8a] 


woh, 
pUB* 


where 


Wo 





If the elasticity of the bearing is taken into account the 
correction to the film thickness is given by 


1 


5 





A am ‘ 
0 
where 
HER 
H= UB 


Substituting this into Equation [15] which will be of the 
form 








6r = 
e . ae oan + (r — 7m) + 2 15 
dx fl + 7 — Ia a 
where 
, 2. 
P = apap 


and integrating, the pressure correction is obtained. Inte- 
grating this over the slider length we obtain the load capacity 
correction 

1 


W = | Pdx 
0 
where 
WEh? 
W = auBt [16a] 


Note that in this dimensionless form the load capacity and 
load capacity corrections depend only on r. 


Computations 


Calculations of the film thickness, pressure, and load 
capacity corrections for various values of r from the above 
equations were carried out on a digital computer.* The 
slider length was broken up into 30 increments and the 
various integrations over the slider length carried out 
numerically by the trapezoidal rule. The results of these 
computations are shown in Figs. 3 through 5. 

As a check on accuracy, the numerical integration for the 
rigid bearing load capacity (@») was compared with Equa- 
tion [8] and found to be within one part in 500. 





3 IBM-650. 
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DIMENSIONLESS LOAD 
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FILM THICKNESS RATIO, "2/h,, (DIMENSIONLESS) 


Fic. 3. Dimensionless load carrying capacity (upper diagram) and 
dimensionless load carrying capacity corrections vs. film thickness 
ratio. 
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Fic. 4. Dimensionless film thickness correction vs. film thickness 
ratio. 
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PRESSURE CORRECTION, P(psi) 


' 
THICKNESS CORRECTION, 


5 1. 0 
FILM THICKNESS RATIO /2/n,, (DIMENSIONLESS) 


Fic. 5. Pressure correction and film thickness correction vs. position 
along slider. 


In Fig. 3, values of the dimensionless load capacity (@ 9) 
and load capacity correction (W ) are plotted against the film 
thickness ratio (r). Since the load capacity corrections are 
all negative, it appears that the elasticity of the bearing acts 
to reduce the load capacity. 

In Fig. 4, values of the maximum dimensionless film 
thickness correction (Hmax) are plotted against the film 
thickness ratio (7). 
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Numerical example 


Consider a 2 in. long rigid slider moving with a velocity 
of 1000 in/sec over an elastic bearing with a modulus 
of elasticity of 30 x 10® Ib/in®. The lubricant has a 
viscosity of 5 microreyns, the minimum film thickness is 
0.001 in., and the film thickness ratio is 2. 

If the bearing were rigid the load capacity per unit slider 
width would be 3178 lb as determined by Equations [8] and 
the maximum pressure would be 2500 psi as determined 
by Equation [5]. By the methods of this paper the load 
capacity taking bearing elasticity into account works out 
to be 3058 Ib, a decrease of about 4%. In Fig. 5 values of the 
pressure correction and the film thickness correction are 
plotted against distance along the slider. 
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The Determination of the Characteristics of Hydrostatic Bearings through 
the use of the Electric Analog Field Plotter 


By ALFRED M. LOEB! 


In many applications of hydrostatic lubrication to journal and thrust bearings, determination of 
flow, load carrying capacity and film thickness is at best an approximation. Anything but the 
simplest shape is difficult to analyze. The simplified form of Reynolds’ equation which applies 
to hydrostatically lubricated bearings of constant film thickness is analogous to the electric 
field equation which describes the voltage distribution in a conducting sheet of constant thickness. 
This analogy suggests the use of the electric analog field plotter to determine the characteristics 


of hydrostatic bearings. 


In this paper the theoretical basis for this method is discussed. In addition, the solution of a 
journal bearing is presented along with equations for several other useful shapes. Experimental 
verification of the journal bearing solution is presented, which indicates that this method may 

be employed with considerable accuracy. 


Introduction 


IN designing hydrostatic journal or thrust bearings, in 
most instances one can determine only approximately what 
the flow, film thickness and load carrying capacity of the 
bearing will be. It is very difficult to design and analyze any 
but the simplest bearing shapes. 

Several investigators have used the analog of an electro- 
lytic tank to analyze hydrodynamic bearings. Kingsbury (1) 
for example, showed that this analogy yields results that are 
in close agreement with analytical solutions for thrust and 
journal bearings. Continuing this work, Needs (2) applied 
the analogy to study the effect of side leakage in a 120°, 
centrally supported journal bearing. Morgan, Muskat and 
Reed (3) studied the effect of circumferential grooves and 
supply sources within journal bearings. Kettleborough (4) 
investigated the stepped thrust bearing. All used a tank filled 
with electrolyte which enabled them to simulate the variation 
in film thickness from point to point in the film with a 
corresponding variation of the depth of the electrolyte. In 
addition, the fact that the bearing surfaces were in motion 
compelled them to supply a distributed current to the sur- 
face of the bath to complete the analogy. 

The new method of analysis described in this article is 
based on the analogy between the fluid lubricating film 
and a two-dimensional electric field. In many hydro- 
static bearings, the thickness of the fluid film is constant and 
the relative velocity of the bearing surfaces is zero; thus, 
the need for a variable electrolyte depth and a distributed 
current is eliminated, and a two-dimensional analogy is 
valid. Briefly, this new method of analysis is accomplished 
as follows: 

A developed view of the bearing film is drawn on a sheet 
of electric-conducting paper, which has approximately 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Toronto, Canada, 
October, 1957. 

1 Research Engineer, The Franklin Institute Laboratories, 
Philadelphia 3, Pa. 





217 


equal electrical resistance in all directions. The boundaries 
and pressure sources of the bearing being investigated are 
painted with silver paint. Then, an electric potential (ana- 
logus to the hydraulic pressure) is applied to these silver 
surfaces, or electrodes, and the potential at any point de- 
termined by means of a suitable potentiometer arrange- 
ment. Once the pressure distribution is known, the load 
carrying capacity of the bearing may then be determined by 
numerical integration. The flow requirements are estab- 
lished by measuring the electrical resistance between the 
high pressure recess and the edge of the bearing and con- 
verting this to a so-called hydraulic resistance. 


Nomenclature 

AA element of area 

E voltage at any point x, y in the electrolyte 

AE voltage difference 

H depth of electrolyte at any given point x, y 

K, constant, depending on the configuration of the 
slot 

K, reciprocal of the hydraulic resistance 

Q quantity of fluid flowing per unit time 

Re resistance, electrical 

Ru resistance, hydraulic 

Rs resistance, of a square of conducting paper 

U, — U, relative velocity of the bearing surfaces in the 
x-direction 

V relative normal velocity of the bearing surfaces 

W load carrying capacity, load vector 

X,Y coordinates of any point in the model 

b slot width 

c radial clearance 

e eccentricity (distance between center of journal 


and center of bearing) 
film thickness at any point x, y 





mean cubed film thickness 


current supplied per unit area to the surface of 
the electrolyte 





l slot length 

m per cent of supply pressure (potentiometer dial 
reading) 

n scale factor 

p pressure at any point in the film 

Ap pressure difference 

Ape pressure drop across an element in x-direction 

Pm mean pressure 

Ds supply pressure 

Qe flow across an element in x-direction 

r constant resistivity of electrolyte or medium 

x,y coordinates of any point in the bearing 
coordinates of a given point in the plan of the 
developed film 

Ax, Ay length, width of an element of fluid 

im viscosity of fluid at any point in the film 

0 angle 

Ain angle between the normal to the area 4A at its 
center and the load vector W. 

6,, 5 angular limits of a high pressure pad’s domain. 

Theory 


A. PRESSURE DISTRIBUTION 
One form of Reynolds’ (5) differential equation for the 
pressure distribution in a fluid film bearing may be stated 
as follows: 
o [f® a o/h ap dh 
is (imp 2) (tae m) mere Sage ee 
The electric field equation, which is analogous to the 


Reynolds’ equation and describes the voltage distribution 
in an electrolytic tank, bath or conducting sheet, is (1) 


@(H®E\ | 0(HeE\_. ; 
ara) + olre)—*§ 


The work of Kingsbury and others has illustrated the 
difficulty of fulfilling this analogy with the electrolytic tank. 
With hydrostatic bearings we are fortunate in being able to 
make certain simplifying assumptions which permit us to 
employ the electric field plotter. They are: that the film 
thickness is constant and the bearing surfaces stationary. 

Equation [1] then becomes: 


a/h® a a(/h® a 
sAeee) * 5) —° 
The analogous equation for a conducting medium of 
constant thickness becomes 


02)+368)-- 


ALFRED M, Logs 


If the resistivity r is constant, then an electrolytic sheet 
of constant thickness will be a valid analogy for the hy- 
draulic field of an incompressible fluid lubricating film, 
assuming the film thickness and viscosity are constant. The 
electric analog field plotter meets these requirements. 

Consequently, a plot of the voltage distribution obtained 
from a developed model of the fluid film in a hydrostatic 
bearing will also be a plot of the pressure distribution in that 
film. 


B. LOAD CARRYING CAPACITY 


The load carrying capacity of a hydrostatic bearing may 
be determined if the pressure distribution in the film is 
known. Figure 1 shows an element of area 4A in the fluid 
film of a journal bearing. If the mean pressure p,, acting on 
this area is known, the load carrying capacity of the bearing 
is the sum of the load carrying contributions of all such 
elements and may be expressed by the summation: 











Fic. 1. Vertical force summation. 


W = 2),4A cos 8, [5] 


(if the bearing is a flat pad the cosine term drops out). 


C. FLOW REQUIREMENTS 


The flow of an incompressible fluid through a slot may 
be expressed as follows (6): 


hs 
Q = K,4p-- (6) 
io 
Assuming a constant film thickness and viscosity, 


Q = K,Ap. [7] 


By letting K, = 1/Ry, where Ry will be called the hydrau- 
lic resistance, we obtain 


Ap 
Q= Ru [8] 


The analogous equation for the flow of current through 
an electric conducting sheet is: 


=—& (9) 
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Rg being the electrical resistance. One can measure the 
electrical resistance of a conducting sheet model with a 
suitable instrument. 

The similarity between Equations [8] and [9] indicates 
that the electrical resistance is proportional to the hydraulic 
resistance, or 


Ry = K,Rs. [10] 


In other words, the flow may be determined from Equation 
[8] once the hydraulic resistance is determined from 
Equation [10]. 

The constant K, is easily established by selecting a slot 
configuration for which the solution of the flow equation is 
known. Such a shape is a simple slot of equal length and 
width. The equation that describes the flow of fluid through 
a section of a wide slot (6 > h) is (6): 


__ Apbhs 


If we assume a square element where 5 = / then 


Aph*® Ap 
. ee 12. 12y/h® [12] 
Ry for this shape is therefore 12u/h*, and if Rg is the re- 
sistance of a square of the conducting sheet, then from 
Equation [10]: 


12u 12p 


Substituting in Equation [10]: 


12p 
and from Equation [8]: 
Aph® Rs 


D. SCALE FACTORS 


To increase the accuracy of a plot and in general to make 
the task of plotting easier, it is usually desirable to draw the 
conducting sheet model to a larger scale than that of the 
actual bearing in question. It is, therefore, necessary to 
determine the effect of the model or scale factor. The effect 
of the scale factor is also needed when the results of an 
existing plot are to be employed to evaluate the properties 
of a bearing of the same proportions but of a different size. 

If the viscosity and film thickness are considered constant, 
Equation [3] takes the following form: 


Hp , 


aa t Ba =O. [16] 


If the scale is changed by a factor m then the following 
relationship exists between the coordinates of the model 
and the coordinates of the bearing. 


xX =" 
cm } [17] 


Writing Equation [16] in terms of coordinates in the model: 


Op Op 
Atay? * aay — ® sin 

Since n is a constant and a factor of both quantities on 
the left side of the equation, it may be eliminated thus 
yielding Equation [16]. We may draw the following con- 
clusion: 

The pressure at any point (x, y) in a hydrostatic bear- 
ing, is the same as the pressure at any point (X, Y) ina 
scale model of the bearing, where X = nx and Y = 
ny. (In other words both model and bearing have 
exactly the same pressure distribution in their re- 
spective scales.) 

Consider an element of fluid 4x by Ay and of area 4A in 
the film of a hydrostatic bearing (Fig. 2a). If the pressure 
at the center of this element, at the point (x, y), is p,», 
then the load carrying capacity of the bearing is the sum of 
the load carrying capacities of all such elements, and is by 
Equation [5]. 

W = p,,4A cos 6, 

If the dimensions of the bearing model are increased by a 
factor n (Fig. 2b) then the dimensions of all the elements 
are increased by the same factor. However, it has just been 


shown that the pressure at the point (X, Y) in the model is 
the same as the pressure at the point (x, y) in the original 


Skee 
o T 


* (x,y) ny 


by e (nx,ny) 
| (xjy) 


(o) AREA = (Ax)(dy)=AA (b) AREA = (nAx) (ndy) = n204 
Fic. 2. Effect of model factor. 





























bearing. The area of each element, however, is increased 
by the factor m? and the load carrying capacity of this model 
may be expressed by Equation [5] as 


W = Xp,n*4A cos 0,, = n*ZXp,,4A cos 0,,. [19] 


It follows then that: 
The load carrying capacity of a model of a hydro- 
static bearing is proportional to the square of the model 
factor. 
Consider the flow across the same element in the x direc- 
tion. From Equation [11] this may be expressed as 


_ Apa(Ay)h* 


Ie = 12n( Ax) r [20] 
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If the dimensions of the model are increased by a factor n 
and the size of each element is increased by this same factor, 
then flow across this element in the x direction may be 
expressed as: 


_ Ap,(nAy\h® — Ap, Ayh® 
qe 12u(ndx) 12x 





[21] 


Since it has been shown that the pressure distribution across 
the model is the same as across the bearing (in scale), it is 
seen that the flow in the x direction is unaffected by a 
change in the model factor. It may likewise be shown that 
the flow in the y direction is not affected by a change in the 
model factor. It is concluded that: 

The flow through a model of a hydrostatic bearing is 
independent of the model factor. 


Description of the plotter and its use 


Figure 3 shows the circuit of the plotter. A transformer- 
rectifier circuit supplies 6 volts d.c. across the potentiometer 
and the model. Electrical connection to the model is made 
through silver painted electrodes which correspond to the 
high pressure recess and the edge of the bearing. To assure 
good contact tinned copper wire is stapled to the painted 
electrodes. A precision potentiometer is used which indi- 
cates the percent of total voltage. The null detector is 


protected from excessive current by a pair of germanium 
diodes. 
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Fic. 3. Circuit of the electric analog field plotter. 





By placing the potentiometer and the model in parallel 
across the voltage supply, the effect of fluctuations in supply 
voltage is eliminated, since the voltage across the model and 
across the potentiometer vary together. With this circuit, 
the dial reading on the potentiometer will indicate percent 
of the supply voltage and be analogous to percent of the 
supply pressure. Therefore Equation [5] may be written as 
follows: 


W = Xmp,AA cos 0, = p,2mA4A cos 8,,. [22] 


To determine the percent pressure at any point of the 
model the exploring probe is placed at the point and the 
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potentiometer dial rotated until the null indicator shows no 
current flowing in the wiper circuit. 

To determine the load carrying capacity of a bearing, the 
paper model is divided into small areas. The size of these 
areas determines the accuracy of the experiment; that is, the 
more numerous the areas the greater the accuracy. The 
exploring probe is placed at the center of each area, and the 
bridge circuit brought to balance. The percent of supply 
voltage (pressure) at the center of each area is then indicated 
on the potentiometer dial. By tabulating these readings, the 
area in inches, and the cosine of the mean angle to these 
areas, one may numerically integrate the load carrying 
capacity of the entire bearing model. 

The electrical resistance may be determined by using a 
Wheatstone bridge or an ohmeter to measure the resistance 
across the model. 

Samples of the conducting sheet are cut from the roll 
adjacent to that portion of the roll from which the actual 
model was selected. These samples are made into squares 
across which the resistivity of the sheet is measured. Suffi- 
cient area must be allowed to paint silver electrodes on 
these samples so that the remaining portion is square. 

The average resistance of a square, and the resistance of 
the model, are substituted in Equation [15] which relates 
the supply pressure, flow, film thickness, and viscosity. 

Figure 4 shows the components of the electric analog 
field plotter used in these experiments. The straight lines on 
the model indicate constant increments of angle around the 








Fic. 4. The electric analog field. plotter, showing paper model 
(center), power supply and null indicator (upper left), Precision 
potentiometer (right), and exploring probe (lower left). 


journal. The curved lines are constant-pressure lines (iso- 
bars) at intervals of 10° of the supply pressure. 
Solution of a journal bearing? 


Figure 5 shows two views of a hydrostatic journal bear- 
ing for which the load carrying capacity, flow and film 





2 Initially, to determine the feasibility of this approach, this 
method was used to determine the flow, load carrying capacity and 
film thickness for a step bearing. The solution obtained from the 
analog was compared with the theoretical solution. The maximum 
deviation from the theoretical solution occurred in the determina- 
tion of flow by Equation (15) and the error was about 5%. 
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thickness are to be determined. (This is the bearing whose 
model is shown in Fig. 4.) 

A model factor of 5 was chosen to obtain a model size 
convenient to work with. Because the lines of symmetry 
of the full bearing are streamlines and since there is no flow 
across streamlines, only one-quarter of the bearing need 
be considered when constructing the electric-conducting 


model. 
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Fic. 5. Hydrostatic journal bearing. 


A developed view of one quadrant of the test bearing is 
laid out on electric-conducting paper as shown in Fig. 6. 
The vertical lines shown represent increments of equal 
angle. (In this case, an increment of 5° was chosen.) The 
horizontal lines arbitrarily divide the model into small areas 
which may be identified by numbers as shown in the 
figure. Since the load is to be applied normal to the bearing 
surfaces and directly over the high pressure recess, the angle 
@ is measured from the center line of the high pressure 
recess. The edge of the high pressure recess and the outer 
edge of the bearing are painted with silver paint approxi- 
mately $ inch in width and the wires attached. When the 
model is connected as shown in Fig. 4 the exploring prod is 
placed in the center of a given area and the potentiometer 


adjusted until a null is obtained on the meter. The percent 
of supply voltage (equal to the percent of supply pressure) 
is read from the dial of the calibrated potentiometer. 
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Fic. 6. Model of test bearing. 
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These data along with the other quantities required to 
evaluate Equation [22] are tabulated as shown in Table 1. 
The total of column six is 24.39. To account for all four 
quadrants of the bearing this value must be multiplied by 
four which gives 97.56 as the result for a full model. 
Recalling that this is a five-times scale model, according to 
Section D, 97.56 must be divided by 5? or 25 to determine 
the load carrying capacity of the actual bearing. This 
gives an end result of 


W = 3.90p,. [23] 


Next, the electrical resistance of the model is determined 
with a Wheatstone bridge. This was found for the one- 
quarter model to be 1178 ohms which means that for the 
entire model, the resistance is 


1178 
Rg = — 294.5 ohms. 


The resistivity of the electric-conducting paper must be 
determined next. Since there is some variation with and 
against the direction of the roll, it is desirable to measure the 
resistance across the paper in perpendicular directions, and 
average the results. Two 2 in. x 3 in. pieces of conducting 
paper are cut from the roll so that the 3 in. edge of one 
is parallel to the direction of the roll, the 3 in. edge of the 
other perpendicular. Silver electrodes } in. wide are painted 
along the 2 in. edge of these samples, thereby leaving a 
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TABLE 1 
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Numerical Integration of Load Carrying Capacity. 











m Area Om mA cos 8, |mAcos8,, 

Al 1.000 | 5.10 5° 5.1022 0.9962 5.8828 
A2 0.941 1.23 | 12.5 1.574 0.9763 1.5367 
A3 0.818 | 1.22 | 17.5 0.9980 0.9537 0.9518 
A4 0.707 — | 22.5 0.8625 0.9239 0.7967 
A5 0.604 — | 27.5 0.7369 0.8870 0.6536 
A6 0.502 — | 32,5 0.6124 0.8434 0.5165 
A7 0.403 — | 37.5 0.4917 0.7934 0.3901 
A8 0.312 — | 42.5 0.3806 0.7373 0.2806 
A9 0.219 — | 47.5 0.2672 0.6756 0.1805 
Al0 | 0.133 — 52.5 0.1663 0.6088 0.1012 
All | 0.044 — | 57.5 0.0536 0.5373 0.0288 
Bl 0.931 1.23 | 12.5 1,145 0.9763 1.1179 
B2 0.778 | 1.22 | 17.5 0.9492 0.9537 0.9052 
B3 0.655 — | 22.5 0.7991 0.9239 0.7383 
B4 0.555 — | 27.5 0.6771 0.8870 0.6006 
B5 0.455 — | 32.5 0.5551 0.8434 0.4682 
B6 0.368 — | 37.5 0.4440 0.7934 0.3523 
B7 0.282 — | 42.5 0.3440 0.7373 0.2536 
B8 0.198 — | 47.5 0.2416 0.6756 0.1632 
B9 0.119 — | 52.5 0.1452 0.6088 0.0884 
B10 | 0.040 — | 57.5 0.0488 0.5373 0.0262 
Cr, 0.774 | 0.095} 2.5 0.0735 0.9990 0.0734 
C2 0.777 | 1.05 7.5 0.8158 0.9914 0.8088 
C3 0.688 | 1.22 | 12.5 0.8394 0.9763 0.8195 
C4 0.595 —-| 17.5 0.7259 0.9537 0.6923 
C5 0.513 — | 22.5 0.6259 0.9239 0.5783 
C6 0.429 — | 27.5 0.5234 0.8870 0.4643 
C7 0.352 a 32.5 0.4294 0.8434 0.3622 
C8 0.285 — | 37.5 0.3477 0.7934 0.2759 
c9 0.220 — | 42.5 0.2684 0.7373 0.1979 
C10 | 0.155 — | 47.5 0.1891 0.6756 0.1278 
Cll | 0.094 — | 52.5 0.1147 0.6088 0.0698 
C12 | 0.032 oo 57.5 0.0390 0.5373 0.0210 
D1 0.411 | 1.22 2.5 0.5014 0.9990 0.5009 
D2 0.400 — 7.5 0.4880 0.9914 0.4838 
D3 0.373 — | 125 0.4551 0.9763 0.4443 
D4 0.351 — | 17.5 0.4282 0.9537 0.4084 
D5 0.303 — | 22.5 0.3697 0.9239 0.3416 
D6 0.258 — | 27.5 0.3148 0.8870 0.2792 
D7 0.218 — | 32.5 0.2660 0.8434 0.2243 
D8 0.177 — | 37.5 0.2159 0.7934 0.1713 
D9 0.137 — | 42.5 0.1617 0.7373 0.1232 
D10 | 0.097 — | 47.5 0.1183 0.6756 0.0799 
D11 | 0.059 — | 52.5 0.0720 0.6088 0.0438 
D12 | 0.019 — | 57.5 0.0232 0.5373 0.0125 
El 0.127 | 1.22 2.5 0.1549 0.9990 0.1547 
E2 0.125 —_ 7.5 0.1525 0.9914 0.1512 
E3 0.116 — | 12.5 0.1415 0.9763 0.1382 
E4 0.109 — | 17.5 0.1330 0.9537 0.1268 
E5 0.101 — | 22.5 0.1232 0.9239 0.1138 
E6 0.087 — | 27.5 0.1061 0.8870 0.0941 
E7 0.073 — | 32.5 0.0891 0.8434 0.0752 
E8 0.060 — | 37.5 0.0732 0.7934 0.0581 
E9 0.047 a 42.5 0.0573 0.7373 0.0422 
E10 | 0.032 — | 47.5 0.0390 0.6756 0.0263 
Ell | 0.020 — | 52.5 0.0244 0.6088 0.0148 
El2 | 0.006 — | 57.5 0.0073 0.5373 0.0039 

Total . . . 24.39 




















p,2m4A cos6,, = 24.39 p, 


2 in. x 2 in. square of unpainted conducting paper. The 
resistance across these squares is measured and averaged. 
For this model 


R, = 1687 ohms. 
Equation [15] may now be evaluated 
18 
QG= 0478 ee. [24] 


This completes the solution of the journal bearing, which 
may be summarized by Equations [23] and [24]. 


Experimental verification 


To verify the results of the previous section, four bearings 
were fabricated in accordance with Fig. 5. For the test the 
following conditions were imposed: 


Pp, = 3000 psi 
QO = 0.3 gallons/minute per bearing 
= 1.155 in*/sec 
p = 42.3 x 10-7 reyn (SAE-20 oil at 130°F). 


From Equation [23] the load carrying capacity is obtained: 
W = 3.90 (3000) = 11,700 lb. 


Solving Equation [24] for h gives the following result: 


1/3 
he (2.004=") 


8 


Substituting the conditions of test we obtain 
1/3 


) = 0.00152. 





ree 2.094 x 1.155 x 42.3 x 10-7 
Bins 3 x 108 


The shaft and bearings for the test were machined so as to 
give a radial clearance of 0.0015 in. Figure 7 shows two of 
these test bearings. Figure 8 shows the test bearings mounted 
in the loading press. Two bearings were used to load the 
shaft from the top, and two bearings at the bottom support 
the shaft. The film thickness was measured by means of a 
dial indicator (smallest division 0.0001 in.). Flow to each 
bearing was controlled by means of a pressure-compensated 
flow control valve? which was calibrated for the conditions 
of test so that the flow would be fixed closely at 0.3 gallons 
per minute. The load was applied to the bearings by a 
hydraulic loading system and the load indicated on a 
bourdon gage calibrated in pounds.* The oil temperature 
was maintained at 130°F at the exit of the bearing and as- 
sumed to be constant. The following is a tabulation of 
calculated data and results of the test. 





3 The use of pressure-compensated flow control valves in 
connection with hydrostatic bearings is the subject of another 
paper being prepared by the author. They have been found to be 
extremely useful in supplying several bearings from one pump. 
In connection with fully compensated hydrostatic bearings, the 
use of flow control valves results in a stiffer bearing than when 
these bearings are orifice- or capillary-compensated. 

4 This load was also checked on a universal test machine. 
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Fic. 7. Test bearing. 





Fic. 8. Test apparatus. 


Calculated Measured 
Supply Pressure (p,) 3000 psi 3000 psi (fixed) 
Flow (Q) 0.3 gpm 0.3 gpm (fixed) 
Load (W) 11,700 Ib/brg. 11,750 Ib/brg® 
Film thickness (h) 0.00152 in. 0.0014 to 0.0016 in®, 


Conclusions 


The method described in this paper presents a quick and 
inexpensive way to determine the characteristics of hydro- 
static bearings. Although limited theoretically to bearings 
of constant film thickness, it can with certain approxima- 
tions be applied to fitted or to fully compensated hydro- 
static bearings which have varying film thickness. One 
method of approximating constant film thickness is to 





5 This load was also checked on a universal test machine. 


® Readings of the film thickness were taken on both sides of the 
two top bearings. Readings could not be taken on the lower 
bearings because deflections in the lower plate and support 
structure were of the same order of magnitude as the film thick- 
ness. The self-aligning feature of the upper bearings made it 
possible for these bearings to align with the shaft. 


calculate the mean cubed film thickness, (h*),,, and to 
substitute this value for h* in Equation [15]. For a journal 
bearing, (h°),, would be 


{or (c + e cos 6)°dé 
ei we : 
(Me = aa [25] 

Present calculations by the author employing (h°),, have 
not as yet been verified experimentally. It should be noted 
that this expression (h*),, represents the mean cubed film 
thickness and not the mean film thickness cubed. This 
approach is not unlike that employed by Shaw and Macks (7) 
in their analysis of a fully compensated hydrostatic journal 
bearing. 

Probably the main contribution to error in evaluation of 
Equation [15] is the nonisotropic character of the conducting 
paper. In some instances, a variation of 10% was found 
when measuring the resistance with and against the direction 
of the roll. Variation from roll to roll, from section to sec- 
tion in the same roll, and even from day to day in the same 
sample was considerably more than would be expected. 
This makes it necessary to cut calibrating squares adjacent 
to each model and to read the resistance of the model and 
the calibrating squares on the same day. However, this 
difficulty notwithstanding, the method is quick, easy, and 
reasonably accurate. It is certainly an improvement over 
relaxation and mapping methods. The inherent variations 
in the resistivity of the paper do not seem to affect the 
calculations of the load-carrying capacity by Equation [5]. 
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APPENDIX 


Field plotter solutions for various thrust and journal bearings 


These figures show load and flow equations for various thrust and journal bearings, 
obtained by the use of the electric analog field plotter and the equations derived in this 
paper. The thrust bearings are flat pads and their dimensions are given in inches. 
Dimensions of the journal bearings are also in inches unless otherwise noted, and are 
given for only one quadrant for symmetrical models; the shapes shown are developed 
views of the curved surfaces. In all figures, the cross-hatched areas are the high-pressure 
recesses. 
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Some Mechanical Considerations in the Design of Large Thrust Bearings 
By R. A. BAUDRY!? and G. E. PETERSON? 


The modern thrust bearing is a very important part of the waterwheel generator, for it must 
support the weight of the rotating parts of the turbine and generator and the hydraulic thrust 
load. With the continuous increase in size of hydroelectric generating units, machines now are 
built with thrust loads well above 1000 tons and requiring bearings ten feet in diameter or 
larger. Continuous trouble-free operation for periods of twenty years or more are desired for the 
bearings of large hydroelectric units. 

Except during the starting period, the pivoted pad thrust bearing operates according to the 
well-known hydrodynamic theory of lubrication which permits the predetermination of its 
performance with reasonable accuracy. Alternating slipping between the thrust bearing runner 
and the supporting structure can result in excessive wear which destroy the accuracy of the 
bearing surfaces. Such wear can cause undesirable vibrations or damage to the bearing surface 
which prevents the formation of an adequate oil film. As a result of laboratory tests and 
experience in the field, it is now possible to make large thrust bearings with a supporting 
structure which will permit them to operate continuously for long periods of time with practically 





no wear or loss of adequacy. 


Introduction 


THE modern thrust bearing is a very important part of the 
waterwheel generator, for it must support the weight of the 
rotating parts of the generator and turbine and the hydraulic 
thrust loads encountered in these installations. Its develop- 
ment in this country has made possible the building of large 
capacity vertical waterwheel-driven generators (Fig. 1 and 
Fig. 2) effectively utilizing our hydraulic power resources. 

Except during the starting period the pivoted pad type 
thrust bearing operates according to the well-known hydro- 
dynamic theory of lubrication so that the bearing surfaces 
are completely separated by a film of oil. With an effective 
oil film between the bearing surfaces, wear is negligible, 
and under favorable conditions the bearing should operate 
indefinitely. It is not unusual to find the original machining 
marks still present on thrust bearing runners that have been 
in operation for over twenty years. 

With the continuous increase in size of hydroelectric 
generating units, machines now are built with thrust loads 
well above 2000 tons and requiring large thrust bearings 
ten feet in diameter or larger. The design, manufacture 
and operation of such large bearings have brought many new 
problems which have been solved successfully, a3 a result 
of many laboratory and field tests. 


Design requirements to obtain positive lubrication 


The basic hydrodynamic theory of lubrication was de- 
veloped many years ago (1, 2, 3, 4). Refinements are still 
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being made (5) and now it is possible to predetermine the 
normal performance of a thrust bearing with reasonable 
accuracy. 

However, the formation of the assumed hydrodynamic 
oil film in a thrust bearing is based on ideal conditions which 
it is necessary to approach in order to obtain satisfactory 
performance. 

Waterwheel generator units usually start with the rela- 
tively large weight of the rotating parts resting on the thrust 
bearing. During the starting period there is metal-to-metal 
contact between the bearing surfaces. The bearing is thus 
required to operate under extremely severe conditions and 
satisfactory performance necessitates the use of smooth 
rubbing surfaces and adequate bearing materials and lubri- 
cants (6). 

Some turbine oils contain additives which increase the 
oiliness characteristics of the oil and reduces appreciably 
the coefficient of friction during the starting period (7). 

The thrust bearing pads are usually lined with low tem- 
perature melting metal of the babbitt type which protects 
the thrust bearing runner from the scoring action of high 
spots resulting from machining variations or local high 
temperatures. Recent developments in heat treating for 
removal of hydrogen and ultrasonic quality control (8) 
insure that thrust bearing pads of the highest quality are 
used. 

In order to make it possible for the oil film to be estab- 
lished and maintained, an adequate and positive supply of 
oil must be provided during the starting period or normal 
operation. Usually thrust bearings for vertical waterwheel 
generators are completely immersed in an oil bath and 
depend upon rotational effect to circulate the oil. Turbu- 
lence can cause excessive mixing of air in the oil which may 
interfere with the normal formation of the oil film and 
result in difficulties. Much progress has been made in the 
design of seals which prevent aeration of the oil on large 


or high speed bearings (9). 
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Fic. 1. Vertical waterwheel generator with the thrust bearing above the rotor and two guide bearings. 





Fic. 2, Vertical waterwheel generator of the umbrella-type with a combined thrust and guide bearing below the rotor. 
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When machines have to be subjected to frequent starts 
it is sometimes the practice to establish an oil film before 
starting, by jacking up the rotor previous to starting or by 
injecting high pressure oil at the center of the thrust bear- 
ing pad (10). However, most operators prefer the simplicity 
of the plain thrust bearing which when properly designed 
and lubricated can be subjected to several thousands of 
starts without any damage to the bearing surfaces. 

In order to perform satisfactorily during the starting 
period and at normal speed the bearing surfaces must be 
made and supported in such a manner that the oil film will 
be promptly established and continuously maintained. On 
the large bearings it is very important to keep the distortion 
due to load and temperature gradient very small to provide 
uniform loading during the starting period and to keep the 
distortion of the bearing parts to a value which will not 
interfere with the normal formation of the oil film. These 
require a careful study of the various operating conditions 
and verification of the design criterion by tests in the field 
on large thrust bearings. Tests on thrust bearing models 
in the laboratory are usually of a limited value because of 
the very small load and thermal distortions which do not 
have an appreciable effect on the performance of a small 
bearing (11). 


Fastening of the thrust block to the shaft 


The load on the thrust bearing of a waterwheel generator 
is usually very steady. However, there are sometimes load 
pulsations originating in the waterwheel, such as surges 
in the draft tube or vibrations corresponding to the number 
of guiding vanes or turbine runner blades. These vibrations 
have usually negligible influence on the performance of the 
thrust bearing. 

In order to prevent vibrations, the thrust bearing must be 
adequately aligned and machined. The most common vibra- 
tion is caused by misalignment of the thrust bearing block 
and runner. On medium or high speed waterwheel genera- 
tors of the type shown on Fig. 1, such conditions can cause 
appreciable vibration in the supporting structure. The 
thrust block, shaft, and the thrust bearing runner, therefore, 
must be machined with a very high accuracy and fastened 
to the shaft in such a way that no slip or looseness is possible. 

One of the early methods of fastening the thrust block is 
shown on Fig. 3. The thrust block was pressed against a 
shoulder on the shaft by means of a large nut. With this 
type of assembly it was difficult to be certain that the run- 
ner was pressed against the shaft with a pressure higher 
than the thrust load. If it was not, the alignment of the 
thrust block was controlled by the threads of the shaft, and 
usually the bearing surface was not normal to the shaft. 
Cyclic slips at the threaded part between the nut and shaft 
resulted from this condition. Fretting corrosion wear 
occurred to such an extent that the threads were jammed 
by the large volume of iron oxide which was formed. Very 
frequently the nut had to be destroyed to permit its removal. 
In a few cases the misalignment was so serious that fracture 
of the shaft occurred. 

This trouble was corrected by the use of a thrust block 
fastened to the end of the shaft by means of high strength 


bolts, as shown on Fig. 4. In this design the bolts are 
expanded with an electric heater to facilitate tightening. 
The elastic expansion is measured with a depth gage. The 
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Fic. 3. Thrust block fastened to the shaft by means of a large nut. 
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Fic. 4. Thrust block fastened to the shaft by means of pre-stressed 
bolts. 


bolts are preloaded to approximately twice the maximum 
load on the thrust bearing. The fits between the thrust 
block and shaft are machined very accurately, the truth 
of the thrust bearing runner face is checked when assembled 
on the shaft in the shop while the bolts are prestretched to 
the normal value. With this method of fastening there is 
complete assurance that the thrust block will always be in 
contact with the end of the shaft and that it will always run 
true with respect to the shaft, thus eliminating positively 
any misalignment and consequent cyclic loading. This 
design has been found very successful. It was replaced later 
by the design shown in Fig. 5. where the preloading of the 
thrust block against the shaft end is obtained by means of 
flexible clamp bars which can be tightened to a given load 
and deflection. This operation can be done more easily 
and faster than the tightening of the bolts and is just as 
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effective. It has been very successful in eliminating loose 
or misaligned thrust blocks. 

Waves or other variations on the surface of the runner 
can excite vibrations of large amplitude when the natural 
frequency of the rotor and supporting bracket is in reson- 
ance with the number of pads times the number of revo- 
lutions per minute of the shaft. Waves in the surface of the 
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Fic. 5. Thrust block fastened to the shaft by means of flexible 
clamp bars. 








runner can be caused by inaccurate machining. However, 
this is very unlikely on modern machines which are manu- 
factured with equipment of the highest accuracy (6). The 
most common cause of wavy surface is due to uneven 
fretting corrosion between the upper face of the runner 
and the bottom of the thrust block as discussed later in this 
paper. This condition with the above described resonant 
condition accelerates the fretting corrosion wear until the 
vibrations reach a very large amplitude. Change of the 
number of pads has been very effective in some cases in 
eliminating the resonant conditions and fretting corrosion. 
On machines of the umbrella-type, shown in Fig. 2, the 
thrust block is forged integrally with the shaft and provides 
a rigid and true support for the runner. This design is 
provided with a split runner which requires very accurate 
machining and fitting of the split. 


Fretting corrosion wear 


The pressure distribution in the oil film above each pad 
is of parabolic shape, as shown in Fig. 6. Thus pressure 
waves of appreciable magnitude are produced on the thrust 
bearing runner, and at its contact with the thrust block. The 
design of the thrust bearing, runner material, thickness of 
the runner, and number of pads must be chosen so that 
the above pressure waves acting on the contact surface 
between the runner and thrust block will be attenuated so 
that the resulting interfacial slip will be very small, other- 
wise fretting corrosion will result. This type of fretting 


corrosion in a few cases has been sufficient after a few years 
of operation to cause relatively large uneven wear at the 
contact surface between the runner and thrust block. The 
resulting uneven variation in the surface of the runner was 
sufficient to cause load pulsations on the thrust bearing pads 
and fatigue failure of the babbitt. 
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Fig. 6. Oil film pressure distribution on pads and on thrust bearing 
runner at normal speed. 


In order to determine under which conditions fretting 
corrosion will occur, tests were first made in the research 
laboratory with various combinations of materials and 
lubricants. These tests showed that for a slip of 50 to 300 
microinches and pressures from 300 to 1200 psi, fretting 
corrosion always occurred between all combinations of 
metal surfaces and at best was only retarded by use of 
special lubricants (12). 

Another test made to simulate more closely conditions 
occurring on a thrust bearing was made with another test 
rig. This testing rig consisted of a steel disk which was 
alternatingly bent by a rotating two-pad thrust bearing. 
The upper part of the disk was supported by two stationary 
pads. The alternating bending of the disk caused cycling 
slips at the contact of the upper face and fretting corrosion 
discoloration developed even for slips having a value as 
small as 5 microinches, but no measurable metal wear 
occurred even after several million cycles. 

In order to determine the slip which could be tolerated 
in large bearings, a rotating model was built in which the 
tangential and radial slips between the runner and thrust 
block could be measured for various combination of 
runners and thrust pads. The cross-section view of this 
model is shown in Fig. 7. In the model, 50,000 small steel 
balls were used to represent the oil film. The oil film pres- 
sure distribution was simulated by individually adjusting 
the load on 648 coil springs. The spring load acted on a 
thin high strength sheet steel, which provided the rolling 
surface for the small steel balls. When the spring assembly 
was rotated, the steel balls transmitted a simulated oil film 
pressure wave to the runner surface. 

The relative radial and tangential slip was measured 
between the runner and the thrust block at several points, 
both at the outer diameter and at the inner diameter, by 
means of strain gages. With this model, it was demonstrated 
that increasing the number of thrust pads would reduce the 
slip and that a steel runner would have less slip than a cast 
iron runner. As an example, tests on a model of an eight shoe 
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thrust bearing with a cast iron runner, representing a thrust 
bearing which at the time had been in service 16 years 
without any indication of fretting corrosion, was found to 
have a tangential slip of 31 microinches. When the loading 
was changed to simulate 12 pads the tangential slip was 
reduced to 14 microinches. Then with a steel runner in- 
stead of cast iron, the tangential slip was further reduced to 
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Fic. 7. Cross-section of thrust bearing model used to produce and 
measure interfacial slip between runner and thrust block. 


5.2 microinches. The measured slips for these cases are 
shown in Fig. 8. These results could also be developed 
theoretically by considering the runner as a beam resting 
on an elastic foundation (13). As a result of these tests and 
theoretical calculations, it was concluded that increasing 
the number of pads and using steel runners instead of cast 
iron runners would reduce the interfacial slip to negligible 
values and make fretting corrosion very unlikely. 

The number of pads of a thrust bearing can be changed 
from 6 to 12 with relatively small change in the coefficient 
of friction and the oil film thickness. This is illustrated in 
Fig. 9 (3), for a bearing having a ratio of inner diameter and 
outer diameter of 0.5. Increasing the number of pads on a 
thrust bearing has the further advantage for large bearings, 
of reducing the weight of the pads to be handled during 
assembly and maintenance work. 

Accurate machining of the mating surfaces of the runner 
and thrust block is also a very important factor in eliminat- 
ing fretting corrosion. 





Fic. 8. Record of interfacial slip between runner and thrust block 
for 8 and 12 pad thrust bearing on cast iron runner and 6, 8, and 
12 pad thrust bearing on steel runner. 
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Fic. 9. Coefficient of friction and minimum oil film thickness of 
thrust bearing as a function of number of pads. 








Uniform loading of all thrust pads will reduce the magni- 
tude of the peak pressure wave on the runner (Fig. 6), and 
the resultant interfacial slip. Load equalization has been 
successfully obtained by two types of rigidly mounted 
jackscrews, where means for accurate measurement of 
jackscrew loading has been provided. 

In one method, resistance wire strain gages mounted in- 
side the jackscrew are used as shown in Fig. 10 and in the 
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Fic. 10. Jackscrew with calibrated strain gage to measure load on 
each pad. 
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Fic. 11. Calibrated flexible column to measure load on each pad. 


other, as shown in Fig. 11, the compression of a calibrated 
tubular column is measured by means of dial indicators. The 
use of the latter system has been applied extensively since 
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it offers a simple and rugged method of adjusting the load. 
The additional flexibility provided by the column reduces 
to a minimum any appreciable load pulsations on individual 
pads caused by the small waviness of the runner face which 
results from the small machining variation of the machined 
surfaces of the runner and thrust block assembly. 

In a vertical waterwheel generator, under the action of the 
large thrust load, the thrust bearing oil film is relatively 
thin and has a much larger spring constant than the sta- 
tionary supporting structure. When the pads are supported 
on individually adjustable jackscrews, the runner is there- 
fore maintained very effectively in the plane of the thrust 
pads. This feature is used with great advantage in umbrella- 
type waterwheel generators which are operating very satis- 
factorily with a single guide bearing placed at the periphery 
of the thrust bearing runner. An umbrella-type thrust 
bearing including these features is shown in Fig. 12. In 
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Fic. 12. Cross-section of modern umbrella-type thrust bearing with 
thrust block integrally forged with the shaft and calibrated columns 
to adjust the load on the pads. 


this bearing, the thrust block is forged integrally with the 
shaft thus providing a very rigid structure which has a 
minimum deflection under load, will run perfectly true 
and can be aligned very accurately. The tubular column 
jackscrew is used in order to provide ease and accuracy in 
the adjustment of loading between pads. This design has 
proven to be very successful in giving reliable, trouble-free 
bearing operation. 

Self equalized thrust bearings, where the loading between 
pads is automatically equalized have also been used with 
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good results. This type of bearing design is shown in Fig. 
13. With such a bearing it is not necessary to adjust the 
load on the pads and some operators feel that the time saved 
in reassembling a thrust bearing during maintenance is 
worth the additional complexity. When using a self 
equalized thrust bearing, the required stability of the 
rotating shaft is usually provided by adding a second guide 
bearing above the rotor. 
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Fic. 13. Self-equalizing thrust bearing. 
(a) The thrust load is carried by pivots ““A” and “‘B” fastened 
to thrust bearing base. 


Pivoted pad 1 is carried by spherical support 4 which is 
supported by equalized supporting plate 3. 


(c) Equalized supporting plate 3 is supported by pivot “A” 
and pivot “A” and pivots “‘C’”’ carried by equalized lever 2. 


(d) Lever 2 equalizes the reaction on all the pivoted pads. 
(e) Jackscrew is for setting the pads at the required elevation. 


(b 


~~ 


Summary 

Continuous trouble-free operation is desired for the 
bearings of large hydroelectric generating units. 

Alternating slips in the supporting structure of the thrust 
bearing runner and pads can result in excessive wear which 
destroys the accuracy of the bearing surfaces. Such wear 
can cause undesirable vibrations or damage to the bearing 
surfaces. 

As a result of laboratory tests and experience in the field, 
it is now possible to make large thrust bearings with a 
supporting structure which will permit them to operate 
continuously for long periods of time with practically no 
wear or loss of adequacy. 
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